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ABSTRACT

The past two decades witness the rapid expansion of high-speed rail. However, as the
rail service experiences a step-change increase in operating speeds, the vehicle vibration
response, especially in the lateral direction, become more important. The subject of
vibration mitigation for high-speed train has been under studied for many years. Modern
control theory and advanced actuator technology enables the train suspension to
consider a wide variety of innovative possibilities. More recently, magnetorheological
(MR) damper emerges as a promising semi-active actuator for vibration control for
high-speed trains. This research focuses on advanced secondary suspension for

high-speed train using MR dampers in the interest of lateral ride comfort improvement.

Firstly, an experimental study on incorporating MR damper in a secondary suspension
is conducted. The rail vehicle in tests is full-scale carriage of high-speed train CRH3
electric multiple unit (EMU). Three types of MR dampers with different control force
range are designed, fabricated, and incorporated into the EMU secondary suspension, to
account for the lateral vibration mitigation. The integrated vehicle is tested at speeds in
a wide range, with random track irregularities. The performance of the MR suspension
is tuned by a driven current switching between passive-off and passive-on states. The
dynamic behaviour of the integrated vehicle system and the ride comfort at each state is

evaluated, and thus the potential of the MR suspension is demonstrated.



Secondly, according to the previous rolling-vibration experiment results, a new type of
MR damper with more suitable control force range is selected to replace the lateral
damper of high-speed train secondary suspension. The dampers are equipped with strain
gauge for force sensing and LVDT for displacement motion sensing. The modelling of
the new dampers is conducted. A viscoelastic-plastic (VEP) based model which is only
current dependent is employed to represent the dynamic characteristics of the MR
dampers. However, the dynamics of the MR dampers obtained through a MTS test
system shows that the damper response is related not only to the applied current (or
magnetic strength), but to the frequency and displacement amplitude, or rather the
velocity amplitude. Therefore, an enhanced model that consists of ten parameters is
ultimately formulated to characterize the inherent nonlinear hysteresis of the MR
dampers. In addition, since the governing equations explicitly contain the applied
current to the damper, the inverse model which expresses the relationship between the
command current and the desired damper force can be devolved directly from the

forward model.

Thirdly, the effectiveness of negative stiffness superimposed with simple damping
models for vehicle vibration mitigation is interpreted by examining the negative
stiffness component incurred in the skyhook damping. The negative stiffness tends to
increase the damper motion, thereby facilitating the energy dissipation. Therefore, it is
straightforward to impose a negative stiffness component into a vehicle system in an
effort to mitigate the unwanted vibration of the car body. A negative stiffness with

viscous damping and friction damping is emulated by the MR damper respectively. It is



should be noted that, the MR damper is a semi-active device that cannot produce fully
active control forces. The lower force bound of the MR damper is identified, and then
compiled to the damper controller to emulate the unclipped negative stiffness and the
clipped negative stiffness, respectively. Then, a fifteen degree-of-freedom model for the
high-speed train EMU is established in MATLAB SIMULINK. The model consists of
four wheelsets and two trucks which are characterized by lateral and yaw motions
respectively, and a car body represented by lateral, yaw and roll motions. The model is
used to reproduce the lateral vibration response of the car body of the vehicle subjected
to the random track irregularities. Three suspensions, i.e., passive suspension with
existing hydraulic dampers, MR suspension with emulated negative stiffness with
viscous damping (NSV, or semi-active skyhook damping) and MR suspension with
emulated negative stiffness with friction damping (NSF), are integrated with the vehicle
model, and evaluated for the vibration mitigation performance. The simulation result
shows that, the suspensions with negative stiffness component show significant

capability in increasing damper motions.
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CHAPTER 1

INTRODUCTION

1.1 Research Background

High-speed railway now is busier than any time in the past. Many countries have built
or continue to invest in high-speed rail networks, and now high-speed rail is considered
as a viable option to improve the public transport service, taking people off from the air
and congested roads. The first modern high-speed rail Shikansen was built in Japan in
1964, which operated between Tokyo and Osaka at speeds of 210 km/h. So far, the
high-speed rail network in Japan has reached 2,616 km. In Europe, the extensive
high-speed rail networks deliver convenient and efficient intra-national transport service.
Moreover, the cross-boarder high-speed rail links connect several countries like France,
Germany, Italy, Switzerland and Britain etc., to enable passenger service that span the
continent. AGV Italo is currently the fastest operating train in Europe. It runs between
Napoli and Milano, with a commercial speed of 360 km/h. However, Britain plans a
new high-speed line HS2, from London to Birmingham. The train will operate at speeds
up to 560 km/h, faster than any current commercial speeds in Europe. More recently,
China is witnessing a surge in high-speed rail service. The first high-speed line,
Beijing-tianjing intercity rail, only began service in 2008. The operating line now in
China is over 19,000 km, more kilometers than any other country in the world. Amongst,

Beijing-Shanghai high-speed line is the longest high-speed corridor that was built in a
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one single phase, up to 1,318 km. Beijing-Guangzhou high-speed line is the world’s
longest high-speed line. The 2,298 km line runs between Beijing and Guangzhou, and
will eventually connect Hong Kong via Shenzhen. The general benefits of high-speed
train are well understood. It is capable of providing the step-change capacity, meeting
the long-term passenger and freight growth. Moreover, the high-speed rail brings cities
closer together, which is a catalyst to boost economic growth, and help to balance the
economy between cities. Although the cost of a high-speed line is huge, its impact to the
entire society knows no bound. It is believed that the current expansion of high-speed

rail is just a starting point.

Speed is the key to the high-speed rail revolution. The state-of-the-art rail system,
including vehicle structure, traction system, track, bed, and route etc., is to guarantee
that the train operates up to high-speed standard, and even much faster. It should be
noted that, as train speeds increase, problems of vehicle vibrations, particularly in the
lateral direction, become more vulnerable, posing risks of deteriorated ride quality,
vehicle stability and even safety issue. Isolation of vibrations transmitted from the
tracks is the essential task of the suspensions. Conventional suspension employs
dissipative elements to mitigate vibration from the vehicle structure. It is simple in
design, cost-effective, and reliable. However, passive solution usually fails to obtain
levels of dynamic performance encompassing high speeds, ride quality and vehicle
stability, since there are always trade-offs between these issues. The inherent limitations

of passive suspension stimulated more viable approaches, controllable suspensions.

Modern control theory and advanced technology of actuators and sensors make possible



the practical, high-integrity and sophisticated controlled suspensions for railway vehicle.
It has been only a few decades since the first full-scale demonstration of an actively
controlled suspension reported by British Rail Research in 1970s (Goodall et al. 1981).
Since then, railway industrial has experienced an explosive development from purely
passive system to deliberately controlled system. A great variety of tilting trains went
into service in 1980s, e.g., the Talgo Pendular in Spain, the APT in the UK, and the ETR
450 Pendolino in Italy (Iwnicki 2006). The first fully active secondary suspension using
hydraulic actuators for JR East series E2 and E3 Shinkansen trains (Tahara et al. 2003)
has been in service in Japan since 2001. The system has been upgraded to the
Shinkansen Fastech 360-S and 360-Z having an electro-magnetic active suspension and

a tilting system with a maximum tilt of 20 for passenger ride comfort (Hughes 2006).

Recently, semi-active suspension with magnetorheological damper (short for MR
damper) emerged as a promising alternative of fully active solution, since it is much less
demanding in power supply, more reliable and fail-safe, while the MR damper can
generate high and high bandwidth damper force and achieve dynamic performance that
closely approaches the active actuators. However, although increasing amounts of
semi-active suspension for railway vehicle have been reported in more recent years, the
impact is principally limited to numerically analysis and validation, whereas elsewhere,
the introduction of MR damper has made much more fundamental changes, such as in
automobile community (Choi et al 2001.), and in civil engineering field (Dyke et al.
1996). In view of that high-speed train is a one of the most complicated dynamic system,
which exhibits a variety of motions, i.e., translations, yaw, rolling and pitching, and

involves nonlinear wheel-rail interaction, in-depth insights into practical and
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high-integrity semi-active controller is vital, so as to maximize the suspension dynamic
performance by only controlling a subset of degrees of freedom. Among these, a few

important issues are highlighted as follows.

Nonlinear damper dynamics

Actuator is one of the most important elements for control system. High-speed rail saws
increasingly step-up actuation requirements, which progresses from hydraulic or
pneumatic, to electro-mechanical or electro-magnetic technologies (Bruni et al. 2007).
However, these advanced actuators usually exhibit certain nonlinear dynamics, such as
saturation and hysteresis. Among these, MR damper is a strongly nonlinear hysteretic
device, though its potential for control is profound. Adequate and efficient
representation of direct input/output relationship and its invert is very challenging, but
yet is implicitly crucial for system analysis and controller construction. Additionally,
MR damper is essentially a dissipative element that cannot produce active forces. And
abrupt clipping would result in energy spillover, and therefore excite nonlinear system

vibrations (Weber et al. 2010).

System nonlinearity

The interaction between wheel and rail introduces nonlinear dynamics to the rail vehicle
system, or uncertain changes in the system parameters. This effect would be magnified
when dealing with an accelerating train (Cheli and Corradi 2011). However, the control
of the vehicle system is usually formulated within the linear optimal control framework,
such as LQR (Zhao and Cao 2012) and LQG (Wang and Liao 2009a, b). The

nonlinearity or the uncertainty would largely compromise the suspension performance



and even endanger the vehicle stability (Zhao and Cao 2012).

Experimental demonstration

Even though the general benefit of controlled suspension for high-speed train is well
recognized, few of these have been applied in service operation, and there have not been
any experimental demonstrations of semi-active suspension for high-speed train
reported so far. An effective controlled suspension generally involves dampers with
sophisticatedly designed control force ranges, high frequency performance and

geometrical deployment (i.e., control subset), and highly integrated feedback network.

1.2 Research Objectives

This research program primarily focuses on the development of semi-active MR
suspension for high-speed trains. The specific objectives of this research are in what

follow.

(1) To conduct the full-scale demonstration experiment to verify the effectiveness of
MR suspension on vibration attenuation for high-speed trains using deliberately

designed MR dampers;

(2) To formulate the direct and inverse dynamic models of the developed MR damper. It
is desirable that the representation models are adequate and efficient for numerical

analysis and controller construction;

(3) To develop a semi-active system controller that is effective and robust for

high-speed trains negotiating on the random track irregularities;
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(4) To numerically validate the effectiveness of the proposed system controller on an

integrated full-scale high-speed train depicted by 15 degrees-of-freedom.

1.3 Thesis Organization

The thesis organized in six chapters. Each chapter is briefed as follows.

(1) Chapter 1 introduces the research background, and identifies the research objectives

to be solved in this research project.

(2) Chapter 2 primarily presents the state-of-the-art research dealt with MR damper
modeling and train control system. A brief introduction to the MR fluids and MR
devices is firstly presented, then followed by a detailed review on the direct and inverse
modeling of the MR damper, and the damper controller fabrication. Secondly, a concise
survey on the control system of railway vehicle is presented. Lastly, the control

methodologies for semi-active suspensions over the past decades are summarized.

(3) Chapter 3 summarizes the full-scale demonstration experiments on the MR
secondary suspension of high-speed train. Three types of MR dampers with different
force ranges are investigated, respectively. The experiment setup is briefly described,
including damper geometry and installation, sensor deployment and vehicle operations,
e.g. track irregularities and running speed levels. The dynamics of the passive-on
damper is then depicted. And the performance of the derived passive-on MR suspension

is finally assessed.

(4) Chapter 4 presents the methodology of modeling the forward and inverse dynamics
6



of the newly designed MR damper. Firstly, the forward dynamics of the MR damper is
described using an existing visco-elastic plastic based model. The model parameters are
minutely examined, and the effect of the current input and damper motions is identified.
Subsequently, the existing model is extended to take into account all these three factors

as variables. The inverse model is obtained by analytically solving the direct model.

(5) Chapter 5 presents the simulation study on the influence of negative stiffness
properties on vibration attenuation of high-speed trains. The emulated dynamics is
integrated into a full-scale high-speed rail EMU portrayed by fifteen degrees of freedom.
The vibration attenuation performance of the developed suspension is assessed

numerically.

(6) Chapter 6 summarizes the findings accomplished in this research program.



CHAPTER 2

LITERATURE REVIEW

2.1 MR fluids and MR devices

MR fluids are a kind of smart materials whose characteristics can be changed rapidly
and reversibly by an external magnetic field. The discovery of MR fluids dates back to
1940s (Rabinow 1948). The fluids consist of magnetically polarizable micron-sized
particles dispersed in a non-magnetic carrier liquid. In the presence of an applied
magnetic field, the fluids become a semi-solid, and exhibit the viscoplastic behavior.
The primary appeal of MR fluids is the capability to produce a high yield stress, up to
100 kPa (Weiss and Duclos 1994). Additionally, MR fluids can operate stably at
temperatures from -40 to 150 °C with only slight variations in the yield stress (Carlson
and Weiss 1994). It is insensitive to impurities (Jolly et al. 1999). Moreover, controlling
the MR fluids only requires a relatively low power supply, e.g., a battery of 12 to 24 V.
Owing to these significant potentials for mechatronic system, the MR fluid have
attracted considerable attentions, with major surveys presented by Ashour et al. (1996),
Spencer et al. (1997), Jolly et al. (1999), Wang and Gordaninejad (1999), Carlson and

Jolly (2000) and Choi et al. (2005), Wang and Liao (2011), etc.

The controllable MR devices can work in different modes, i.e., the flow mode (Carlson

et al. 1996; Wang and Gordaninejad 2000), the direct shear mode (Carlson and Jolly



2000; Werely et al. 2008), the combination of the two (Hong et al. 2008) and the
squeeze mode (Jolly and Carlson 1996; Wang et al. 2005a). Over the years, a number of
innovative devices on the basis of the MR fluids have been developed, for example, MR
brakes and MR clutches (Li and Du 2003; Kavlicoglu et al. 2007; Karakoc et al. 2008),
MR fluids seals (Kurdonski and Gorodkin 1996; Saito et al. 2006), MR valves (Ai et al.
2006; Hirani and Manjunatha 2007), active MR bearings (Agrawal et al. 2002;
Hesselbach and Abel-Keihack 2003), smart rehabilitation devices (Carlson et al. 2001;
Dong et al. 2006; Avraam et al. 2008), human prosthetic knees (Herr and Wilkenfeld
2003; Chen and Liao 2010; Gao et al. 2017) and MR dampers (Carlson et al. 1996;
Kelso and Gordaninejad 1999; Yang et al. 2002; Ciocanel et al. 2006; Choi and
Wereley 2009; Tu et al. 2011). Specially, MR dampers are emerging as popular
semi-active actuators for vibration control, such as buildings and bridges (Gordaninejad
et al. 2002; Loh et al. 2007; Aly et al. 2010; Rodriguez et al. 2012), automobiles (Choi
et al. 2000; Gopala Rao and Narayanan 2008), heavy trucks (Simon and Ahmadian
2001; Guglielmino 2005; Eslaminasab et al. 2007) and railway vehicles (Wang and Liao

2005, 2009a, b).

2.2 Modeling of MR damper

An effective dynamic model of MR damper is a key to the achievement of a practical
high-integrity semi-active control system. It is essential for system response prediction
and analysis, and control system design, establishment and implementation. In general,
MR damper modeling involves two aspects: forward model and inverse model. Forward

model is to predict the damper force according to the damper dynamics (i.e., the
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displacement and velocity across the damper) and the current input to the damper, while
the inverse model is to determine the current (or voltage) to the MR damper to track the
desired damper force according to the damper displacement and velocity. It is well
known that the MR damper is a strong nonlinear device. Additionally, its dynamic
behavior is dependent on not only the applied current level, but also the excitation
displacement and frequency amplitude. Therefore, the description model usually
involves sophisticated mathematical equations or/and too many model parameters to be
adopted. It is still a challenging task to establish an accurate model that fully captures
the nonlinear hysteresis exhibited by the MR damper, and yet is operation-friendly for
engineering application. The following sections summarize the MR damper models
developed over the last few decades. The content unfolds in two main categories:
forward modeling including parametric and non-parametric modeling, and inverse

modeling which also introduces the damper controller construction.

2.2.1 Forward models for MR damper

According to the methodology that proposes the characterization model, the forward
model can be categorized into parametric model and non-parametric model. The
parametric model is a combination of mechanical elements, such as springs and
dashpots. On the other hand, nonparametric model make use of polynomial
approximation or black-box modeling techniques, to represent the direct dynamics of

MR dampers.

2.2.1.1 Parametric models
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Bingham model based models

Stanway et al. (1987) proposed Bingham plastic model (simply Bingham model), which
only consists of a Coulomb friction element in parallel with a viscous damper, to
characterize the damping mechanism of electrorheological (ER) fluids, a counterpart of
MR fluids. Later Spencer et al. (1997) adopted it to portray the dynamic behavior of a
MR damper. Bingham model assumes that the MR fluid is rigid at the pre-yield state,
and it only accords with the viscous damping that the MR damper exhibits at the
post-yield state. Although the model can reasonably reproduce the force-displacement
trajectories of the MR damper, it fails to capture the damper hysteresis at the low
velocities, which is important for control applications. Gamota and Filisko (1991)
proposed an extended Bingham model for ER fluids characterization by connecting a
standard linear solid model in series with the Bingham model. Spencer et al. (1997)
applied it for MR damper modeling. The extended model can portray the hysteretic
behaviors of force-displacement and force-velocity trajectory well. However, the
governing ordinary differential equation is extremely stiff due to the Coulomb friction
element. It requires very small time steps to simulate the system, making it very

difficult to deal with numerically (Spencer et al. 1997).

Biviscous models

By assuming that the fluids is plastic in both the pre-yield and post-yield region,
Stanway et al. (1996) proposed a nonlinear biviscous model that uses the piecewise
linear function to fit the force-velocity hysteresis loop. Observing the distinct pre-yield
hysteresis of the force-velocity trajectories, Wereley et al. (1998) improved the

nonlinear biviscous model by shaping a hysteresis cycle in the pre-yield force-velocity
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trajectories. The extended model can adequately describe the nonlinear force-velocity
characteristics. However, it is inadequate for random oscillations since the piecewise
linear describing function is non-differentiable equations. Ang el al. (2004) proposed a
nonlinear hysteretic arctangent model by employing an arctangent function to

combining the linear describing equations of the pre-yield and post-yield regions.

Viscoelastic-plastic models

It is reported that, three distinct rheological regions in which the MR damper operates
can be identified as pre-yield, yield and post-yield (Gamota and Filisko 1991). By using
Kelvin chain element to represent the viscoelastic behavior over the pre-yield domain,
using current-dependent Coulomb force to represent the yield, using viscous damping to
represent the viscous behavior in the post-yield region, and paralleling the three together,
a viscoelastic-plastic model can be obtained (Pang et al. 1998). Li et al. (2000)
presented enhanced viscoelastic-plastic model for MR damper by serializing a
three-parameter solid model and a viscous damper. In particular, it introduced friction
force to the pre-yield damper force which results from the piston seal, and inertial
component to the post-yield force. While a work by Li et al. (2013) reported a
four-parameter viscoelastic-plastic model by serializing a Kelvin model and a viscous
damper, and using a tangent function as a transition, from which the salient dynamic
behavior of MR damper, such as pre-yield hysteresis width and inclination, yield force,

and post-yield viscosity, can be explicitly expressed.

Bouc-Wen model based models

In view of that Bouc-Wen hysteresis operator (Bouc 1971; Wen 1976) is capable of

12



representing a large class of hysteresis behavior (Ismail et al. 2009), Spencer et al.
(1997) paralleled it with a spring and a viscous damper for MR damper modeling. This
simple Bouc-Wen model can predicts the force-displacement behavior of the MR
damper well, but it is not able to describe the force-velocity roll-off effect in the yield
region due to bleed or blow-by of fluid between the piston and the cylinder (Spencer et
al. 1997). To better characterize the nonlinear hysteresis in this region, a modified
Bouc-Wen model (Spencer et al. 1997), also known as phenomenological model, was
proposed by serializing a dashpot with the simple Bouc-Wen model and then paralleling
a spring. In addition, the model parameters are formulated as a current-dependent linear
function so as to account for the fluctuating magnetic field strengths. Later, Yang et al.
(2002) enhanced the formulation as a third-order polynomial of the current input to
address the time-varying effect of the command current. To apply to a large-scale 20 ton
MR damper, Yang et al. (2004) improved the phenomenological model to take into
account the MR fluid stiction phenomenon and the inertial and shear thinning effects.
Dominguez et al. (2006a) introduced the frequency, amplitude and current as
independent variables to the simple Bouc-Wen model, to generate a more accurate and
generalized hysteresis model against varying excitation inputs. Ismail et al. (2009)
verified that the Bouc-Wen model was functionally redundant, and therefore proposed a
normalization scheme to reduce the number of the model parameters to be adapted. Bai
et al. (2015) introduced this scheme to the phenomenological model for the MR damper.
In their work, a modified phenomenological model was derived through model
normalization and reconstruction, which was more straightforward and explicit for

hysteretic dynamics characterization, computationally efficient, and yet maintained

13



adequate level of accuracy.

Dahl model based models

Dahl model (Dahl 1976) was developed to express the friction behavior of a control
system. Zhou et al. (2006) proposed a modified Dahl model to represent the MR
dampers. The obtained model can capture the force-velocity hysteresis in the low
velocity well. Besides it involves only eight parameters to be identified. Ikhouane and
Dyke (2007) reported a viscous Dahl model that consists of a Dahl hysteresis operator
and a dashpot in parallel, to model the shear mode MR dampers. Recognized as a
simplified version of Bouc-Wen model, the viscous Dahl model was applied to
small-scale MR damper modeling (Tsouroukdissian et al. 2009; Aguirre et al. 2010)

amd large-scale MR damper modeling (Aguirre et al. 2012).

LuGre model based models

LuGre hysteresis model (Canudas-de-Wit et al. 1995; Lischinsky et al. 1999) is capable
of capturing most of the friction behavior, including Stribeck effect, hysteresis and
stiction etc. The basic idea for MR damper behavior characterization using LuGre
hysteresis operator is that the MR particle chains are modeled as the brushes with
sticking and sliding against the damper housing. Jimenez and Alvarez-Icaza (2005)
proposed a modified LuGre model that consists of a current-dependent LuGre hysteresis
component and the linear spring and residual force due the damper accumulator, to
describe the MR damper dynamics. On the other hand, Sakai et al. (2003) and Terasawa
et al. (2004) reported a simplified LuGre model of MR damper and the accordingly

online estimation scheme for model parameters. The proposed method works for both
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the forward and the inverse modeling, but since the describing model ignores the
Stibeck effect given in the internal variable, the behavior of the damper at the low

velocities is not captured.

Hyperbolic tangent function based models

Modeling of MR damper can make use of hyperbolic tangent function. Guo et al. (2006)
serialized a Kelvin model with a hyperbolic tangent shape function, and then paralleled
another Kelvin model, to model the dynamic behavior of the MR damper. Kwok et al.
(2006) proposed a hyperbolic tangent function based model for MR damper, which
consists of a dashpot, a linear spring and a hyperbolic tangent function in parallel.
Owing to its purely algebraic expression, the model was much numerically convenient
and efficient. Due to its numerical stability, hyperbolic tangent model was adopted to
capture severe nonlinear behavior of large-scale MR damper. Bass and Christenson
(2007) proposed a hyperbolic tangent model to capture the salient dynamics of a
large-scale 200 kN MR damper. In their work, two sets of spring-dashpot elements
stimulated the pre-yield and post-yield viscoelastic behavior, respectively; an inertial
mass represented the MR fluids and piston, and connected to a Coulomb friction
element that was expressed in hyperbolic tangent form to resist motion. To fully capture
the time-varying effect of the command current for a large-scaled MR damper, Jiang
and Christenson (2012) formulated the model of the pulse-width modulated (PWM)
power amplifier which outputted current to damper and the model of the time varying
inductance of the damper coils and surrounding the MR fluids. The proposed models
were serialized with the hyperbolic tangent model by Bass and Christenson (2007), to

describe the dynamics of the 200 kN MR damper.
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2.3.1.2 Non-parametric models

Polynomial models

Choi et al. (2001b) identified two branches of force-velocity trajectories with the
positive accelerations and the negative accelerations, and then built a sixth order
polynomial function to fit the two branches respectively. The main challenge of this
model is that there are usually too many parameters to be adopted in the modeling
process, since at least fifth order polynomial is adequate to capture the hysteresis of the
MR damper. Since it is quite easy for implementation, this model has been widely
applied for MR damper modeling (Ubaidillah et al. 2011). Song et al. (2005) adopted a
series of numerically efficient mathematical functions to characterize the MR damper
dynamics, including a polynomial function to represent the saturation, a modified
hyperbolic tangent function to capture the transition of the MR damper from the
pre-yield region to the post-yield region, a nonlinear first-order filter to create the
hysteresis, and an offset function for the residual force due to the damper accumulator.
Metered et al. (2009, 2012) employed three-dimensional interpolation of Chebyshev
polynomial to model the MR damper dynamics with measured displacement, velocity

and input voltage.

Neural network models

Since the groundbreaking research in the 1950s (Von Neumann 1958), neural network
theory has formulated dozens of models for learning and adaptation, including feed
forward network, recurrent neural network, back propagation neural network, cellular

neural network, radial basis function, etc. In the past decades, it has demonstrated the
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excellent potential to support fundamental theoretical research and engineering
applications. Chang and Roschke (1998) represented the MR damper dynamics in terms
of a multilayer perceptron neural network. The model was trained by a Gauss-Newton
based Levenberg-Marquardt method, and optimized by an optimal brain surgeon
strategy. Wang and Liao (2001, 2005) trained a feed forward neural and a recurrent
neural network for the direct and inverse dynamic modeling of the MR damper. The
validation indicated that the recurrent neural network model can predict the damping
force accurately and generate the commanded current that closely tracks the desirable
control force. Du et al. (2006) represented the dynamic behaviors of the MR damper by
an evolving radial basis function network. The model was trained by combining the
genetic algorithms and other standard learning algorithms. Wang et al. (2009)
reproduced the force-displacement and force-velocity trajectories of the MR damper

using a back propagation neural network approach.

Although the neural network approaches have demonstrated their advantages in solving
nonlinear problems, most of the proposed neural network models were trained using
simulated data generated by the phenomenological model (Chang and Roschke 1998;
Wang and Liao 2001, 2005; Du et al. 2006; etc.), rather than experimental data, since
the system noise and knocking effect would make the training much more difficult.
Metered et al. (2010) trained the feed forward and recurrent neural networks to model
the forward and inverse dynamics of the MR damper using experimental data generated
through dynamic tests, and studied the effect of the surface temperature of the damper
cylinder on the damper dynamics. Bhowmik et al. (2013) presented a training scheme

for the feed-forward back-propagation neural network for a rotary MR damper
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modeling using experimental data. The training was done by a limited number of
harmonic displacement cases, and constant and half-sinusoidal current cases. Chen et al.
(2015) presented a NARX (nonlinear autoregressive with exogenous inputs) modeling
and neural network technique for the MR damper modeling using experimental data
generated under harmonic loading. The model was trained by the Bayesian regulation to

avoid the overfitting problem and improve the generalization.

Fuzzy-neural models

Fuzzy-neural theories are a combination of fuzzy logic theory and neural network
technique. Won and Sunwoo (2009) developed a fuzzy model for MR dampers by
characterizing their nonlinear behaviors as a linear system model in each operating
regime. Du and Zhang (2008) developed an evolving Takagi-Sugeno fuzzy model to
emulate the dynamics of an MR damper. Askari and Markazi (2010) obtained a similar
evolving Takagi-Sugeno fuzzy model of compact size and acceptable accuracy, by
which the rule structure, the input structure and the membership function parameters
can be optimized simultaneously. Ahn et al. (2009) proposed a self-tuning fuzzy
technique combined with neural network to on-line train the fuzzy parameters. The
result showed that, the modeling accuracy was significantly improved. Truong and Ahn
(2010, 2011) modeled MR damper dynamics using fuzzy-neural technique. In their
work, centre-average defuzzification architecture was employed to build the black-box
relationship between inputs, i.e., displacement/velocity and current and output (damper

force).
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2.3.2 Inverse dynamic models

The MR damper inverse model represents the relationship between the applied
current/voltage and the displacement and velocity across the damper and the damper
force. It is important for a control system, due to the fact that it is the applied
current/voltage to be directly commanded, rather than the force generated by the MR
damper. However, an accurate yet practical inverse model is always difficult, since the
MR damper is a highly nonlinear hysteretic device. The representation is usually
obtained by deriving from the forward model, or by soft computing techniques, such as

neural networks and fuzzy logic models.

2.3.2.1 Inverse function models

Inverse Bingham and piecewise models

Due to model simplicity, the inverse models of MR damper were often obtained by the
Bingham representation (Tsang et al. 2006; Reader et al. 2006). These kinds of inverse
models are generally not adequate for high performance control systems or for high
fidelity simulations, since they ignore the hysteresis dynamics in the pre-yield regions

or at low velocities.

Inverse Bouc-Wen models

Tsang et al. (2006) proposed a simplified inverse dynamic model for the MR damper
based on the Bouc-Wen hysteresis model, by formulating the MR fluid yield stress as an
exponential function of the applied current. This inverse model was inadequate in the
low velocities, since it neglected the pre-yield hysteresis of the damper behavior.
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Inverse model can also be obtained by normalized version of Bouc-Wen model (Ismail
et al. 2009). Bahar et al. (2009) performed the linearization scheme to the
current-dependent parameters of the normalized Bouc-Wen model. In this way, the
describing equations were linear in parameter, and thus inverse model was derived
directly. Qian et al. (2016) proposed a modified phenomenological model where the
damper force can be expressed by algebraic equations, in contrast to the
phenomenological model involving nonlinear differential equations. The field current
can be obtained directly by solving the governing equations. The developed model
illustrated excellent force tracking capability, however, one shortcoming was that it

required damper force feedback.

2.3.2.2 Soft computing models

The forward and inverse models of MR damper usually work as a pair. Therefore, only
not forward modeling, but inverse models of MR damper are of great interest in soft
computing community. Zong et al. (2012) represented the inverse behavior of the MR
damper by adaptive neuro-fuzzy inference system (ANFIS). The model was trained
using simulated data generated by phenomenological model. In the work by Bhowmik
et al. (2013), the feed-forward back-propagation neural network was trained using
experimental data to represent the forward and inverse dynamics of a rotary MR damper.
Although superior accuracy was illustrated in predicting the forward dynamics, for
inverse dynamics, significant local spikes occurred at zero-crossings of the velocity
because of the force knocking effect induced by the bearing plays of the damper rod

joints. It was indicated that, the neural network is quite sensitive to the high frequency
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signal components and hardly able to filter out those low frequency signal inputs

(Bhowmik et al. 2013).

2.3.2.3 Force feedback based controller

An accurate inverse model of MR damper is an effective tool to construct the damper
controller. However, the inverse dynamic behavior in terms of the control current is
usually difficult to obtain, due to its intrinsic nonlinear characteristics. Therefore, efforts
have been made to make use of external feedback to track the damper force. Dyke et al.
(1996) designed a Heaviside step function controller with force feedback for MR
damper for seismic response reduction. The commanded voltage switched between two
states: zero and the (allowable) maximum by comparing the measured damper force
with the desired one. Yoshida and Dyke (2004) enhanced the controller performance by
modifying the control voltage as a linear function of the optimal damper force. The
proposed scheme can avoid the high local accelerations induced by the large changes in
the forces generated by the damper. Liao and Wang (2003, 2009a,b) constructed a
signum function based force feedback controller that was also capable of continuously
varying current command. It was validated that the proposed controller can generate the
damper force that resembles the desired force. The force feedback controllers usually
require force sensor, which increases cost and complexity, and induces uncertainties to
control system. Truong and Ahn (2010, 2011) presented a novel closed-loop
self-sensing controller for MR dampers. In their work, a direct MR damper model
established by fuzzy-neural technique worked as a virtual force sensor, instead of a real

one, to feed back the damper force. Weber (2013) proposed a feed-forward force
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tracking scheme for a rotational MR damper. The scheme estimates the damper force by
the Bouc-Wen model, and compares the estimated force with the desired force to

determine the current input to the damper.

2.3 Train control system

The railway train runs along a track. Before dealing with dynamics of high-speed train,
it has to understand the irregularities of tracks. There are mainly two types of track
features, i.e., curve (also intended or deterministic track) and straight track (unintended
or indeterministic track). With respect to different track features, the railway vehicle
would exhibit different dynamic behaviors. However, the both tracks can introduce
significant vibrations to the car body, thus affecting what is perceived by the passengers
sitting or standing in the car body. The primary concern of the train suspension is to
attenuate these unwanted vibrations from the car body, meanwhile to obtain acceptable
levels of vehicle dynamic stability and wheel-track interaction etc. There are three
major mechanical sub-systems in railway vehicle control system to deal with the
mentioned track features, i.e., tilting suspension, secondary suspension, and primary

suspension, which are

2.3.1 Tilting trains

Tilting trains are now well recognized as an effective means to negotiate curve
(deterministic track) at higher speeds. The idea is quite straightforward that, tilting the

vehicle body inwards on the curve would reduce the large lateral acceleration that is
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perceived by the passenger in the car body. Early passive tilting trains solely relied on
the natural pendulum motions, which might cause safely issue, such as vehicle
overturning (Persson et al. 2009). Afterwards, active system was introduced, which has
become a standard railway technology worldwide (Goodall and Brown 2001). An active
system usually involves a tilt mechanism, mostly tilting bolster which is connected to
the bogie, and actuators installed between the bogie and the bolster, to generate the large
angles inwards. One type example is that, Swedish X2000 tiling train is able to provide
a maximum tilt up to 10° (Zhou et al. 2011). There are also studies of limited angle
tilting without bolster. Sumitomo, a new airport express in Nagoya, is able to give a 2°
tilt using the airsprings alone (Shinoda et al. 2003). FlexCompact produced by
Bombardier employs an active anti-roll bar to provide a larger tilt angle of around 4°

(Jakob 2007).

The control objective of tilting is to improve the vehicle response (i.e., roll motion) to
the deterministic track inputs, i.e., the curves, without affecting the ride comfort (i.e.,
lateral) on the straight tracks, i.e., the random track irregularities. They are usually two
separate objectives in a railway vehicle, one for tilting suspension and the other for
secondary suspension. More recent studies reported the possibilities of incorporating the
two together. In the work by Zhou et al. (2011), the tilting suspension was combined
with lateral centering device and semi-active damper as an integration to fulfill the two
objectives. Another trend for tilting train development is an entirely feed-forward
control concept, where the tilting action is commanded by feeding the vehicles with
track information from a track database just before the train enters the curves (Hauser

2006; Zamzuri et al. 2006), in contract to the common tilt train, which signals the tilting
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action according to the accelerometer mounted on a non-tilting part of the bogie.
However, the accurate positioning of the rail vehicle along the track and the reliable

track database are still challenging.

2.3.2 Secondary suspensions

In contrast to tilting suspension which concerns the ride quality on curve transition,
secondary suspension focuses on the straight-track ride comfort (i.e., random track
irregularities). Additionally, it is also used to support the car body mass in the vertical

direction, and the quasi-static curving force in the lateral direction.

The secondary suspension comprises of airsprings and dampers in the longitudinal,
vertical and lateral directions, accounting for the vertical and lateral vibrations explicitly
and the yaw and pitch motion implicitly. It was convinced that, the vertical ride comfort
is less of a problem since the introduction of self-leveling airsprings in the 1960-70s
(Bruni et al. 2007), which are themselves a kind of active suspension. Recent studies
related to controlling car body flexible modes revealed that, the car body elastic
vibration, particularly the first bending mode, becomes a problem for light-weight
vehicles, e.g., Shikansen vehicles in Japan, which are designed as light-weight as
possible to achieve high operating speed (Sugahara et al. 2011). The experimental
research projects on Japanese Shikansen reported the uses of variable axle dampers in
conjunction with a LQG controller to selectively suppress the first bending mode

vibration of the car body (Sugahara et al. 2008, 2011).

Secondary suspension design is commonly more difficult in the lateral direction, since
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there is strong coupling between the lateral and yaw motions. The first full-scale
demonstration of an actively controlled lateral secondary suspension was reported by
British Rail Research in 1970s, which claimed that, up to 40-50% reduction in
root-mean-square (RMS) acceleration of car body was reliably achieved (Goodall et al.
1981). Afterwards, different forms of active secondary suspension were investigated,
e.g., the electro-mechanically controlled system for French TGVs which focuses on
centering of the car body (Briginshaw 2000), the pneumatic control system for JR East
series E2 and E3 Shikansen trains which provides improved performance of the yaw
and roll motions of the car body (Tahara et al. 2003), and the electro-magnetic control
system for Shikansen Fastech 360-S (Hughes 2006). Semi-actively controlled system
emerges as a simpler solution, which is capable of comparable performance without
needing a large amount of power supply, as described by the demonstration research
(Stribersky et al. 1998). Taking advantage of the innovative technology of semi-active
actuators such as ER and MR dampers, semi-active suspension has attached
considerable attentions recently (Choi et al. 2001; Liao and Wang 2005, 2009a, b).
Another trend for secondary suspension development relates to the control of multiple
vibrating modes, as demonstrated by the RailCab system, which involves tilt and fully
active secondary suspension to obtain the performance improvement less sensitive to
track irregularities (Liu-Henke et al. 2002), and the integrated tilting and lateral

secondary suspension as mentioned previously (Zhou et al, 2011).

2.3.3 Primary suspension

Primary suspension deals with controlling the vehicle running behavior, i.e., stability
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and guidance, induced by wheel-rail contact. The basic unit of a vehicle primary
suspension is wheelset. And thus, the different control challenges of primary suspension
are unfolded with respect to the different wheelset types, i.e., solid axle wheelset (SAW)
and independently rotating wheels (IRW). The traditional wheelset of today is solid axle
wheelset, which has self-steering ability, but is inherently unstable and requires
stabilization control. Especially at sufficiently high running speeds, self-excited hunting
motion would occur, which might lead to safety issues, such as derailment or vehicle
body overturning. Shen and Goodall (1997) proposed an actively controlled concept —
actuated solid wheelset (ASW), for the closed-loop control of the solid axle wheelsets to
improve the vehicle stability and curving performance. The control action can be
realized either by a lateral force or yaw actuation upon the solid axle. Later, it was
illustrated by Mei and Goodall (1999), the yaw actuation is superior to the lateral
actuation, since it requires a lower control force to achieve the same level of stability
and the better ride experience. Tanifuji et al. (2003) proposed two methods to enhance
the running stability of ASW, i.e., by adding a feedback of wheelset lateral velocity, or
by giving some time delay to the control force. Additionally, there are also yaw
dampers for stability control, also called Secondary Yaw Control (SYC), which are
installed at the secondary suspension level in the longitudinal direction, imposing a yaw

torque indirectly, to resist the hunting motion (Diana et al. 2002).

Independently rotating wheelset (IRW) removes the rotational constraint between the
two wheels on the axle, therefore there is no longitudinal creep force on the wheels, and
stability is less of a problem in this case. On the other hand, guidance and steering

control becomes a major issue. In general, there are three control configurations for
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IRW, which are actuated independently rotating wheel (AIRW), driven independently
rotating wheel (DIRW), and directly steered wheels (DSW). The concept AIRW was
introduced by Mei and Goodall (1999), considering the lateral or yaw actuation in the
form of a steering torque applied on the axle. Gretzschel and Bose (1999, 2002)
presented the mechatronic  wheelset concept DIRW  with regard to
high-speed/long-distance vehicles, where a relative torque interacting with the relative
rotation of the wheels is applied to the wheels of the axles. This configuration not only
provides marked steering performance without increasing friction, but ensures vehicle
stability at high speeds. Aknin et al. (1991) first introduced the concept of DSW, where
a pair of IRWs is actively steered to achieve guidance and curving. Wicken (1994)
integrated the DSW to the railway vehicle and conducted the stability analysis, in which
the DSW was guided by using feedback on lateral wheel/rail displacement. The result
demonstrated the excellent steering performance together with dynamic stability at high

speeds.

2.4 Vibration control of secondary suspension

Secondary suspension, which is composed of springs and dampers, connects vehicle car
body and bogie. It is primarily concerned with the passenger ride quality for train
vehicle associated with the indeterministic track, i.e., the straight track with stochastic
irregularities, in contrast to tilting suspension which focuses on the ride comfort from
the viewpoint of the deterministic curving, and primary suspension which deals with the
stability and guidance. However, as mentioned in the last section, whereas controlled

technologies are here to stay for practical implementation of both tilting and primary
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suspension, it is much less widely in service operation for controllable secondary
suspension. It is also noteworthy that, vibration control for secondary suspension in the
lateral direction is much more important than that in the vertical direction, since the
airsprings installed between are themselves self-leveling devices that actively perform
according to the vertical motion of the car body, while the lateral deployed hydraulic
dampers are essentially passive components that are solely effective in terms of a

narrow frequency bandwidth.

Robust and reliable actuators and their accompanying control strategies are still under
development. According to structural control concept, strategies for suppressing vehicle

vibration can be categorized into passive control, active control and semi-active control.

2.4.1 Passive system

Passive systems are the most common type of suspensions, which use passive elements
(i.e., springs and dampers) between the car body and bogie (secondary suspension) and
between the bogie and axles (primary suspension) to support the car body and isolate
the vibrations from the tracks. The development of the passive suspension has been
focused on the optimal design of the railway vehicle suspensions according to design
objectives such as suspension maximum stroke, natural frequency of vehicle, and
acceleration of car body and so on (Mastinu and Gobbi 2001). Moreover, the suspension
optimization is usually difficult, since there are usually conflicting objectives, for
example, the compromise between the ride quality design involving car body frequency

and acceleration and the suspension compactness involving suspension deflection.
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To date, the development of passive suspensions has been moving forward to some
extent due to recent advances on computing techniques and application of mechanical
devices. For example, introduction of soft computing theory enabled those conflicting
objectives formulated and solved in one search space. Shieh et al. (2005) developed a
constrained multi-objective evolution algorithm for the optimal design of a light rail
vehicle suspension, so as to attain the best compromise between the car body
acceleration (i.e., ride comfort) and the suspension deflection (i.e., suspension
compactness). On the other hand, great effort has been made on the performance
improvement of the passive components. Jiang et al. (2012) incorporated a newly
developed mechanical device, the inerter, into the railway vehicle suspension, which has
the properties that the force is proportional to the relative acceleration. The constructed
suspension can provide more favorable performance of car body ride comfort as well as
lateral vehicle response to curving, compared with the traditional passive suspension
only with spring and damper. A stability study (Wang et al. 2012) on a 28-DOF
full-train system with inerters also demonstrated the significant benefits of the
incorporated devices to the critical speed, settling time and passenger ride comfort.
However, it should be noted that, the input/output relationship of the captured passive
system still depends on the system properties, such as masses, springs, dampers and
geometrical arrangement, and it cannot be changed once the system is determined. In
this sense, the passive system usually fails to obtain the multiple performance in one
ride, which encompasses high speeds, ride quality and dynamic stability, because there
are always trade-offs between various such others, e.g., the trade-off between the

straight track ride quality and the curve performance. This intrinsic problem for rail
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vehicle, especially in nowadays high-speed transportation, has motivated research

towards controllable solutions.

2.4.2 Active control

Actively controlled suspension is able to provide encompassed performance that is not
possible with purely passive system in one ride, e.g., facilitating high speeds, improving
passenger ride comfort and enhancing vehicle dynamic stability despite difficult track
condition. The dynamic performance of active system strongly relies on the
configuration of actuators, feedback systems, and the accompanying control strategies.
The past few decades have witnessed the tremendous progress in railway vehicle active
suspension, in terms of not only the development of modern control theory, but the
advances on innovative actuator technology, such as hydraulic actuators (Shimamune
and Tanifuji 1995; Foo and Goodall 2000), electro-mechanical actuators (Goodall 1997,
Kjellgvist et al. 2001), electro-magnetic actuators (Goodall et al. 1993; Foo and Goodall
2000), servo-pneumatic actuators (Hirata et al. 1995; Norinao 1997; Sammier et al.
2000), etc. These active actuators are deployed laterally in secondary suspension of
railway vehicle, to effectively suppress the translation and yaw modes of the car body
which would greatly influence the passenger ride quality. It should be noted that, the
rolling motion of the car body, as the response to the lower frequency deterministic
track irregularities, is principally mitigated by the tilting action of the vehicle. The
active actuators can replace the passive dampers to construct a fully active system.
However, that would introduce stability problem due to the active forces directly

imposed onto the vehicle, and even safety issue, especially in the event of actuator
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failure. Therefore, it is more beneficial to combine the active components with the
passive components as a group to work together. The configuration could be fitting in

parallel or in series (Bruni et al. 2007).

On the other hand, investigations on active control strategies for railway vehicle have
also been considerably undertaken. Over the year, the outcomes greatly help address the
fundamental problems of actively controlled secondary suspension, for example, to
maintain the low-frequency characteristics of the car body, and yet to attenuate the
high-frequency vibrations transmitted from the track irregularities, so as to improve the
ride experience of the passenger standing or sitting in the car body (Thompson 1976;
Hedrick 1981). And to date, some of the active control technologies have become part
of high-speed trains in service, e.g., Shinkansen trains in Japan (Tahara et al. 2003;

Hughes 20006).

There are a variety of control techniques for active suspensions for railway vehicle and
automobiles so far. The early investigation on active control of vehicle suspension
started with skyhook control by Karnopp (1983, 1995). It is well recognized that, the
use of skyhook damping is a simple but effective tool in suppressing the absolute
vibrations of the car body. However, skyhook damping can radically increase the
suspension motions. In view of this, many work have been conducted to improve the
control law in some manner. Novak and Valasek (1996) proposed groundhook control
to decrease the suspension dynamics and improve the vehicle stability. However, it
would considerably increase the car body dynamics. Afterwards, hybrid control

(Ahmandian and Simon 2002; Ahmandian and Vahadi 2006) reported a compromise
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between skyhook control and groundhook control. Li and. Goodall (1999) improved the
skyhook controller by filtering out the absolute velocity which is associated with
deterministic track. The described active secondary suspension exhibited a better ride

comfort in terms of both straight track and curve in a run.

The designs of active suspension were often approached from optimal control theory.
Raju and Narayanan (1991) designed a linear quadratic Gaussian (LQG) controller with
limited state feedback to actively control the non-stationary response of a 2-DOF
vehicle model. Elmadany and Abduljabbar (1999) presented a LQG controller with a
Kalman filter estimator in frequency domain for a quarter car. Later, Elmadany and
Al-Majed (2001) presented the linear quadratic regulator (LQR) controller with

full-state feedback for a full vehicle suspension.

Yoshimura et al. (1993) described an active suspension with preview for a 3-DOF rail
vehicle (i.e., bounce, roll and pitch modes). The active control was determined by using
stochastic optimal theory and with measurement of the vehicle body velocities and the
irregular track inputs at the preview locations. Metin and Guclu (2010) presented a
comparative study on fuzzy logic and PID actively controlled suspension of an
11-degree-of-freedom rail vehicle. The simulation verified that the fuzzy logic
suspension was more effective and efficient, generating less control force and yet
deriving better vibration suppression performance. Sezer and Atalay (2011a, b)
designed a fuzzy logic controller for the active secondary suspension of a full-scale
54-DOF railway vehicle model subjected to different track irregularities (i.e., sinusoidal

and random), to suppress the vertical and lateral vibrations of the car body.
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2.4.3 Semi-active control

Semi-active control is halfway between passive and active suspensions. Semi-active
control varies rapidly the properties of a tunable passive element according to the
measurements of variables within the vehicle system. It is relatively simple to
implement, and less demanding in power supply, but the performance is usually not as
significant as fully active suspension, since it somehow just provide energy-dissipating
force. Tremendous strikes have been made on effective strategy development that

approach actively controlled system.

Skyhook control

Since great success and potential of skyhook control for vibration suppression have
been demonstrated in active suspensions, research interest has been given to that respect.
Karnopp et al. (1974) firstly introduced semi-active skyhook damping to automobile for
ride comfort improvement. It was shown that, semi-active solution can achieve the
performance comparable to that of fully active vibration control systems. Stribersky et
al. (1998) presented the pioneer research on the semi-active damping system for a
high-speed train (operating speed 250 km/h). In their work, the orifice hydraulic
dampers were integrated into the rail vehicle and continuously controlled by the
semi-active skyhook controller. Both the numerical and experimental validation showed
the great potential of the semi-active suspension for vehicle ride quality improvement.
Heo and Park (2000) proposed a modified skyhook control for a semi-actively
controlled suspension, with which ride comfort is significantly upgraded while

maintaining a certain level of vehicle safety. Choi et al. (2001a) conducted an
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experimental study on a semi-active ER suspension with skyhook controller for a
passenger car. The field test illustrated the improvement of the ride comfort as well as
the steering stability in the vertical direction. Reader et al. (2009) improved the
performance of the semi-active skyhook control for a quarter car, by incorporating a
modified controller of MR damper that enables the precise force tracking. Sun et al.
(2013) found that, the secondary suspension has a great effect on vehicle stability. They
tuned the MR dampers within the secondary suspension on the basis of the skyhook

control, to improve the critical speeds of a high-speed train.

Linear optimal control

Liao and Wang (2003) investigated a semi-active MR suspension accounting for the
vertical vibration suppression of a 9-degree-of-freedom railway vehicle of. In their
study, LQG control with the acceleration feedback was adopted to determine the
optimal damper force, and a signum function based damper controller was established
to command the voltage to the damper. Later, Liao and Wang (2009a, b) extended the
study to account for the lateral dynamics control of a full-scale railway vehicle of
17-degree-of-freedom. The evaluation indicated that, the semi-active suspension was
beneficial for car body vibration attenuation, although it also resulted in the increase in
accelerations of the bogie to some extent. Zhao and Cao (2012) conducted a simulation
study on the lateral stability of a nonlinear Cooperrider bogie. The bogie was controlled
by the LQR and clipped LQR law to enhance the critical speed of the vehicle,
respectively. Both the controlled bogie illustrated superior performance, compare to the

uncontrolled one.
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Robust control

Owing to its inherent robustness against system uncertainties, H-infinity controller has
been substantially applied for structural vibration control. In the work by Choi et al.
(2002), an H-infinity controller was constructed for a full vehicle suspension which was
equipped with four independent MR dampers incorporating a Bingham model.
Particularly, the sprung mass of the vehicle (the car body) was treated as uncertain
parameter. Shin et al. (2014) performed the numerical and experimental research on
railway vehicle secondary suspension with MR damper. In their work, H-infinity
control was applied to suppress the car body yaw mode. The weighting function was
determined by repeated analysis so as to improve the vibration attenuation performance
of car body and while attained certain level of vehicle stability of bogie. The control

performance was verified by the scaled rig test on a half vehicle.

Soft computing techniques

To enhance the effect of PID control, Yang et al. (2011) trained the system performance
of a quarter car by using back-propagation neural network. In their work, the
coefficients of the proportional, integral and differential components were optimized to
obtain the best combination of the three. Bakar et al. (2011a, b) proposed a fuzzy
semi-active damping force estimator for vehicle ride comfort improvement. Ubaidillah
et al. (2011) constructed a skyhook-based fuzzy logic controller for a semi-active
quarter car. In contrast to the conventional skyhook damping, the controller identified
four cases of motions that the car body and suspension occurs, and determined the
outputting damping accordingly. Both the simulation and experiment verified that the

fuzzy logic controller outperformed the on-off and continuous skyhook controller.
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2.4.4 Negative stiffness

Application of negative stiffness provides innovative insight into vibration reduction
strategies. Several novel negative stiffness devices were designed and fabricated.
Carrella et al. (2007, 2008) reported a quasi-zero-stiffness mechanism which can be
attached to lower the natural frequency of the system. Le and Ahn (2011, 2013)
proposed a vibration isolation system with a negative stiffness structure for driver seats
in low frequency vibration conditions. The experimental investigation showed that the
resonance phenomenon almost didn’t occur. Later, they conducted a comparative
investigation of an active pneumatic vibration isolation system for a vehicle seat with
and without negative stiffness structures (2014). It was validated that, the isolation
effectiveness of the active system with negative stiffness structure was better than that
of the one without the proposed structure. Fulcher et al. (2014) investigated the negative
stiffness behavior of a buckled beam mechanism for passive vibration and shock

isolation systems.

Semi-active control devices for negative stiffness have been investigated. lemura and
Pradono (2009) found the negative stiffness characteristics within skyhook algorithm,
and proposed pseudo-negative-stiffness semi-active dampers for seismic response.
Hogberg (2011) introduced the equivalent negative stiffness to buildings vibration
suppression. The equivalent negative stiffness was generated by MR damper. The
results demonstrated a potential increase in damping efficiency with negative stiffness.
Weber et al. (2011) presented an innovative tuned mass damper for cable control with

positive/negative stiffness. Weber (2014a) proposed a semi-active vibration absorber to
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reset the stiffness properties of the structure. Later, Weber (2014b) realized the
emulation of negative stiffness by real-time controlled MR damper. Yang et al. (2014)
proposed a novel magnetorheological elastomer isolator with negative changing

stiffness for automobile suspension.
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CHAPTER 33

AN EXPERIMENTAL STUDY ON MR SECONDARY
SUSPENSION FOR HIGH-SPEED TRAIN FOR RIDE
COMFORT IMPROVEMENT

3.1 Introduction

The past few decades have witnessed the tremendous development of high-speed train
worldwide. However, as the train speeds increase, the problem of passenger ride
comfort, particularly in the lateral direction, becomes more vulnerable to track
irregularities. Advanced suspensions have been under investigated for mitigating
vibration from train carriage for many decades. The passive suspension is here to stay
(Fujimoto et al. 1996; Shieh et al. 2005; Jiang et al. 2012). However, its dynamic
performance is solely dependent on the inherent dynamic characteristics, and thus it
cannot provide satisfactory performance over the whole range of working conditions.
The active suspension (Hedrick and Wormley 1975; Goodall and Kortum 1983; Goodall
1997, 2011; Bruni et al. 2007) is capable of obtaining levels of dynamic performance
encompassing high speeds, passenger ride comfort and vehicle stability, etc. However, it
usually requires a substantial amount of energy and advanced actuators of high
frequency performance (Bruni et al. 2007), which indicates a complicated and costly
system with large power consumption and corresponding reliability issues. Thus, it is

usually limited in service. MR suspension utilizes MR dampers instead of active
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component to construct controllable suspension. The incorporated MR dampers are able
to vary their dynamic characteristics in a wide range, and to response continuously,
rapidly and reversibly by a driven voltage or current (Carlson et al. 1996; Spencer et al.
1997; Or et al. 2008; Yazid et al. 2014; Chen et al. 2015; EI Wahed and Balkhoyor
2015). Due to their higher reliability, less demand in power consumption and potentially
superior performance, MR suspension is emerging as a future trend for high-speed
trains (Wang and Liao 2009a, b; Hudha et al. 2011; Sun et al. 2013). Yet, whereas in
automobile community — analogue of railway industrial, the introduction of MR
dampers has made much more fundamental changes in operation, the MR suspension
for high-speed trains is still the pioneer research whose effectiveness is illustrated

principally by theoretical study.

This chapter presents an experimental study on incorporating MR dampers in a
secondary suspension in an effort to improve the lateral ride comfort of high-speed
trains. The rail vehicle in tests is full-scale carriage of CRH3 electric multiple unit
(EMU) high-speed train. Three types of MR dampers with different control ranges are
designed, fabricated, and incorporated into the carriage secondary suspensions. The
integrated system runs on a roller rig at speeds in a wide range and with random track
irregularities. The performance of the MR suspension is tuned by a driven current
switching among passive-off and passive-on states. In this chapter, the details on the
experiment setup are firstly described. The dynamic behavior of the integrated vehicle

system and ride comfort at each control state is then evaluated.
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3.2 Experimental setup

The high-speed rail vehicle in tests is CRH3 electric multiple unit, as seen in Figure 3.1.
The high-speed vehicle consists of a carriage, two trucks, i.e., leading truck and trailing
truck, and four wheelsets, i.e., front and rear wheelsets in leading truck, and front and
rear wheelsets in trailing truck. There are air springs and dampers between the car body
and the bogie to construct the secondary suspension (Figure 3.2) accounting for the
passenger ride experience, while use of the primary suspension which comprises springs

and dampers (Figure 3.3) principally secures the stability and guidance of the vehicle.

In the existing secondary suspension, four passive hydraulic dampers connecting bogie
with car body are laterally equipped for transverse vibration attenuation (Figure 3.4),
two in the leading truck and the other two in the trailing truck. During the full-scale
rolling-vibration experiments, three types of current-driven MR dampers (type-4,
type-B and type-C) with different control ranges replace the existing hydraulic dampers
one type a time. And the aim of these experiments is to assess the possibilities of
practical controllable suspension using MR dampers. The detailed specifications of the
three types of MR dampers are presented in the following sections. For each series of
experiments, the damping properties of the MR dampers are simultaneously varied by
tuning the current input to the dampers via a linear voltage/current converter (VCC)
(Figure 3.5), so as to construct the changeable secondary suspension. For ease of
interpretation, the three MR secondary suspensions are simply short for Suspension 4
(the secondary suspension with type-4 MR dampers), Suspension B (the secondary

suspension with type-B MR dampers) and Suspension C (the secondary suspension with
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type-C MR dampers).

The rolling-vibration experiments are conducted on a full-scale roller rig (Figure 3.6) in
the Traction Power State Key Laboratory of Southwest Jiaotong University, China. The
testing vehicle is placed on and driven by the supporting rollers underneath (Figure 3.7).
Each roller can vibrate in the lateral and vertical directions independently. In this way,
the testing plant is able to simulate the motions of the vehicle running on different
conditions (i.e., tracks and speeds). Particularly, the train is constraint at the front and
back (Figure 3.8), therefore only the vertical and lateral translations, and the yaw and
rolling are allowed during the train is running, while the longitudinal motions and

pitching of the vehicle are restraint.

The EMU vehicle incorporated with MR dampers is tested on the roller rig at a broad
range of running speeds from 40 to 380 km/h with random track irregularities. It should
be noted that, the performance of the MR secondary suspension is tested during the
experiments, which is associated with the car body motion, or equivalently, the
passenger ride comfort; therefore, only the indeterministic track condition (i.e., straight
track with random irregularities), rather than the curves, is considered. The random
track irregularities which are collected from the straight track of Guangzhou-Wuhan
high-speed rail line in China, are generated by executing the vertical and lateral motions
of the rollers underneath the vehicle wheels. In this way, the dynamic behavior of the
train vehicle which is running on a straight track is reproduced. Particularly, the EMU
prototype is tested without passenger-equivalent vehicle loading. It makes sense

because generally the vehicle loading would lower the natural frequency, and thus
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deliver a better ride comfort level (Iwnicki 2006).

Additionally, acceleration measurement is made during the experiments. Figure 3.9
shows the measuring points at the floor level and at the bogie. Three optical fiber
accelerometers are deployed at the center and the two ends on the car body floor to
obtain the lateral accelerations of the car body, and the lateral accelerations of the bogie
are also measured by the optical fiber accelerometers deployed in diagonal on each
truck, seen in Figure 3.10. The interrogator SM130 is deployed on site for data
acquisition (Figure 3.11). The sampling frequency of the accelerometers is set as 1,000
Hz. In the experiments, it is the optical fiber accelerometers, rather than the
conventional electric-type transducers, to be used for acceleration measurement, since
there are strong electromagnetic fields around the operating high-speed train, and
optical fiber sensors are immune to electromagnetic interference. The obtained
accelerations would go into dynamic evaluation for train vehicle including car body and
bogie afterwards. In particular, the ride of the passenger is determined by UIC Code 513,
which aims to identify the specific level of damper input (i.e., current) that causes the

passenger ride discomfort.

The rolling-vibration experiments are conducted in terms of types of dampers, current
input of dampers and running speeds, respectively. Specifically, for each type
suspension, the vehicle would run at a series of standard operating speed levels;
moreover, at each speed level, the damper would be imposed with a variety of current
inputs. Calculating the ride comfort index for each scenario would give the best damper

input for each operating speed level; equivalently, it would reveal the worst suspension
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properties for that specific speed level. This evaluation is reasonable, because the
nonlinearity stemming from the wheel-rail contact usually causes diverse dynamic
responses of a rail vehicle under different operating speeds, delivering a conclusion that,
the vibration behavior of a rail vehicle is strongly related to the operating speeds
(Iwnicki 2006; Cheli and Corradi 2011). With the determined optimal input of the MR
dampers, a switchable MR suspension can be readily constructed to adjust itself to the

prescribed damper input level on the basis of the operating speed.

In order to thoroughly investigate the suspension behavior regarding a variety of vehicle
operating speeds, the experiments are arranged as follow: for each type of MR
suspension (i.e., suspension 4, suspension B and suspension C), the current input to the
incorporated MR dampers is tuned from 0 A to the allowable maximum; in terms of
each specific suspension (i.e., type of MR suspension and damper input level), the
vehicle runs at a wide range of standard speeds, primarily from 40 km/h to 380 km/h. At
each scenario, the dynamics of the vehicle is measured, and the ride comfort is
evaluated. Afterwards, the optimal damper current input for a specified speed is
determined as the one with the best ride comfort. On the other hand, the utilized MR
dampers can be judged on their applicability to the tested EMU prototype. The
rolling-vibration experiments on suspension 4 are presented immediately, followed by

suspension B, and suspension C, respectively.

3.2.1 Rolling-vibration tests on suspension A

Four type-4A MR dampers (Figure 3.12) are installed laterally in the EMU secondary

43



suspension, as shown in Figure 3.13, replacing the existing hydraulic passive dampers,
to account for the lateral vibration attenuation of the carriage. The power supply of the
dampers is 24 V, and the maximum current is 3.6 A. Figure 3.14 shows the hysteretic
behavior of type-4 MR dampers at a frequency of 5 Hz with an amplitude of 10 mm,
and current inputs of 0, 0.5, 1.0, and 1.5 A respectively. The hysteresis trajectories of the
captured damper are obtained by the displacement-controlled dynamic tests on a MTS
test system under a variety of working conditions, i.e., frequencies, amplitudes, and

damper current inputs (Figure 3.15).

In the rolling-vibration experiments, the four MR dampers are connected to the linear
VCC by the wire cables. The tests on the integrated system are conducted at ten
standard service speeds, i.e., 40, 80, 120, 160, 200, 250, 280, 320, 350 and 380 km/h.
For each speed level, the current input / of the four MR dampers is simultaneously
tuned from 0 A to the allowable maximum 3.6 A in eight stages, i.e., 0, 0.5, 1.0, 1.5, 2.0,

2.5,3.0,and 3.6 A.

3.2.2 Rolling-vibration tests on suspension B

Rolling-vibration tests are then conducted on the integrated suspension B. Similarly,
four type-B MR dampers (Figure 3.16) substitute the original passive dampers to
construct the tunable MR secondary suspension, which connect the bogie and the car
body in the lateral direction, two in the leading truck and the other two in the trailing
truck, depicted in Figure 3.17. The power supply is 12 V, and the allowable maximum

current input is 2 A. In particular, the saturation current is around 1.4 A, according to the
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dynamic characterization on the type-B dampers which are conducted before the
experiments. Thus, the type-B dampers are tuned from 0 to 1.4 A in the rolling-vibration
experiments. Figure 3.18 provides a group of hysteretic loops of type-B dampers at a
frequency of 5 Hz with an amplitude of 10 mm and current inputs of 0, 0.2, 0.4 and 0.6

A.

In the rolling-vibration tests, the EMU prototype runs on the roller rig at seven
operating speeds, namely, 120, 160, 200, 250, 280, 320 and 350 km/h. The experiments
stop at a speed of 350 km/h where excessive vibrations are observed. At each operating
speed, the dynamic performance of the suspension B is switched among eight stages, i.e.,

damper inputs of 0, 0.2, 0.4, 0.6, 0.8, 1.0, 1.2 and 1.4 A, respectively.

3.2.3 Rolling-vibration tests on suspension C

Lastly, secondary suspension C equipped with four laterally-deployed type-C MR
dampers (Figure 3.19) takes part in the rolling-vibration tests, as shown in Figure 3.20.
The power supply of the dampers is 12 V, and the maximum current is 2 A. Figure 3.21
presents the hysteretic loops of type-C dampers at a frequency of 3 Hz with an
amplitude of 4 mm and current inputs of 0, 0.6, 1.2 and 1.8 A. It can be seen from the
dynamic characterization conducted by MTS test system that, type-4 MR damper can
provide the largest control force, up to 20 kN; type-B MR damper can only provide
smallest control force, which peak damping force is only around 2.5 kN; while type-C

MR damper come in between, which is capable of peak damping force around 5 kN.

The rolling-vibration tests on the integrated system C are conducted at eight standard
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service speeds, i.e., 80, 120, 160, 200, 250, 280, 320, and 350 km/h. The tests stop at a
speed of 350 km/h, since significant oscillations of vehicle occur. For each speed level,
the current input / of the four MR dampers is simultaneously tuned from 0 A to the
allowable maximum 2 A in six stages, i.e., 0, 0.4, 0.8, 1.2, 1.6 and 2 A. Therefore, there
are totally 48 test scenarios. At each test scenario, the vehicle prototype runs on straight
track with random irregularities collected from Guangzhou-Wuhan high-speed rail line,

so as to stimulate vehicle dynamic behaviors that approach those in service operation.

3.3 Ride comfort index

In order to quantify the vibration level of the carriage and assess the dynamic
performance of the MR suspension, the simplified formula for evaluating passenger ride
comfort stipulated in UIC Code 513 (1994) is employed. The simplified method is
based solely on the accelerations measured at the center and at two ends of the carriage
at the floor level, seen in Figure 3.22. The duration of the measuring period is 5 minutes.
The root-mean-square (RMS) values of these measured accelerations are made use of to

characterize ride comfort. The comfort index is formulated as:

2 2 2
Moy = 6 (a2s)’ + (alits)’ + (als G.1)

where ayxp, ayp, and azp is the RMS values of the accelerations obtained at the measured
point in the longitudinal, lateral, and vertical direction, respectively; the upper index W,
relates to frequency-weighted values according to the horizontal weighting curves seen
in Figure 3.23. The frequency weighting is made because of human physiological

sensitivity to different frequency ranges, in particular in the 0.5 — 5 Hz frequency range;
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the lower index 95 refers to the 95™ percentile. Since the vibration of railway vehicles
tend to fluctuate, rather than are stationary, the weighted RMS values are calculated for
a period of 5 seconds to take account of these fluctuations. The statistical values for a
prescribed percentile, i.e., the 95" percentile, are selected as the effective RMS values to
represent the ride comfort. Therefore, calculation of the comfort index by Equation (3.1)

follows the sequences as:

(1) the measured accelerations go through the horizontal frequency weighting W;

(i1) the RMS values are calculated every 5 seconds;

(ii1) a statistical analysis of these RMS values are conducted for a period of 5 minutes;

(vi) mean comfort indices are calculated.

The comfort of the passenger is evaluated at the various operating speeds of the vehicle
which actually occur in practical service. The comfort index is rated from poor to good
comfort with a decreasing value. Smaller the index is obtained, better the passenger ride

quality is indicated.

In particular in these experiments, since the aim is to study the impact of the
laterally-deployed MR dampers on transverse motions of the rail vehicle, only the
lateral component of the comfort index is devised. The obtained ride comfort index
would indicate the effectiveness of the dampers on mitigating the vibration on each
specified operating condition, i.e., operating speed and current input. Therefore, the ride
comfort index is devolved into:
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Nyy = 6|ayit. (3.2)
where ayp denotes the lateral accelerations measured at floor level of the carriage. In the
present study, the lateral component (rating) below 1 is considered as an acceptable
comfort level. It is worth noting that, the frequency responses in the frequency range of
0.4 to 5.0 Hz, especially between 0.6 and 2.0 Hz, contribute considerably to the rating
index. Therefore, attenuating vibration in this frequency region is important for the

constructed suspension.

3.4 Result and discussion

3.4.1 Rolling-vibration tests on suspension A

The rolling-vibration tests on suspension 4 are conducted at 10 speed levels from 40 to
380 km/h, with current inputs to the four type-4 MR dampers being simultaneously
tuned from O to 3.6 A. It is observed that, when the running speed is increased to 160
km/h and the current input is tuned to 1.0 A, the vehicle becomes unstable, which is
signaled by a clearly visible periodic motion. Figure 3.24 shows a comparison of car
body acceleration response in a stable condition (/ = 0.5 A) and in the unstable
condition (/ = 1.0 A) at a speed of 160 km/h. As the current input rises to 1.0 A, the
resonant vibration at 1.9 Hz is excited. The peak acceleration of the car body rises
considerably to 1.5 m/s>. As the speed increases to 200 km/h and the imposed current is
tuned to 0.5 A, the instable behavior occurs. It is indicated that, the type-4 dampers at
passive-on state are too stiff for the vehicle when the running speed exceeds 200 km/h.

Therefore, the remaining tests are conducted only at the damper passive-off state, i.e.,
48



with null current input to the MR dampers.

The measured lateral accelerations of the car body are analyzed to obtain the ride
comfort rating. The accelerations are filtered with a band pass filter in the frequency
range of 0.4 to 80 Hz, and then weighted to calculate the UIC ride comfort index
according to Equation (3.1). The rating is plotted in Figure 3.25. The zero values refer
to the cases when rolling-vibration test was not conducted due to the potentially

unstable oscillation.

Figure 3.26 demonstrates the different ride comfort rating of the car body under
different running speeds at damper passive-off state. Figure 3.27 shows the lateral
acceleration amplitude spectra at the speeds of 80, 200, 320 km/h. It can be seen that,
there is no dominant mode governing the car body vibration. Instead, the car body
undergoes forced vibration in a wide frequency range. At speed of 80 km/h, the car
body experiences much vibration in the frequency range of 0.6 to 2 Hz, thus causing a
less comfortable ride. At speed of 200 km/h, high-frequency components are slightly
intensified, while low-frequency components are, especially of 1.9 Hz, are mitigated,
which results in a slight improvement in the comfort rating. As the vehicle accelerates to
320 km/h, the car body undergoes large vibration at the frequencies of 1.9 and 2.8 Hz,
and thus a worse ride condition is devised. In summary, the operating speed has a strong
and diverse influence on the vehicle dynamics. In view of the fact that human body is
extremely sensitive to motions in the frequency range of 0.4 to 5 Hz, the optimal state
of the MR suspension should be tuned to a level where the unfavorable frequency

components is suppressed.
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At the lower operating speeds (40 and 80 km/h), the vehicle generally obtains
satisfactory ride comfort (lower than 0.7). At speed of 40 km/h, the rating is 0.5 at the
passive-off state, and degrades to 0.7 as the current increases to 0.5 A, and then
maintains around 0.5 for the remaining passive-on states. Figure 3.28 shows the
acceleration amplitude spectra of the car body at speed of 40 km/h and with 0 and 0.5 A
current inputs. It is observed that, the vibration patterns are similar, both in broadband
responses. As the passive-on state turns on, the oscillation aggravates in both lower and
higher frequency regions. At speed of 80 km/h, the rating is generally around 0.67. The
maximum (worst) one happens at the passive-on state of 2 A. Figure 3.29 shows the
comparison of acceleration spectra with null and 2 A current inputs. A similar increase
in both lower and higher frequency regions is observed. At speed of 120 km/h, the best
comfort rating is about 0.5 at passive-off state. The rating degrades to 0.9 as the current
input increases, and reaches the peak value 1.3 with 2.5 A current input. Figure 3.30
shows the acceleration amplitude spectra at speed of 120 km/h. It is observed that, as
the passive-on state turns on, the motion responses over the whole frequency are

amplified.

Since there is a potential of instability in oscillation at increasing speeds, only limited
experimental data are collected to assess the dynamic performance of suspension 4. In
general, the dynamic response of the car body in both lower and higher frequency
regions varies with the change in current input. However, the classic trade-off between
the resonant vibrations and higher-frequency oscillation is not observed when switching
the passive state of the suspension. It is probably due to little relative motions between

the bogies and carriage. In other words, the type-4 MR dampers seems to perform as the
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spring components, or even joints, to transmit energy from the bogies to the car bogy,
rather than as the damping components to attenuate motion, which would certainly
result in the degraded ride comfort. To conclude, the type-4 MR dampers are too stiff,

making them effective only at lower speeds.

3.4.2 Rolling-vibration tests on suspension B

The rolling-vibration tests on suspension B are then followed at seven speed levels from
120 to 350 km/h. The maximum operation load of the type-B MR dampers is around 9
kN. For each speed level, the current input to the four MR dampers is switched
simultaneously between eight levels from 0 to 1,4 A. Figure 3.31 shows the lateral ride
comfort rating of the car body obtained under different operating conditions. The
vehicle generally exhibits stable dynamics with the ride comfort rating below 1.2.
However, as the vehicle accelerates to 350 km/h, considerably large vibration is
observed, and a substantial deterioration in ride quality is obtained. Consequently, the

rolling-vibration tests stop at this speed level.

Figure 3.32 illustrates the lateral ride comfort rating of the car body at damper
passive-off state. In comparison to suspension A4, suspension B demonstrates a more
favorable performance of vibration attenuation at a speed of 320 km/h, though it turns
poor at a speed of 350 km/h. Figure 3.33 shows the acceleration amplitude spectra of
the car body obtained at different speeds. It is observed that, broadband responses,
rather than dominant modal vibrations, are excited. As the vehicle speeds up to 200

km/h, low-frequency vibration components become larger, resulting in a slight
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deterioration in ride quality. At speed of 320 km/h, the vehicle vibrates less in
low-frequency region but more in high-frequency region. Since the comfort rating is
more sensitive to the low-frequency components, a more favorable rating is obtained.
As the vehicle speeds up to 350 km/h, however, a substantial increase in vibration in all
frequency regions is observed. It is indicated that, the passive-off damping of the
System B is insufficient to suppress the lateral vibration of the vehicle at speed of 350

km/h.

As the vehicle operates between 120 to 280 km/h, the ride quality exhibits variations in
a narrow range when increasing the current input. For example, the comfort rating
varies between 1.0 and 1.2 at operating speed of 120 km/h. It is interesting to note that,
energy transmission between low and high frequency region occurs with change at
passive state. At speed of 120 km/h, the vibration component in low-frequency range
are aggravated as the current is tuned to 0.4 A (Figure 3.34). At speed of 160 km/h, the
low frequency vibration component is excited as the current is tuned to 0.2 A (Figure
3.35). Although the high frequency vibration component is suppressed to some extent,
the increased low frequency response, especially in the frequency range of 0.4 to 5 Hz,
causes the deterioration in comfort rating. On the other hand, at speed of 250 km/h,
resonant vibration is attenuated with current input tuned to 0.4 A (Figure 3.36),
resulting in an improvement in comfort rating. In general, the improvement or
deterioration in the ride quality is compliant with the attenuation or amplification of
resonant oscillations. Although the vehicle demonstrates diverse dynamic behaviors at
speeds of 120 to 280 km/h, the optimal state of the system can be determined with

current input between 0 and 0.4 A.
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As the vehicle runs at speed of 320 km/h, the comfort rating exhibits a rather obvious
trend with regard to the current input. The optimal working condition is observed at
damper passive-off state where comfort rating is only 0.5. As the damper passive-on
state is on, the rating degrades at its onset and reaches its maximum (worst) value with
0.8 A current input, and then slightly improve as the current input is increased, as
demonstrated in Figure 3.37. Figure 3.38 shows the lateral acceleration amplitude
spectra of the car body. At the passive-off state, the low-frequency vibration component
is suppressed. However, as the current input is imposed, the vibration components in the
frequency range of 0 to 8.0 Hz aggravate significantly, resulting in a reduction in

comfort rating.

Because the vibration of the car body is transmitted from the bogie via connecting
components, i.e., dampers and springs, it is reasonable to examine the bogie dynamics
to complementarily assess the performance of the suspension. A statistical analysis
method (Mantaras and Luque 2006) is applied to evaluate the measured acceleration of
the vehicle bogies. The root mean square (RMS) of the bogie accelerations is calculated
every 1 second. Then the 95 percentile value is selected to characterize the bogie
dynamics. Figure 3.39 shows the statistical histogram of the bogie acceleration at a
speed of 320 km/h. It can be seen that, the effective acceleration of the bogie increases
slightly from 0.36 m/s” at the passive-off state to 0.4 m/s* at the passive-on state with
1.4 A current input. It indicates that the vibrations of the car body (carriage) and the
bogie are relatively independent. The lateral acceleration amplitude spectra of the bogie
at speed of 320 km/h are illustrated in Figure 3.40. Consistent with the observed

effective acceleration, the response spectra exhibit only minor fluctuations over the
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whole frequency range with different current inputs. No substantial variation is
observed. The smallest bogie acceleration devises from the passive-off state with null

current input.

As the vehicle speeds up to 350 km/h and the type-B MR dampers are at passive-off
state, the car body experiences intense vibration. The comfort rating is evaluated to be
2.9 (Figure 3.41), indicating a very uncomfortable ride status. As the current input
increases, a general improvement of the ride quality is observed. The best (minimum)
rating is achieved with the 1.4 A current which is the saturation current of the type-B
dampers. The lateral acceleration amplitude spectra of the car body are shown in Figure
3.42. A considerable variation of the frequency-domain response is observed. At the
damper passive-off state, the car body motion is primarily the low-frequency
components. As the current is tuned to 0.6 A, a trade-off between the low-frequency
oscillation aggravation and high-frequency vibration suppression is attained. Owing to
the higher weighting of low-frequency oscillation in evaluating the ride comfort rating,
a slight improvement (decrease) in the comfort rating is obtained. As the current is
tuned to 1.0 A, the response components in the frequency range of 0 to 10 Hz is further
suppressed, resulting in an even better comfort rating. As the current input is finally
increased to 1.4 A, the low-frequency motions are attenuated, while the high-frequency
response components remain almost the same as the ones with 1.0 A current input.

Consequently, the comfort rating is improved to be 1.2.

The dynamic behavior of the bogie at speed of 350 km/h is also evaluated. Figure 3.43

and Figure 3.44 show the 95 percentile RMS response and the acceleration amplitude
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spectra, respectively. Compared to the bogie dynamics at speed of 320 km/h, the
effective acceleration of the bogie becomes larger, but is still less affected by the
changing current inputs. Similarly, the vibrations of the bogie and the car body are
relatively independent, indicating the insignificant transmission of vibration energy
between the two vehicle parties. Therefore, it can be inferred that, the vibration energy
of the car body is dissipated primarily by the incorporated MR dampers. In view of the
considerable vibration of the car body at the damper passive-off state at speed of 350
km/h and beyond, the type-B MR dampers with lower adjustable damping forces would

be more appropriate for high-speed rail applications.

3.4.3 Rolling-vibration tests on suspension C

Lastly, rolling-vibration tests are conducted on secondary suspension C equipped with
type-C MR dampers. The system operates at a variety of standard service speeds from
80 to 350 km/h, which are 80 km/h, 120 km/h, 160 km/h, 200 km/h, 250 km/h, 280
km/h, 320 km/h, and 350 km/h. The tests stop at a speed of 350 km/h, since excessive
vibrations of vehicle are observed. For each speed level, the type-C MR dampers is
simultaneously tuned among six passive levels of current input from 0 to 2 A, i.e., 0 A,
04A,0.8A,1.2A,1.6A,and?2 A. At each test scenario, the integrated vehicle is driven
by random track irregularities collected from Guangzhou-Wuhan HSR, so that the
vehicle dynamic behaviors that approach those in service can be stimulated. The car

body accelerations are evaluated and analyzed in what follows.

Figure 3.45 shows the lateral ride quality rating of the test vehicle at damper passive-off
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states (/ = 0 A) under a variety of service speeds. As can be seen from the graph, the
comfort rating generally deteriorates as the running speed increases, except for that at a

speed of 160 km/h where the ride experience exhibits a sharp increase.

Focus on car body dynamics of train vehicle running at a speed of 160 km/h. Figure
3.46 shows the lateral ride quality rating of the train vehicle car body with a series of
current input from 0 A to 2 A. The rating exhibits a controlled trend with regard to the
increasing type-C damper, that the ride quality improves as the current is tuned bigger to
0.4 A, and then tremendously deteriorates afterwards. The optimal state of the
suspension C can be observed with the current input of 0.4 A. Figure 3.47 presents the
lateral acceleration amplitude spectra of the car body with current input of 0 A, 0.4 A,
1.2 A and 2 A. It can be observed that, car body broadband responses, rather than major
resonance motions, are excited. As the current input increases from 0 A to 0.4 A, the
low-frequency oscillation components below 2 Hz is suppressed, resulting an
improvement in the comfort rating. As the current input is tuned bigger to 1.2 Aand 2 A,
there is not apparent variation in the frequency-domain response. The high-frequency
motions remain stable, while the low-frequency responses considerably aggravate. And

accordingly, gradual deterioration in ride comfort occurs.

As the vehicle runs at a speed of 350 km/h and suspension C is at passive-off, the ride
experience is much worse than those at lower running speeds. Figure 3.48 shows the
lateral ride quality rating with a series of current input from 0 A to 2 A. It is observed
that, the ride experience improves as the current input of the suspension C increases,

and reaches the optimal state when current input is adjusted to 0.8 A, and then degrades
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gradually as the current input increases subsequently. The lateral acceleration amplitude
spectra of the car body with current input of 0 A, 0.8 A and 2 A are depicted in Figure
3.49. Dominant modal motion of train vehicle, which is around 2 Hz, is observed at the
speed of 350 km/h. As the controlled current of suspension C is tuned from 0 A to 0.8 A,
the low-frequency vibrations are slightly suppressed, yielding an improvement in the
ride comfort rating. While the current is adjusted gradually to 2 A, both the
low-frequency and the high-frequency vibrations increase to some extent. Accordingly,

the corresponding ride comfort rating rises considerably.

3.5 Summary

As part of investigation on developing MR secondary suspension for ride comfort
improvement for high-speed trains, an experimental study on three MR secondary
suspensions is presented in this chapter. Three types of MR dampers (type-4, type-B
and type-C) in different control ranges were designed, manufactured and incorporated
into the EMU secondary suspension. The full-scale high-speed train vehicle integrated
with the developed MR dampers was tested on a roller rig at speeds of 40 to 380 km/h
and with random track irregularities collected from Guangzhou-Wuhan HSR. The
acceleration responses of the car body and bogie were measured using optical fiber
accelerometers. The ride comfort rating of the car body was obtained to evaluate the
dynamic performance of the three MR secondary suspensions. Some findings are

summarized as follows.

(1) The rolling-vibration tests on System A revealed that, the type-4 MR dampers is
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favorable only when the vehicle operates at low speeds. When the operating speed
reached 160 km/h and beyond, the vehicle tends to be unstable with the current input
tuned to a certain level. In such situations, the car body is sensitive to the change in
current input. Because of the little relative motions between the bogie and car body, the
MR dampers perform like a spring component to transmit vibration energy from the
bogie to the car body, without significant energy dissipation. Therefore, the damping of
the type-A MR dampers is too hard for suppressing the lateral vibration of the rail

vehicle operating at high speeds.

(i) The secondary suspension incorporating the type-B MR dampers exhibits better
energy dissipation capability. The optimal state of the MR suspension (the optimal
current input to the MR dampers) with best ride comfort of the car body was obtained
for each running speeds in tests. It is observed that, the suppression of the
low-frequency response components is greatly beneficial to improving the ride quality.
With the appropriate current input, the trade-off between the low-frequency and
high-frequency motion can be achieved, verifying the effectiveness of the MR
secondary suspension in adjusting the damping. However, the secondary suspension
with type-B MR dampers at the passive-off state with null current input is incapable of

mitigating the car body lateral vibration when the speed exceeds 350 km/h.

(iii) Type-C MR dampers with the more appropriate damping force range have been
developed to construct a more effective MR secondary suspension. Controllable trend
can be observed. Results of car body dynamics at speeds of 160 km/h and 350 km/h are

presented. In both case, the ride comfort rating is firstly improved as the current input
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increases from 0 A, and is gradually deteriorated as the current input increases to 2 A.
At a speed of 160 km/h, the optimal state where the ride comfort rating reach minimum
value is identified as the current input is 0.4 A. At a speed of 350 km/h, the optimal state
is identified as the current input is 0.8 A. It is implied that, type-C MR dampers exhibits

more effective controlled capability for CRH3 vehicle.
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Figure 3.1 High-speed train prototype CRH3 EMU for tests
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Figure 3.2 Secondary suspension

Figure 3.3 Primary suspension
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Figure 3.4 MR dampers installed in secondary suspension
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Figure 3.5 Linear VCC
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Figure 3.6 Test plant
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Train vehicle

Figure 3.7 Supporting rollers underneath vehicle wheelset
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(b) Constraint at the back

Figure 3.8 Constraints of CRH vehicle in longitudinal direction
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(a) Measured points in car body
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(b) Measured points on bogie

Figure 3.9 Measured points of test vehicle
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(a) Accelerometer at the floor level in car body

(b) Accelerometer at the bogie

Figure 3.10 Optical fiber accelerometers deployed at car body and bogie
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Figure 3.11 Interrogator SM130

69



Figure 3.12 Prototypes of type-A MR damper

Figure 3.13 Laterally-deployed type-A MR damper in secondary suspension of

tested EMU train vehicle
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(b) Force-velocity hysteresis loops

Figure 3.14 Dynamic hysteresis behavior of type-A MR dampers at a frequency of
5 Hz with an amplitude of 10 mm, and current inputs of 0, 0.5, 1.0, and 1.5 A
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Figure 3.15 Dynamic characterization of MR damper conducted on MTS test

system
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Figure 3.16 Prototypes of type-B MR damper

Figure 3.17 Laterally-deployed type-B MR damper in secondary suspension of

tested EMU train vehicle
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(b) Force-velocity hysteresis loops

Figure 3.18 Dynamic hysteresis behavior of type-B MR dampers at a frequency of

5 Hz with an amplitude of 10 mm, and current inputs of 0, 0.2, 0.4, and 0.6 A

74



Figure 3.19 Prototypes of type-C MR damper

Figure 3.20 Laterally-deployed type-C MR damper in secondary suspension of

tested EMU train vehicle
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(b) Force-velocity hysteresis loops

Figure 3.21 Dynamic hysteresis behavior of type-C MR dampers at a frequency of

3 Hz with an amplitude of 4 mm, and current inputs of 0, 0.6, 1.2, and 1.8 A
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Figure 3.24 Lateral vibration of car body at running speed of 160 km/h
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CHAPTER 4

PARAMETRIC MODELING OF MR DAMPER

4.1 Introduction

The last chapter has illustrated the possibility of MR dampers for vibration attenuation
for high-speed trains. However, prior to implementation, it is essential to establish an
effective. MR model that thoroughly characterizes the inherent strong nonlinear
properties of the MR damper, which is beneficial both for the system dynamic
prediction, and the control application afterwards. An effective model for MR damper
usually involves the forward and the inverse characterization. The forward model is
capable of calculating the damper force with the measured damper motions, i.e., the
displacement and velocity across the damper. It is important for system integration and
dynamic behavior prediction. On the other hand, an inverse model determines the
control signal, i.e., current or voltage, to the MR damper to track the desired control

force, which is usually necessary when constructing a damper controller.

The subject of MR damping modeling has been under study for decades, with the major
review paper presented by Sahin et al (2010) and Wang and Liao (2011). It can be
categorized into parametric and nonparametric models. The most popular parametric
model for implementation of vibration control is the modified Bouc-Wen model (also
called phenomenological model) proposed by Spencer et al. (1997). This model can

accurately reproduce the highly nonlinear hysteresis of MR damper, especially the
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roll-off phenomenon in the low velocity region. However, the model contains fourteen
parameters to be adapted. The associated identification is very computationally
expensive, yet the uniqueness of the parameters cannot be guaranteed. Moreover, the
model is governed by nonlinear differential equations, therefore, solving the equations
to obtain the damper response usually requires integration-step rate up to 1 kHz to
ensure the numerical stability. All these limit the use of the phenomenological model in
real-time control. Alternatively, nonparametric models, such as neural networks (Weber
et al. 2014; Chen et al. 2015, 2016) and fuzzy logic (Truong and Ahn 2011; Zong et al.
2012), have been of great interest recently for tuning and controlling the MR dampers.
They build the underlying relationship between inputs and outputs. In this process,
model parameters that have physical meanings or a priori physical knowledge of the
system are even not necessary. Although nonparametric models are effective in system
modeling, few models have been built by using experimental data, since the system
noise will make the training process very difficult. Additionally, overfitting or
generalization issue occurred in the model training has been rarely addressed, which
might compromise the system stability or reliability. Their real-time application is still

under development.

On the other hand, there have been few effective inverse models developed in terms of
parametric models to date, because it is usually difficult to formulate a parametric
model representing the relationship between the commanded current (or voltage) and
the desired damper force due to the highly nonlinear properties of MR dampers.
Therefore, most of the damper controllers are constructed based on the Bingham model

(Tsang et al. 2006; Reader et al. 2009), with force feedback controller (Dyke et al. 1996;
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Liao and Wang 2003, 2009). However, due to its insufficient characterization of
pre-yield hysteretic behavior, the capability of accurate damper force tracking is rather
difficult. What is worse, the system is rather more complicated since force transducer is
involved. Instead, soft computing techniques (Metered et al. 2010; Bhowmik et al. 2013;
Chen et al. 2015) are of great interest to establish the damper controller. However, the
methodologies are identical to those that build the forward model, and the weakness is
likewise similar. Thus, there are few attempts that apply experimental data in the data

training process.

This chapter is concerned with the parametric modeling of the newly developed MR
dampers for use in high-speed train secondary suspension. Firstly, the prototypes of the
newly designed MR damper with the self-sensing functionality are introduced. The MR
dampers are exclusively designed and manufactured for high-speed rail CRH3 EMU,
with the passive-off damping, the suitable control force range, and feedback sensing etc.
Subsequently, the dynamic tests on the MR dampers are performed to fully understand
their hysteretic behaviors and controllability under a broad range of operating
conditions. Then, the obtained dynamic behavior in terms of displacement, frequency
and current input excitations is presented respectively. Focusing on the current- and the
excitation condition-dependence acquired from the experimental data, an enhanced
viscoelastic-plastic based model is proposed to directly characterize the MR damper
dynamics. The describing model is established using a small portion of experimental
data. And its prediction capability is subsequently validated by using the experimental
data independent of those associated with model identification. Lastly, with the

measured data obtained from the feedback sensing, i.e., the force transducer and the
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LVDT, the damper controller is built to command the damper current according to a

desirable control force.

4.2 Self-sensing MR damper

In Chapter 3, the rolling-vibration experiments are conducted on three types of MR
suspensions (type-A4, type-B, type-C). It can be observed that, the damping of type-4
MR dampers was so stiff that they worked more like the spring components rather than
the energy dissipative ones; type-B MR dampers failed to provide sufficient damper
force at high running speeds where excessive vibrations occurred; while type-C
suspension outperformed the others since the obvious pattern of car body vibration can
be identified as tuning the damper current input, and optimal current input can be
recognized. Therefore, type-C MR damper is considered suitable for controlling the
vibrations of the car body of the CRH3 EMU. And the study on the vibration
attenuation for the high-speed train car body is conducted in terms of the integration of

type-C MR dampers.

The prototypes of type-C MR damper are shown in Figure 4.1. The cylinder is 79 mm
in diameter. The damper is 587 mm long in its extended position, and 412 mm long in
the compressed position, having a 175 mm stroke. The cylinder houses the piston, the
magnetic circuit, an accumulator and the MR fluids. The accumulator is charged with
110 psi Nitrogen for restoring the MR fluids in operation. The power supply of the

damper is 12V, and the current input to the damper can be tuned between 0 A to 2 A.

To facilitate the damper controller, transducers are equipped with MR dampers for force
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and displacement feedback, as shown in Figure 4.2. Two strain gauges are mounted on
the rod in parallel with the damper central axis, and build a half-bridge circuit to
measure the damper force. The motion sensing element, a LVDT, is also equipped to
measure the displacement across the damper. The transducer is assembled in parallel
with damper axis. The body is clamped with the damper cylinder, while the extension
rod is screwed to plate that is fixed to the damper rod. Thus, the extension rod moves as
the damper piston motions, equivalently outputting the displacement of the damper. The
MR dampers are pinned between the car body and the bogie of the train vehicle via
secondary suspension in the lateral direction. Figure 4.3 shows the installation of a
self-sensing MR damper within the train vehicle secondary suspension. One end of the
MR damper connects with the truck, and the other connects with the car body. In this
way, the LVDT measures the relative displacement between the truck and the car body,
namely the motion of the MR damper. And the force transducer measures the damper

force to the vehicle.

4.3 Dynamic behaviors of type-C damper

The displacement-controlled experiment on the MR damper is conducted on a MTS test
system (Figure 4.4). The damper is driven by the sinusoidal displacement with different
amplitudes and at a series of frequencies. The current input to the damper is controlled
by the AC/DC converter, seen in Figure 4.5. The excitation conditions are listed in
Table 4.1. The dynamic behaviors of the MR damper is demonstrated in terms of the
hysteresis loops of force-displacement and force-velocity under different driven

conditions, i.e., current, amplitude and frequency.
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4.3.1 Current dependence

Figures 4.6 and 4.7 show the force-displacement and force-velocity hysteresis loops at
a frequency 3 Hz, with an amplitude 4 mm and for current levels 0 A, 0.4 A, 0.8 A, 1.0
A, 1.6 Aand 2 A. It can be observed from the force-displacement loops that, the damper
hysteresis loops progress along a counterclockwise path with increasing time. The
damper force increases with current levels. The area enclosed by the force-displacement
trajectory is larger with increasing current, indicating more energy dissipated by the MR
damper. For 0 A current level, the damper force is mainly consisted of the viscous
properties of the MR fluids and the fiction force between the damper rod and the seal
element. As shown by the force-velocity trajectories, there are two distinct operating
stages: pre-yield stage and post-yield stage. At small velocities, the MR damper
operates at pre-yield stage and exhibits the visco-elastic behavior, as evident from the
hysteretic behavior at this stage, while at post-yield region, the MR damper exhibits
almost plastic behavior with the non-zero yield force. The increase rate of the peak
damper force gradually slows down as the control current increases to the maximum,

indicating the saturated behavior of the MR fluids.

4.3.2 Displacement amplitude and frequency dependence

Figures 4.8 and 4.9 display the force-displacement and force-velocity trajectories at a
frequency 3 Hz, for a current level 0.8 A, with amplitudes 2 mm, 4 mm and 6 mm.
Figures 4.10 and 4.11 displays the force-displacement and force-velocity responses

with an amplitude 4 mm, for a current level 0.8 A, at a series of frequencies 1 Hz, 3 Hz
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and 5 Hz. It can be observed that, the dynamic behavior of the MR damper is
significantly dependent on the displacement amplitude and frequency excitations. As the
frequency (or the displacement amplitude) increases, it can be observed from the
force-displacement trajectories that, the peak damper force slightly increases, and the
area captured by the hysteresis loop gets larger, indicating that the more energy is
dissipated by the MR damper in one cycle; for the force-velocities trajectories, the
pre-yield hysteretic slope decreases; the post-yield viscosity generally stays unchanged;
and the yield force is independent on the frequencies and displacement amplitudes, and

solely dependent on the current input.

Figures 4.12 and 4.13 provide two comparisons on the hysteresis responses of the MR
damper subjected to the equal velocity amplitude excitations for the same current level,
i.e., comparison 1 of scenario 1 at a frequency 2 Hz, with an amplitude 4 mm and for a
current level 0.8 A, and scenario 2 at a frequency 4 Hz, with an amplitude 2 mm and for
a current level 0.8 A; and comparison 2 of scenario 1 at a frequency 2 Hz, with an
amplitude 6 mm and for a current level 0.6 A, and scenario 2 at a frequency 3 Hz, with
an amplitude 4 mm and for a current level 0.6 A. It can be observed that, the
force-velocity hysteresis loops of the two operating scenarios are almost the same,
including the peak damper force, yield force, post-yield viscous coefficient and the
pre-yield hysteresis. There is only slight difference in pre-yield hysteresis slope for
comparison 1. It can be implied that, the damper response is dependent on the
displacement amplitude and frequency, or equivalently the velocity amplitude

dependence, instead of the velocity itself.
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4.4 Parametric modeling

4.4.1 Viscoelastic-plastic based model

The hysteretic dynamics of the MR dampers are generally identified as three distinct
rheological regions: pre-yield, yield and post-yield. In the pre-yield region, the MR
fluids exhibit the strong hysteretic behavior which is typical of the viscoelastic materials;
the yield region portrays the viscoelastic plastic dynamics; while the post-yield region is
plastic with non-zero yield force, and the force to yield the damper increases as the
current input is tuned louder. Based on these distinct dynamic behaviors, a variety of
viscoelastic-plastic models (Kamath and Wereley 1997; Pang et al. 1998; Li et a. 2000;
Snyder et al. 2001) have been proposed, which tended to provide the more
straightforward and explicit expressions for MR damper characterization and prediction.
Focusing on the pre-yield and post-yield dynamic behaviors, Li et al. (2013) proposed a
simple mechanical model for the MR dampers using the steady measured data obtained
from the MTS system. In their work, the viscoelastic behavior of the pre-yield region is
represented by a Maxwell model composed of a viscous damper in series with a spring,
while the visco-plastic behavior in the post-yield condition is represented by a Bingham
plastic model composed of a viscous dashpot with a non-zero yield force. The two
models fuse together, shown in Figure 4.14, to capture the distinct characteristics of

MR damper.

The damper force generated by the model is given by

fa =k(x =)+ fo = cy + fetanh(ay) + fo (4.1)
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where k represents the stiffness in the pre-yield region; ¢ is the viscous damping
coefficient in the post-yield region; f. is the yield force, which is dependent on the
applied current; a is the scale factor that determines the hysteresis slope associated with
pre-yield characteristics; the overall damper force is shifted by the offset £ that is
determined by the initial displacement; x is the displacement across the damper; and y is
the internal variable. It is worth noting that, the model employs the hyperbolic tangent
function tanh(-) to describe the transition from pre-yield to post-yield region, whereas
others e.g. the viscoelastic-plastic model by Pang et al. (1998) used three shape
functions to capture the transition from viscoelastic to plastic.

The captured model is simple in mathematical expression. It is determined by only four
parameters. Each parameter represents the specific dynamic characteristics in the
associated condition. Generally, their values can be approximately estimated by steady
experimental data. However, on the other hand, the simple expression also delivers a
major shortcoming that the model usually works well when the operating condition (i.e.,
frequency or displacement amplitude) of the validation data is closed to that of training
data, or equivalently the model is generally less adaptable in a wide range of operating

conditions.

4.4.2 Current-frequency-amplitude-dependent viscoelastic-plastic model

4.4.2.1 Parameter analysis

The viscoelastic-plastic model by Li et al. (2013) is capable of capturing the unique
hysteretic dynamics of the MR damper, including the pre-yield viscoelasticity
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(represented by hysteresis width and inclination), yield and post-yield viscosity.
Additionally, it has only five parameters to be adapted, and the expression is quite
straightforward for MR damper characterization. All these are beneficial for control
applications. However, it is usually inadequate to work with a wide range of damper
operating conditions. It is mainly because the model only takes into account the effect
of the current inputs on the hysteretic behavior, as noted by the current-dependent
model parameters in the representation equations (Li et al. 2013), while ignores the
effect of the excitation displacement amplitude and frequency, or equivalently the
velocity amplitude, which is readily revealed by Figures 4.8 and 4.13. Therefore, the
dependence of the model parameters on the current input, displacement amplitude, and
frequency to the MR damper is closely examined in the following, to develop an
enhanced viscoelastic-plastic model that is more applicable to a broad variety of damper

operations, while maintains the representation in a straightforward manner.

In parameter analysis, a group of experimental data with the increasing velocity
amplitudes is involved, which are data from excitation conditions of frequency and
stroke: 1 Hz and 2 mm, 2 Hz and 2 mm, 3 Hz and 2 mm, 4 Hz and 2 mm, 5 Hz and 2
mm, 3 Hz and 4 mm, 4 Hz and 4 mm, 3 Hz and 6 mm, 5 Hz and 4 mm, corresponding
to increasing velocity amplitudes v,,: 12.57 mm/s, 25.13 mm/s, 37.70 mm/s, 50.27 mm/s,
62.83 mm/s, 75.40 mm/s, 100.53 mm/s, 113.10 mm/s, and 125.66 mm/s. It should be
noted that, the data used in this process is the steady measured data obtained from the
displacement-driven experiments. The model parameters in Equation (4.1) are
calculated for each excitation condition. Their underlying relation with the varying

control current and excitation condition is then minutely analyzed. The parameter
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estimation is done using MATLAB Simulink Optimization Toolbox.

(1) Yield force £,

The experimental data in Figure 4.15 suggests a strong dependence of yield force f. on
the applied current input /. The yield force begins with a non-zero value, and then
generally increases in a linear relation with the increasing control current from 0 A to 2
A. Additionally, the obtained variation trend is all identical for different excitation
conditions, v,,. Therefore, it can be concluded that, the yield force variation is not
relevant to excitation conditions. It is reasonable, since the yield force is the unique
feature of the MR fluids, which is determined by the rheological state of the fluids, and
controlled solely by the surrounding magnetic field, or equivalently the current input.
Consequently, the yield force can be expressed in a function of the control current by
fe =dqi+d, (4.2)

where d; and d are the positive constants, delivering the linear rise of the yield force.

(2) Pre-yield hysteresis slope o

The hysteresis slope « refers to the low-velocity inclination of the force-velocity
trajectory. Figures 4.16 and 4.17 illustrates the variation in the hysteresis slope with the
current input i and the excitation condition v,, respectively. The result depicted in
Figure 4.16 shows that, the hysteresis slope generally rises when the control current is
imposed, then followed by a slight variation to a steady value, which corresponds to the
trend observed from the detailed experimental data in Figure 4.7. Generally, the

current-induced variations are small, and can be assumed as a constant. The estimated
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data depicted in Figure 4.17 suggests a rapid decaying variation for the hysteresis slope
a in relation with v,. Considering the influence of i and v, together, the pre-yield
hysteresis slope can be given by:

ol (4.3)

T+ au,
where oy and ¢; are positive constants used to adjust the decreasing curve of a; vy,
denotes the maximum velocity. The experimental data observed from Figures 4.8-4.13
clearly illustrate the dependence of damper hysteresis on the frequency and
displacement amplitude. Herein, these two excitation conditions are expressed by the
maximum velocity. It should be noted that, the maximum velocity cannot be measured
directly. For harmonic motion, the maximum velocity is equivalently the velocity
amplitude, which can be expressed by v, = a,-2n-f, (a, = displacement amplitude). In
random oscillation case, the magnitude of v,, can be obtained from the instantaneous
position, x, (Wang et al. 2003), which is given by

o = —% % (4.4)
where x, x,and X are the instantaneous displacement, velocity, and acceleration across
the MR damper, respectively. It should be noted that, the velocity across the damper is

obtained by differentiating from the measured displacement by 5"™-order Runge-Kutta

method.
(3) Post-yield viscous damping ¢

Figure 4.18Figures 4.18 and 4.19 portray the current- and excitation condition-induced
variations in post-yield viscous damping. It can be observed from Figure 4.18 that, the

post-yield viscous damping ¢ gradually rises with increasing current input i, and then
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reaches a steady value. The nonlinear incremental behavior with increasing current also
suggests a quadratic function of control current. The trend is identical for different
excitation conditions v,,. It is worth noting that, most of the curves begin approximately
at the same point, indicating that the damping coefficient at the beginning point (at the
damper passive-off state) is almost identical. Focusing on the excitation
condition-induced variations (Figure 4.19), a general rapid decaying trend is suggested
for non-zero current levels. For current level of 0 A, i.e., passive-off damper, the value
is approximately unchanged with the rising velocity amplitude, which accords with the
evidence observed earlier in Figure 4.18. Consequently, the evolution of ¢ in
relationship with i and v, is a combination of the current-induced and the velocity
amplitude-induced variations, given by

C=¢C;"Cy (4.5)

The current-induced component ¢; is a quadratic function of current i, given by

¢; = Cipi? + cipl + ¢ (4.6)
where cp, ci1, co are constants. Particularly, ¢y is the viscous damping coefficient at the
damper passive-off state, i.e., i = 0. In other words, it is the slope of the centerline of the
post-yield hysteresis loop. It should be noted that, the data that outputs the
force-velocity hysteresis loop is obtained at the steady state. Therefore, the viscous
damping can be calculated directly from experimental force-velocity hysteresis loop. As
shown in Figure 4.20, points X,; and X,, locates at the upper branch of the
force-velocity hysteresis loop near the peak velocity, which is expressed by coordinate
(Xy1, fu1) and (x5, fi2) respectively; while points X;; and X), locates at the lower branch

of the force-velocity hysteresis loop near the peak velocity, which is expressed by
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coordinate (x;1, /1) and (x5, f) respectively; and thus the viscous damping coefficient
is the average of the slope of the upper and lower branches of post-yield hysteresis loop,

which is given by

— + —
CO — fuz ].Cul /?2 f:ll (4'7)
Xuz — Xy1 T X2 — Xpq

where x, and x; are the velocities at two different point near the peak velocity; f, and
fi are the measured damper force obtained for the specified velocity x, and x,
respectively; subscript # and / denotes the upper and lower branch of the force-velocity

hysteresis loop, respectively.

The excitation condition-induced component ¢, can be expressed as

Cyo

C = —-———--
V14 ¢yt

(4.8)

where ¢, and ¢, are positive constants; v,, is the maximum velocity.

Therefore, the current-velocity amplitude-dependent post-yield viscous damping is

devolved into

Cyo

.2 .
c = (cjpi% + cjyi)  ——m
12 1 1+ cp1vm

+ Co (49)
(4) Pre-yield stiffness &

The pre-yield stiffness & is the stiffness at the pre-yield state derived from the
force-displacement loop. In view of that the data that outputs the force-velocity
hysteresis loop is obtained at the steady state, the pre-yield stiffness can be calculated
directly from experimental force-displacement trajectory. Given two points X; and X, at
the pre-yield region of the force-displacement trajectory (seen in Figure 4.21), which is

denoted by coordinates (x1, f1) and (x2, f2) respectively, pre-yield stiffness can be

106



directly estimated by experimental data

_f-h

Xy —Xq

k (4.10)
where x; and x, are the displacement at two different points in the pre-yield branch of
force-displacement trajectory; f; and f, are the measured damper force for the specified
displacement x; and x;, respectively. It can be observed from the current-, frequency-
and amplitude-dependence force-displacement hysteresis loops (Figures 4.6, 4.8 and
4.10), the slope at the pre-yield regions is almost identical. It can be explained by the
fact that, the pre-yield stiffness primarily comes from the Nitrogen gas-charged

accumulator in the MR damper, which is not relevant to the control current and

excitation condition. Therefore, pre-yield stiffness k can be set as a constant.

4.4.2.2 Model synthesis

The last section minutely examines the dependence of the model parameters on the
excitation conditions. By integrating these enhanced parameters into describing
Equation (4.11), the overall current-frequency-amplitude dependent model can be

formulated as:

fa=k(x—y)+ fo =cy+ fetanh(ay) + fo (4.11)
where
c = (¢jpi?% + ¢j40) -C+O+ Co (4.12)
' ' 1+ cy1vpy, :
fo=dyi+d, (4.13)
= Tvam (4.14)

Uy =A/X2— X x (4.15)

Amongst these, x, i.e., the displacement across the MR damper, and f;, i.e., the damper
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force, are measurable, while y is evolutionary variable, which can not be measured in
the dynamic tests. Therefore, there are a total of 10 parameters in the characterization
model to be identified, which are fy, k, c;1, cia, ¢v0, Cv1, €0, d1, do, 2, and ;. It should be
noted that, k£ is associated with the pre-yield stiffness, which can be calculated by
Equation (4.10); ¢y represents the viscous damping coefficient at damper passive-off
state (/ = 0 A), which can be directly calculated from force-velocity hysteresis loop, as
seen in Equation (4.7); dj refers to yield force at damper passive-off state, which can be
estimated from force-velocity hysteresis loop; fy is the offset of the damper force, which
is determined by the installation of the MR damper, and can be measured at the very
beginning. Therefore, there are 7 parameters left in Equation (4.11) to be adopted, i.e.,
Cil, Ci2, Cv0, Cyvl, d1, 0, and ;. The corresponding parameter identification is done by
using a portion of steady experimental data in MATLAB Simulink Optimization

Toolbox.

4.4.2.3 Formulation of inverse dynamics

This section concerns the construction of the MR damper controller which commands
the current input to the MR damper with regards to the desired damper force. Equation
(4.11) presents the forward relationship between the current input and the damper force
for the type-C MR damper. Focusing on the current-dependent components and the
current-independent components for damper force f;, Equation (4.11) can be
re-expressed as follow:

fa = upi? + uqgi + uy (4.16)
where u,, 11 and u are constants, formulated as:
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Ciz " Cyo

U = m "y (4.17)

u; = ¢;; + dytanh(ay) (4.18)
uy = dy tanh(ay) + coy + fo (4.19)
y=x _% (4.20)

In view of that the real-time damper force and damper displacement (or velocity) is
measurable from feedback sensing, the current input can be obtained by solving
Equation (4.16). However, it should be noted that, the damper response is
path-dependent, especially in roll-off region (Spencer et al. 1997). Therefore, the
command current should be determined by tracking whether the damper force is within

the upper branch or the lower branch in the force-velocity loop.

4.5 Validation

A group of experimental data acquired under different currents and excitation conditions
is selected to identify the model parameters of the MR damper, which are data of 1 Hz
and 2 mm, 3 Hz and 4 mm, and 5 Hz and 4 mm. The parameter estimation is done by
using MATLAB Simulink Optimization Toolbox. The parameters are summarized in

Table 4.2.

The developed current-excitation-dependent model is applied to predict the damper
force under a wide range of excitation conditions and control currents. Due to a large
amount of experimental data, the measured and simulated damper force is compared for
some selected case. The selection is made such that the predicted data is independent of

the one associated with the parameter identification. Figures 4.20 and 4.21 compare the
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measured data and experimental data in terms of force-displacement and force-velocity
hysteresis loops (5 cycles) under the excitation conditions: frequency = 2 Hz, amplitude
= 6 mm, and frequency = 4 Hz, amplitude = 2 mm, respectively. The comparisons show

a good agreement between the prediction and the measurement.

4.6 Summary

The forward and inverse parametric modeling for type-C MR damper equipped with
damper force and displacement feedback is presented in this chapter. The model focuses
on the representation of the two rheological regions of the MR fluid, i.e., pre-yield and
post-yield regions. The pre-yield hysteresis is expressed by a Maxwell model composed
of a viscous damper in series with a spring, while the visco-plastic dynamics in the
post-yield phrase is formulated by a Bingham plastic model composed of a viscous
dashpot with a non-zero yield force. By minutely examining the dependence of the
pre-yield stiffness, pre-yield stiffness, pre-yield hysteresis slope, yield force and
post-yield viscous damping on the operating conditions which are current input,
excitation frequency and amplitude respectively, it can be observed that, the captured
parameters are generally relevant not only to the current input, but to the velocity across
the damper. Thus, a current-frequency-amplitude dependent viscoelastic plastic model is
established to fully capture the hysteretic behavior of the MR damper. Taking advantage
of the damper force and displacement feedback sensing, a path-dependent inverse model
is obtained directly by solving the parametric forward model. Two independent groups
of steady experimental data are selected for model identification and corresponding

validation of MR damper. It is validated that, the developed model can accurately
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predict the damper dynamics in a wide range of operating conditions.
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Figure 4.1 Four prototypes of new MR damper exclusive for CRH3 EMU

Figure 4.2 Self-sensing MR dampers
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Figure 4.3 Installation of MR damper

Figure 4.4 Dynamic tests on MR damper
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Figure 4.14 Schematic of viscoelastic-plastic model by Li et al. (2013)
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Table 4.1 Measured data for MR damper dynamic tests

Displacement (mm) Frequency (Hz)  Control current (A)

(sin) 2 1,2,3,4,5 0,0.2,04,0.6,0.8,1,1.2,1.4,1.6,1.8,2
(sin) 4 1,2,3,4,5 0,02,04,0.6,0.8,1,1.2,1.4,1.6,1.8,2
(sin) 6 1,2,6 0,0.2,04,0.6,0.8,1,1.2,1.4,1.6,1.8,2
(sin) 8 1,2 0,02,04,0.6,0.8,1,1.2,1.4,1.6,1.8,2
(sin) 10 1 0,0.2,04,0.6,0.8,1,1.2,1.4,1.6,1.8,2

Table 4.2 Identified model parameters of MR damper

Parameter Value Parameter Value
k 1.260 do 221

Co 1023 d 751.1
cil 1.279 le 0.940
Ci 7.285 o 5.296
Cyo 0.977 fo -258.9
Col 04
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CHAPTER 5

VIBRATION MITIGATION FOR HIGH-SPEED TRAIN
USING SEMI-ACTIVE NEGATIVE STIFFNESS
EMULATED BY MR DAMPERS

5.1 Introduction

The railway vehicle running on a track is one of the most complicated dynamic systems
in engineering. There are many degrees of freedom and nonlinear interaction between
wheel and rail. Therefore, sophisticated design on rail suspension for vibration
attenuation has been of great significance. Especially for high-speed train today whose
running speed accelerates unprecedentedly, the vehicle dynamic responses induced by
the track irregularities will be tremendously aggravated, leading to problems concerning
passenger ride comfort, vehicle stability, and cost of track maintenance, etc. This
difficult situation motivates the investigation of controllable suspensions, which is

capable of diverse performance that is not possible with passive suspension.

In recent years, the dynamic performance of the controlled suspensions strongly relies
on actuators and sensors. More recently, MR damper, emerging as a promising
semi-active actuators, have attracted substantial research interests in railway industrial,
as well as other fields such as civil engineering (Gordaninejad et al. 2002; Loh et al.

2007; Aly et al. 2010; Rodriguez et al. 2012), automobiles (Choi et al. 2000; Gopala
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Rao and Narayanan 2008). Although MR damper is being implemented in many context,
the accompanying control strategies are still of great interest. The state-of-the-art points
out that, most of the controllers for railway vehicles are established according to
skyhook damping (Choi et al. 2001a; Reader et al. 2009; Sun et al. 2013), LQG control
(Wang and Liao 2009a, b; Zhao and Cao 2012 ) etc. On the other hand, it has been
observed that, active control, such as skyhook control and LQG control, outputs damper
forces with apparent negative stiffness characteristics. However, the effect of negative
stiffness on structural vibration control has not been fully understood, since the outcome
control force can be directly commanded, rather than the negative stiffness properties
itself. Nevertheless, it still suggests the applications of control devices with negative
stiffness. Iemura et al. (2005, 2008, 2009) proposed a pseudo-negative stiffness
algorithm for seismic response control. The effectiveness was validated on cables,
buildings and highway bridges. Hogberg (2011) introduced the equivalent negative
stiffness to buildings vibration suppression. The results demonstrated a potential
increase in damping efficiency with negative stiffness. Weber et al. (2011) presented an
innovative tuned mass damper for cable control with positive/negative stiffness. Yang et
al. (2014) proposed a novel magnetorheological elastomer isolator with negative
changing stiffness for automobile suspension. Negative stiffness components have
shown great potential for vibration reduction. However, there are few applications for

high-speed train suspension.

Investigation presented in this chapter is concerned with the performance of the
negative stiffness properties on railway vehicle vibration attenuation. The negative

stiffness with viscous damping and friction damping is first introduced respectively.
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The integrations with quarter car and 15-DOF train vehicle are demonstrated

subsequently for evaluating their effectiveness.

5.2 Simulations on a Quarter Car Incorporated with Negative Stiffness

For ease of illustration, the following numerical analysis is conducted on a typical
quarter car model integrated with a MR damper. The vehicle model, as seen in Figure
5.1, consists of a sprung mass, m;,, and an unsprung mass, m,. The motion is described
by vertical displacement of sprung mass and unsprung mass, i.e., x; and x,, respectively.
The MR suspension comprises an air spring and an MR damper that replaces the
passive hydraulic damper, accounting for attenuating the vibrations induced by the
vertical track irregularities, x,. The equations of motion can be expressed as:
meis + ks(xs — xy) = four (5.1)
my Xy, + k(0 — x¢) — kg (xs — x) + ¢ (ky — %) = —finr (5.2)
where x; and x, are the sprung mass and unsprung mass displacements, respectively; f,,
represents the damper force generated by the MR damper; £; is the air spring stiffness in
the secondary suspension; k, and c, are the primary suspension stiffness and damping,
respectively; x; is the track irregularities. The parameters for the quarter car model are

shown in Table 5.1. The equations can be rewritten in the form of

Mg+Cq+Kq=u+w (5.3)

where
Q= [j;i] (5.4)
M = ["55 rr?u] (5.5)
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=[5 k3, 5o
C= [8 CZ ] (5.7)
o[

w= [kpxt E)I- cpa'ct] (3-9)

5.2.1 Skyhook control

Prior to directly applying negative stiffness dynamics to the system, let’s examine the
negative stiffness effect which is inherent in the skyhook control. Skyhook control is
widely known as an effective tool of reducing the absolute response of a suspension
system. Skyhook damping is employed herein to attenuate the vertical vibrations of the
car body, m,. The damper force is commanded according to the imaginary skyhook
damper against a reference point in the sky, as seen in Figure 5.2. The damper force is

thus expressed as

fsh = CsnXs (5.10)

where cg, refers to a prescribed skyhook damping; x, is the absolute velocity of sprung
mass, which is usually obtained by integrating the measured acceleration of sprung

mass.

Numerical analysis of the quarter car model with the skyhook conducted is then
conducted. The skyhook damping is selected as 50 kN-s/m. The sinusoidal wave with
the displacement amplitude of 10 mm and at a frequency of 2 Hz is adopted as the track
excitation. The comparisons of the sprung mass responses between skyhook and viscous

damping are depicted in Figure 5.3. The force-displacement and force-velocity loops
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are depicted in Figure 5.4 Force-displacement and force-velocity of damper. Note
that the x-axle of the force-displacement loops is the displacement across the damper,
equivalently the relative displacement between the sprung mass and the unsprung mass;
similarly, the x-axle of the force-velocity loops is the velocity across the damper. The
force-displacement and force-velocity trajectories both progress along a clockwise path
with increasing time. It can be observed that, the skyhook control can effectively reduce
the sprung mass’s responses, compared with the passive damper. Up to 25% and 26%
reduction in the maximum displacement and acceleration of the sprung mass are
achieved, respectively. Additionally, evident from Figure 5.4, the apparent negative
stiffness properties superimposed with the viscous damping is illustrated in skyhook

control.

It can be observed that, skyhook damping is capable of excellent performance vibration
suppression. However, it should be noted that, implementation of skyhook control
requires the absolute velocity of the sprung mass, seen in Equation (5.10), which is
usually difficult to acquire. And this motivates the alternative use of negative stiffness
properties appeared in skyhook damping, which whereas only requires the relative
displacement velocity between the sprung mass and the unsprung mass that is much

easier to obtained.

5.2.2 Negative stiffness with viscous damping

Apparently, a negative stiffness properties superimposed with viscous damping appears

in skyhook damping, as demonstrated in last section. It is intuitive to emulate the
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skyhook damping by a negative stiffness with viscous damping (short for NSV). The
damper force can be expressed as

fasv = Knso(Xs = xy) + Cpsp (X5 — %) (5.11)
where k5 and c,, are the emulated stiffness and viscous damping, respectively. In
particular, the stiffness k,,, is a negative constant. Focusing on skyhook damping case
presented in Section 5.2.1, the equivalent dynamic properties of Equation (5.11) are
identified by data fitting as k,, = —140 kN/m and c,, = 18 kN-s/m. Numerical
simulation is then conducted with the same sinusoidal excitation. The responses of the
sprung mass are depicted in Figure 5.5. The force-displacement and force-velocity
trajectories are illustrated in Figure 5.6. Both the force-displacement and force-velocity
loops progress along a clockwise path with increasing time. It can be observed that, the
emulated negative stiffness with viscous damping can fully represent the skyhook

damping.

Numerical simulation is further conducted with an even lower negative stiffness
property and the same viscous damping. and Figure 5.7 show the responses of the
sprung mass with suspension properties ks, = =300 kN/m and c,,, = 18 kN-s/m. Up to
52% and 52% reduction in the maximum displacement and acceleration of the sprung
mass are achieved, respectively, compared to the passive damping. Additionally,
comparing sprung mass responses of imposed negative stiffness —140 kN/m (Figure 5.5)
and —300 kN/m (Figure 5.7), an obvious phase ahead exhibits for the case 4, = —300
kN/m. It can be implied that, damping efficiency increases with decreasing stiffness.

The quantitative study is conducted immediately in the next section.
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The cases above refer to fully active control which can output the exact desired force.
However, it should be noted that, the semi-active dampers can only generate dissipative
force, i.e., the force in the same direction with velocity across the damper. Therefore,
the active force, as portray in 2"and 4™ quadrants of force-displacement loop (Figure
5.8(a)), has to be clipped accordingly. Therefore, the semi-active control scheme for the
emulated negative stiffness superimposed with viscous damping using MR damper is
devolved into

fnsv — {knsv(xs - xu) + Cnsv(xs - J.Cu) fdes ) (xs - J.Cu) >0 (5.12)

Jmr( = 0) faes = (s — %) <0

where f,,, (I=0) represents the passive-off state of the MR damper; f;., indicates the
desired control force calculated by Equation (5.11). The semi-active strategy of negative
stiffness with viscous damping is equivalent to the semi-active skyhook control. It only
requires the relative displacement feedback between the sprung mass and the unsprung
mass, i.e., the displacement across the MR damper. Figure 5.9 shows the responses of
the sprung mass. Fluttering in accelerations of the sprung mass, or equivalently applied
force, occurs due to the clipping. Around 28% and 17% reduction in the maximum
displacement and acceleration are obtained. Although the clipped case still outperforms
the passive suspension, the performance is considerably degraded compared to the
unclipped case which obtains up to 52% and 52% reduction in the maximum

displacement and acceleration.
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5.2.3 Dynamic analysis of vehicle structure featuring negative stiffness with viscous

damping

This section presents a quantitative analysis on the dynamics of the quarter car in terms
of the imposed negative stiffness. The negative stiffness is assumed to be emulated by
the actively control actuator, which indicates that no clipping action is required, and
thus the system is linear. Focusing on a quarter car incorporating the active force
emulated by negative stiffness with viscous damping, the equations of motion (Equation
(5.3)) can be rewritten as

Mg +Cq+Kgq=w (5.13)

Matrices M, C, and K, and vectors q and w are formulated as

a=[3) 19
Mz["ols rr?u] (5.15)

o A .16
c= [ o] s

0
w= [kpxt + cpfct] (5.18)

where £, is the imposed negative stiffness and c.,, is the viscous damping coefficient.
Looking into the undamped system, which is described by

M{ + Kq =0 (5.19)

The eigenvalue problem is formulated by:

(K— w?M)A = 0 (5.20)
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The eigenvalues @ of the system can be obtained by solving this eigenvalue problem.

Therefore, the natural frequencies of the sprung mass and unsprung mass of the quarter

car are
L |@it & | = 521
fi=5 |5+ VA@E, 5D (5.21)
1 | + &f ——
IR L BN Y (5:22)
where

@y = ’% (5.23)
S

&b, = jks * Ky + (5.24)
mu
~2 _ ~2\?2 2
AZ (C‘)u wS) + (kS + anU) (525)
2 m,mg

o2

7 (i = u, s) is the natural frequency of the constraint substructure of the sprung mass

and the unsprung mass, respectively.

The natural frequency of sprung mass varies with increasing stiffness, as presented in
Figure 5.10. It can be implied that, it is favorable to adjust the emulated stiffness
properties to avoid the resonant motion of the entire structure. The damping ratio of
sprung mass increases as stiffness component decreases, as presented in Figure 5.11.
Likewise, incorporation of the negative stiffness into the quarter car can enhance the

energy dissipating capability.
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5.2.4 Negative stiffness with friction damping

The negative stiffness superimposed with viscous damping inevitably involves clipping,
to deal with active force which cannot be realized by a semi-active damper. The energy
spillover associated with the clipped action would be introduced into the dynamic
system, which results in exciting other vibrating modes, and degrading the suspension
performance. It is rational to avoid this by introducing friction damping to replace the
viscous damping; thus, the damper force has an expression as

fusr = knsg(xs — x) + fesign(xs — #,,) (5.26)

where f. denotes the Coulomb friction force; function sign(-) takes the sign of the
velocity across the damper. Let x,, be the damper displacement amplitude. Then if &,y
Xsu < fo, the generated force only exhibits dissipative value; otherwise, Equation (5.12)
will have to be clipped, to deal with the non-dissipative force. The semi-active scheme
for negative stiffness with friction damping becomes

f= {knsf(xs — Xy) + fesign(ks — Xy,) faes - (ks — %) >0 (5.27)

fmr(I = 0) faes = (s — %) <0

Considering the lower-bound force at the passive-off state of the MR damper introduced
in Chapter 4, the parameters are selected as k,,= —140 kN/m and f;; = 1.8 kN, to avoid
the clipping action. Figure 5.12 and Figure 5.13 show the responses of the sprung mass,
and the force-displacement displacement and force-velocity loops of the damper,
respectively. 32% and 17% reduction in the maximum displacement and acceleration
are observed. The effectiveness slightly outperforms in comparison with the case of

clipped negative stiffness with viscous damping. The fluttering of acceleration is
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avoided. In addition, there exhibits a release as the acceleration or the damper force of

the sprung mass reaches its maximum and the displacement reaches its minimum.

5.2.4 Simulations

In order to investigate and compare the effectiveness of the negative stiffness
component on the vibration attenuation for rail vehicle, numerical analysis is conducted
on three kinds of suspensions, i.e., viscous damping, clipped negative stiffness with
viscous damping (semi-active skyhook damping), and non-clipped negative stiffness
with friction damping. The vehicle runs at a speed of 200 km/h on a straight track with
random track irregularities. The random track irregularities adopted are collected from
the Qinhuangdao-Shenyang Railway Line, China. The simulation is performed in
MATLAB Simulink. The simulation time period is 30 s. The fixed-step time is set as
0.001 s. Therefore, there are 30001 samples in total. The obtained root mean square
(RMS) of the displacement and acceleration is shown in Table 5.2. The index frequency
count of response that is grouped according to the spaced numeric ranges is adopted to
quantify the performance of the three suspensions. Figure 5.14 and Figure 5.15 shows
the frequency counts of the displacements and accelerations of the car body,
respectively. Improvements in response suppression can be observed both for clipped
negative stiffness with viscous damping and negative stiffness, compared with the
solely viscous damping. It is worth noting that, with respect to the displacement
responses, a slightly better performance can be achieved by clipped negative stiffness
and viscous damping in small displacements. The displacement response of the sprung

mass appears mostly below 3 mm. It implies that, the energy is mostly dissipated. On
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the other hand, focusing on the acceleration response, the non-slipped negative stiffness
with friction damping outperforms the others. The friction damping can effectively
avoid the fluttering of the damper forces to the sprung mass, or equivalently, the
acceleration responses, which is consistent with the illustration with sinusoidal
excitation. The negative stiffness with friction damping can better facilitate the

passenger ride comfort of a railway vehicle.

5.3 Simulation of a full-scale railway vehicle incorporated with

negative stiffness

5.3.1 15-DOF vehicle model for full-scale high-speed train integrated with MR

dampers

As shown in Figure 5.16, a 15-DOF vehicle model for full-scale high-speed train
integrated with MR dampers is established. The captured model consists of a car body,
two truck frames, and four wheelsets. The primary suspension connects the wheelsets
and the truck frame, while the secondary suspension connects the truck frame and the
car body. The wheels of the train make contact with the indeterministic track (i.e.,
straight track). The MR dampers are installed within the secondary suspension in the
lateral direction to replace the existing passive dampers. They are considered to account
for the attenuation of the car body lateral vibrations induced by the random track
irregularities. Since the lateral dynamics of the train is of primary concern in this
research, only the lateral translation, yaw motion and roll motion which are relevant to

the lateral dynamics are included in model dynamics representation, while the vertical
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dynamics (i.e., vertical translation and pitch motion) and the longitudinal motion are
ignored. The 15 DOFs of the train model are detailed in Table 5.3. Amongst, the lateral
motions of car body, trucks, and wheelsets are measureable, and the other (yaw and roll
motion) can be calculated from the measured lateral motions. The parameters for the
railway vehicle are listed in Table 5.4. The governing equations of the motion of the

high-speed train car body, bogie and wheelsets are formulated as followed.

(1) Car body dynamics

The car body dynamic behavior is characterized by the lateral translation (y.), yaw
motion (¢.) and roll motion (&;). The equations of motion are as follow.
mey, = syll + Fsylr + Fsytl + Fsytr (5.28)
Icz¢c = (Fsyll + Fsylr)l - (Fsytl + Fsytr)l + (stll - stlr)ds
(5.29)
+(sttl - sttr)ds
chéc = (Fszlr - Fszll)ds + (Fsztr - Fsztl)ds - (Fsylr + Fsyll)hcs

(5.30)
_(Fsytr + Fsytl)hcs

(2) Truck dynamics

The high-speed train includes two truck frames, identified as front truck and rear truck,
as depicted in Figure 5.16. The truck dynamics of the high-speed train is described by
the lateral translation (y,) and yaw motion (6;), in which the subscript i = 1, 2 (1

denotes the front truck and 2 the rear truck).

The governing equations of the front truck dynamics are formulated as follow.
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mtlytl = _(Fsyll + Fsylr) + prll + prlr + prZl + prZr (5-31)

Itl(ptl = _(stll - stlr)ds + (prll - prlr)dp + (prZI - prZr)dp

(5.32)
+(prll + prlr)b - (prZl + prZr)b
The governing equations of the rear truck dynamics are formulated as followed.
mtzytz = _(Fsytl + Fsytr) + pr3l + prSr + pr4l + pr4r (5-33)
Itz(ﬁtz = _(sttl - sttr)ds + (pr3l - pr3r)dp + (pr4l - pr4r)dp
(5.34)

+(pr3l + pr3r)b o (pr4l + pr4r)b
(3) Wheelset dynamics

The presented railway vehicle consists of four wheelset, two connecting to the leading
truck and the other two connecting to the trailing truck. The wheelsets are considered to
make contact with the straight tracks. The dynamic behavior of the wheelsets is
characterized by the lateral translation (y,;) and yaw motion (¢,;), in which subscript i
=1, 2, 3, 4 (1 denotes the front truck leading wheetset, 2 the front truck trailing wheelset,

3 the rear truck leading wheelset, and 4 the rear truck trailing wheetlset).

The equations of motion for the front truck leading wheelset are given by
My1Yw1 = _(prll + prlr) + Ftyll + Ftylr (5.35)

Ly1 Py = _(prll - prlr)dp (5.36)

The equations of motion for the front truck trailing wheelset are given by
My Vw2 = _(prZI + prZr) + FtyZl + Fter (5.37)

Ly2 Py = _(prZI - prZr)dp (5.38)
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The equations of motion for the rear truck leading wheelset are given by
My3Vws = _(prSI + pr3r) + Fty3l + Fty3r

Ly3Pws = _(prSI - pr3r)dp

The equations of motion for the rear truck trailing wheelset are given by
MysVwa = _(pr4l + pr4r) + Fty4l + Fty4r

Lys®ws = _(pr4l - pr4r)dp
(4) Suspension forces

The suspension forces of the secondary suspension system are given by
Foe = —ksx(@c — 911)ds — Csx (P — Pr1)ds
Foxir = ksx(9c — 911)ds + Csx (@ — Pr1)ds
Foxti = —ksx (0 — @2)ds — Cox (P — Dr2)ds
Foxtr = Ksx(@c — 912)ds + Csx (P — Pr2)ds
Foyu = —kgy (Ve — ye1 + @cl — Oches) — Csy(5’c — Vo1 + @l — Oches) — fsyu
Foyir = =Koy (Ve = Y1 + @cl=0ches) = coy (Ve = Yer + @el = Oches) = foyur
Foyu = _ksy(yC — Y2 — Pcl—0chegl) — Csy(Yc — V2 — Pl — échcs) - fsytl
Foyer = _ksy(yC — Y2 — Pcl—0chegl) — Csy(Yc — V2 — Pl — échcs) - fsytr
Foou = ksz0cds + ¢5,0.ds
Fopr = —ks,0.ds — cs,0.ds
Fop1 = ksz0cds + Coz0cds

For = —ksz0.dg — Cszécds

The suspension forces of the primary suspension are given by
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(5.39)

(5.40)

(5.41)

(5.42)

(5.43)
(5.44)
(5.45)
(5.46)
(5.47)
(5.48)
(5.49)
(5.50)
(5.51)
(5.52)
(5.53)

(5.54)



prll = _kpx((ptl - (pwl)dp - Cpx((ptl - (pwl)dp
prlr = kpx((ptl - (pwl)dp + Cpx((ptl - (pwl)dp
prZI = _kpx((ptl - ‘sz)dp - Cpx((ptl - waz)dp
prZr = kpx((ptl - (sz)dp + Cpx((ptl - (pwz)dp
pr3l = _kpx((ptz - (pws)dp - Cpx((ptz - (pws)dp
pr3r = kpx((ptz - (pw3)dp + Cpx((ptz - (pw3)dp
pr4l = _kpx((ptz - (pw4)dp - Cpx((ptz - (pw4)dp
pr4r = kpx((ptz - (pw4)dp + Cpx((ptz - (pwzl-)dp
Fop11 = —kpy Ve1 — Vw1 + @e1b) — ¢y (Ve1 — Vw1 + @1 b)
Fpy1r = —Kpy(Ver — Ywi + @e1b) — ¢y (Ve1 — Vw1 + @1b)
Fpyor = _kpy(ytl — Ywz — P b) — pr(J"n — Ywz2 — Pu1b)
Fpyor = _kpy(ytl — Ywz — P b) — pr(f’n — Ywz — @1 b)
Fyyzt = —kpy Ve2 — Yws + @e2b) — Cpy (Ve2 — Yws + @e2b)
Fpy3r = —kpy (V2 — Yws + @e2b) — ¢y (Ve2 — Yws + @e2b)
Fpyar = _kpy(ytz — Ywa — Pe2b) — pr(J"tz — Ywa — P2b)

Fpyar = _kpy(ytz — Ywa — Pe2b) — pr(f’tz — Ywa — @e2b)

(5) Track irregularities

Forces transmitted from irregular track are given by
Fey1 = _kty(ywl = Ye11)
Fiy1r = _kty(ywl = Ye1r)
Fiyor = —kty(sz = Ye21)

Fter = _kty(YWz = Yezr)
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(5.55)
(5.56)
(5.57)
(5.58)
(5.59)
(5.60)
(5.61)
(5.62)
(5.63)
(5.64)
(5.65)
(5.66)
(5.67)
(5.68)
(5.69)

(5.70)

(5.71)
(5.72)
(5.73)

(5.74)



Fty31 = _kty(YW3 = Yest) (5.75)

Fty3r = _kty(YW3 = Yesr) (5.76)
Fty31 = _kty(YWA} = Yeal) (5.77)
Fty3r = _kty(YWA} = Year) (5.78)

In Equations (5.14) — (5.56), F with different subscripts represents the suspension forces
in different directions. In the subscripts of F, the first letter (s or p) represents the
secondary or primary suspension, respectively; the second letter (x, y or z) represents the
direction of the suspension force; the third letter (/, ¢, 1, 2, 3, or 4) represents vehicle
components, i.e., ‘I’ is leading truck, ‘¢’ is trailing truck, ‘1’ is the front wheel of the
leading truck, ‘2’ is the rear wheel of the leading truck, ‘3’ is the front wheel of the
trailing truck, and ‘4’ is the rear wheel of the trailing truck. In Equations (33) — (36), f
with similar subscripts represent the MR forces in the lateral direction. When the MR
damper is installed to replace the existing passive damper, the c,, which represents the

damping coefficient of the passive damper is set as zero.

5.3.2 Semi-active Suspension systems for railway vehicle

Three kinds of suspension systems for railway vehicle using MR dampers are
investigated in this section, including passive-off MR suspension, semi-active
suspension with clipped negative stiffness superimposed with viscous damping, and
semi-active suspension with negative stiffness superimposed with friction damping. The
integrated vehicle runs on a straight track at a speed of 300 km/h with random

irregularities inputs, which is collected from the Qinhuangdao-Shenyang Railway Line,
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China. The performance of the three suspensions are compared, by using simulated
lateral, yaw and roll motion of car body, and lateral and yaw motion of trucks. The
simulations are done in the context of MATLAB Simulink, as seen in Figure 5.17. The
simulation time period is 30 s. The fixed-step time is set as 0.001 s. Therefore, there are

30001 samples in total.

5.3.2.1 MR suspension systems for railway vehicles

The MR dampers used in the simulations are the newly developed MR dampers
introduced in Chapter 4. The Parameters are given in Table 4.2. The inverse dynamics
of the captured MR dampers is employed to construct the damper controller, which
emulate the desired dynamics. In this simulation, three kinds of suspensions are taken

into account, which are:

(1) System A: passive suspension

The passive suspension is equipped with the existing passive hydraulic dampers of

CRH3. The damping coefficient is 10 kN-s/m.

(2) System B: semi-active suspension with clipped negative stiffness properties with
viscous damping

The damper force and displacement across the damper are monitored by the self-sensing
MR damper and fed back to the damper controller to emulate the negative stiffness with
viscous damping. Since the emulated dynamics inevitably involve active force, which is
not possible with semi-active actuators, clipping action is required. According to

clipping situation defined by Equation (5.11), the control current is tuned to zero, when
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the active force is desired.

In this case, the emulated negative stiffness is selected as -15 kN/s, around 10% of total
stiffness of the secondary suspension in the lateral direction; the accompanying viscous

damping is selected as 10 kN-s/m.

(3) System C: semi-active suspension with negative stiffness properties with friction

damping

Likewise, the negative stiffness dynamics is emulated by the MR dampers with force
and displacement feedback. Consider the lower force bound of the MR dampers, the
negative stiffness is determined as the same with that of system B, and the friction

damping is 500 N.

5.3.2.2 Simulations under random track irregularities

(1) Car body response

The RMS of vehicle body accelerations under random track irregularities is listed in
Table 5.5. It is worth noting that, the roll motion of the three suspensions is way too
small, compared to the other motions, i.e., lateral translation and yaw motion. It is
probably because the vehicle is considered to run on a straight track, not to negotiate a
curving, where roll motion strongly coupled with lateral translation is of significant.
Therefore, roll motion is trivial in this case, and can be ignored. The acceleration time
response within the given time range is showed in Figure 5.18. The amplitude spectrum

of acceleration is portrayed in Figure 5.19.
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It can be observed from Table 5.5, the RMS values of the lateral and yaw accelerations
of vehicle body integrated with negative stiffness are lower than that of passive
suspension, indicating the superior performance for vibration suppression of the
integrated negative stiffness. Additionally, the RMS values of the systems 4 and B,
which have the same stiffness property and yet different energy-dissipative patterns, are
much similar. It is consistent with the time response histories portrayed in Figure 5.18.
It implies that, the role of the negative stiffness in vibration suppression is of great

importance.

Focusing on Figure 5.19, two resonant peaks of the lateral and the yaw motions of the
vehicle body are all excited for the three suspensions. The two suspensions with
emulated stiffness both work better than the passive-off suspension A in suppressing the
two resonant modes simultaneously. There is no trade-offs between each other motions,
which was observed in the full-scale demonstration experiments (in Chapter 3) when
the control current is tuned louder. Likewise, the two suspensions with negative

stiffness play the similar role in suppressing the motions.

(2) Damper motions

Figure 5.20 shows the outputting forces of the MR dampers (f;,; and f;,;) installed
within the leading truck of the three suspensions of railway vehicle under random
irregularities inputs. Figure 5.21 depicts the corresponding displacement across the MR
dampers. And Figure 5.22 shows the force-displacement loops of the MR dampers for

the three suspensions over the entire simulation times.
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Focusing on Figure 5.20 and Figure 5.21, the three types of dampers behave similarly
in terms of displacement, whereas the passive dampers output much larger damper
forces than those of the other two. It is because that, the participation of negative
stiffness lowers the outcome damper forces. Additionally, the MR dampers of System C
output even lower damper force, compared with those of system B. Consider that their
effectiveness on car body vibration mitigation is similar, it can be concluded that, the
suspension C is more efficient than the suspension B. The negative stiffness properties

of System B and C are illustrated in Figure 5.22.

(3) Truck responses

The RMS of vehicle body accelerations under random track irregularities is listed in

Table 5.6. The amplitude spectrum of acceleration is portrayed in Figure 5.23.

It can be seen that, the RMS values of the lateral and yaw accelerations of truck for
railway vehicle integrated with negative stiffness are larger than that of passive
suspension, which behaves on the contrary to those obtained from vehicle body. It is
consistent with amplitude spectrum showed in Figure 5.23 that, the truck with passive
system vibrates much less, while the trucks with emulated negative stiffness vibrate
more intensively. It is beneficial for the objective of facilitating the passenger ride

quality, by attenuating the vibrations of vehicle body.

5.4 Summary

In this chapter, negative stiffness properties emulated by MR damper are investigated
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for its vibration attenuation performance for train vehicle. Firstly, skyhook damping,
negative stiffness with viscous damping, and negative stiffness with friction damping
are demonstrated by integration with a quarter car. It is observed that, an apparent
negative stiffness properties superimposed with the viscous damping is illustrated. All
of these three strategies are capable of excellent performance vibration suppression. And
direct emulation of negative stiffness outperforms skyhook damping, since
implementation of skyhook control requires the absolute velocity of the sprung mass
which is usually difficult to acquire, while application of direct negative stiffness only
requires the relative displacement velocity between the sprung mass and the unsprung
mass that is much easier to obtain. What is more, it can be observed that, introduction of
negative stiffness properties is able to adjust the natural frequency of the entire structure,

thereby avoiding resonant motion, and to enhance damping ratio of the structure.

Then the negative stiffness components are incorporated into secondary suspension for
a CRH3 EMU. The motions of the railway vehicle were represented by a
fifteen-degrees-of-freedom multi-body model. Numerical simulations investigated four
types of suspensions, that is, passive-off suspension, passive-on suspension, semi-active
skyhook suspension (equivalently negative stiff superimposed with viscous damping),
and suspension with emulated negative stiffness superimposed with friction damping.
The simulation results showed that, the fourth suspension outperformed the other three
in reducing the lateral vibrations of the vehicle body. However, it also generates more
vibrations in bogie than the other three suspensions. It is reasonable since the damper
forces to car body and to bogie are a pair of action and reaction. A decrease in car body

vibrations would cause an increase in bogie vibrations. On the other hand, MR damper,
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as a semi-active device, cannot generate active force. Therefore, emulation of negative
stiffness properties usually involves clipping action. In view of this, negative stiffness
superimposed with friction damping is capable of producing non-clipped semi-active
force by adjusting yield force. Nevertheless, either clipping action or specific shaping

would deteriorate its vibration attenuation performance to some extent.

To conclude, the introduction of the emulated dynamics would largely simplify the
control implementation. In other words, the developed semi-active suspension was
controlled to essentially vary its system characteristics, e.g. stiffness, according to the

feedback within the vehicle system.
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Figure 5.4 Force-displacement and force-velocity of damper
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Figure 5.6 Force-displacement and force-velocity of damper (k = - 140 kN/m)
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Figure 5.8 Force-displacement and force-velocity of damper (k =- 300 kN/m)

153



—— Clipped NSV
Viscous damping

—— Clipped NSV
8- Viscous damping

Displacement (mm)
[=]

& N
Acceleration (m/s)

@
N
wn

o
(8]
N

Time (s) Time (s)
(a) Displacement of sprung mass (b) Accelerations of sprung mass
Figure 5.9 Responses of sprung mass of clipped negative stiffness with viscous

damping

154



N
(0]

—_
[*))

—
~

-
N

—

Natural frequency of sprung mass (Hz)

o
o™

2 0 2 4 6
Stiffness (N/m) x10°

Figure 5.10 Varying natural frequency of sprung mass with increasing stiffness

0.12
2
© 011 [
=
2 01}
>
% 0.09'
ke
2 0.08}
©
20.07¢
3
S 0.06]
[m)]
0.05; 0 5
Stiffness (N/m) x 10°

Figure 5.11 Varying damping ratio of sprung mass with increasing stiffness

155



— NSF
6f Viscous damping
I 2

—— NSF
Viscous damping

Displacement (mm})
=

& b
Acceleration (m/s)
o

@
'
Y
o

Time (s) Time (s)

(a) Displacement of sprung mass (b) Accelerations of sprung mass

Figure 5.12 Responses of sprung mass of clipped negative stiffness with friction

damping
4 4
—— NSF —— NSF
3 — Viscous damping 3 — Viscous damping
2 2
=1 =1
=3 =
@ 0 @ 0
o o
5 <]
L .1 WL g
.2 -2
3 -3
-415 -1I0 5 0 5 16 15 -%‘2 -0“1 0 0:1 0.2
Displacement (mm) Velocity (m/s)
(a) Force versus displacement loop (b) Force versus velocity loop
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Figure 5.17 A 15-DOF railway vehicle model established by MATLAB Simulink
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Figure 5.22 Force-displacement trajectories of MR damper for three systems: (a)

system A with passive dampers, (b) system B with clipped negative stiffness and

viscous damping, and (c) system C with negative stiffness and friction damping
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Table 5.1 Parameters of quarter car model

m; (kg) ks (N/m) ¢s (N-s/m) my, (kg) k, (N/m) ¢, (N-s/m)
6500 5x10° 10x10° 1250 2.4x10° 3x10°*
Table 5.2 RMS of car body for three suspensions
Non-clipped
Clipped negative
negative stiffness
RMS Viscous damping stiftness with
with friction
viscous damping
damping
Displacement (mm) 0.0130 0.0059 0.0080
Acceleration (m/s?) 0.0015 0.0012 0.0010
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Table 5.3 Lateral motions of 15-DOF high-speed train model

Motion
Component Lateral
Yaw motion Roll motion
translation
Car body e (M) @ (C) - (C)
Front truck i (M) on (C) -
Bogie
Rear truck Y (M) 7X(®) -
Front truck leading
Ywi (M) Pw1 (C) -
wheelset
Front truck trailing
Vw2 (M) Pw2 (C) -
wheelset
Wheelset
Rear truck leading
Y3 (M) Pw3 (C) -
wheelset
Rear truck trailing
Vs (M) P4 (C) -

wheetset

Note that: M refers to DOF that is measureable; while C refers to that is calculated from

measureable DOFs.
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Table 5.4 Parameters for railway vehicle model CRH3

Nomenclature Value Unit
Centre distance between two trucks, 2/ 17500 mm
Wheel base, 2b 2500 mm
Length of primary suspension, 2dp 2000 mm
Length of secondary suspension, 2d_ 2460 mm
Length of car body and secondary
. 723 mm
suspension, /1
Mass of car body, m_ 26.1 t
Moment of inertia of car body, / 1102.73 t’mz
Moment of inertia of car body, / _ 84.56 t’mz
Mass of truck, m, 2.6 t
Moment of inertia of truck, /, 2.6 t’mz
Mass of wheetset, m 2.1 t
Moment of inertia of wheetset, / 1.029 t’mz
Lateral steel sprin in rima
, pring primaty 980 IN/m
suspension, kj,
Longitudinal steel spring in prima
st PHRg I primaty 980 KN/m
suspension, k,
Lateral damping in primary suspension,
ping 1 P 1y SusP 10 kN-s/m
Cpy
Longitudinal  dampin n rima
st ping primaty 10 KN -s/m
suspension, Cpy
Lateral air sprin in  seconda
, prng Y 158.76 kN/m
suspension, kg,
Longitudinal air spring in secondary
) 158.76 kN/m
suspension, ki,
Lateral hydraulic damper seconda
) Y P Y 10 kN-s/m
suspension, ¢y,
Yaw damper, ¢,y 440 kN-s/m
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Table 5.5 RMS values of car body accelerations for three kinds of MR suspensions

System A System B System C
Lateral (m/s°) 0.1450 0.0740 0.0751
Yaw (rad/s’) 0.0344 0.0177 0.0180
Roll (rad/s?) 7.4148 — 005 1.1060 — 004 1.2597 - 004

Table 5.6 RMS values of car body accelerations for three kinds of MR suspensions

System A System B System C

Lateral (m/s?) 8.3311 8.8591 8.9024
Yaw (rad/s’) 2.1157 6.6616 6.6616
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CHAPTER 6

CONCLUSIONS

In this research, an innovative MR secondary suspension with emulated
positive/negative stiffness dynamics is developed, with an aim to enhance the passenger
ride comfort of the high-speed trains. The MR dampers are installed within the
secondary suspension in the lateral direction, accounting for the augmented or
diminished negative stiffness and energy dissipation. The research work was focused on
(1) conducting the full-scale demonstration experiments on the MR secondary
suspension, (ii) formulating the direct and inverse dynamic model for the devised MR
damper, and (iii) numerically demonstrating the effectiveness of the proposed MR
suspension on vehicle body vibration attenuation. The findings and conclusions of this

research are summarized as follows.

(1) Full-scale demonstration experiments on MR secondary suspension

Two types of MR dampers (type-A and type-B) in different control ranges were
designed, manufactured, and incorporated into the EMU secondary suspension of a
high-speed train CRH3. The integrated train vehicle was tested on a roller rig to
demonstrate the feasibility of the MR secondary suspension. For System A, the whole
vehicle generally vibrated significantly. The type-A MR dampers probably worked in
pre-yield region, since it performed like a spring element, rather than an energy

dissipative component. For System B, the energy transmission among several frequency
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component oscillations was observed. The suppression of the low-frequency motions is

significantly beneficial for passenger ride comfort enhancement.

To conclude, the full-scale demonstration verified the operational feasibility of the MR
secondary suspension for high-speed trains. However, the control range of the MR

damper needs to be refined.

(2) Modeling of MR damper dynamics

A new type of MR damper with damper force and displacement sensing was designed
and manufactured. The damper can generate softer damping than that of type-A damper
so as to be more capable of energy dissipation, and larger control force than that of
type-B damper so as to be more competitive for high-speed operation. The minute
examination on the damper dynamics, such as post-yield viscosity, yield force,
force-velocity hysteresis width and inclination, indicated dependence on current input,
as well as amplitude and frequency. Therefore, a current-amplitude-frequency
dependent visco-elastic plastic model was proposed to forward dynamics representation.
The simplified representation was derived ignoring the MR effect on the hysteresis

width. The inverse model was obtained by analytically solving the simplified model.

Numerical simulation demonstrated the accuracy of the proposed direct model to predict
the input/output relationship of the MR damper. However, there were inadequacies in
low velocities when tracking the damper force, due to the assumption that the hysteresis

width in force-velocity relationship remained unchanged with different current levels.

(3) Numerical simulation of MR suspension with emulated stiffness dynamics
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The emulated positive or negative stiffness dynamics were incorporated into secondary
suspension for a CRH3 EMU. The motions of the railway vehicle were represented by a
fifteen-degrees-of-freedom multi-body model. The model consisted of a car body
portrayed by lateral translation, yaw and rolling, two trucks by lateral translation and
yaw, and four wheelsets by lateral translation and yaw. Numerical simulations
investigated four types of suspensions, that is, passive-off suspension, passive-on
suspension, semi-active skyhook suspension (equivalently negative stiff superimposed
with viscous damping), and suspension with emulated negative stiffness superimposed
with friction damping. The simulation results showed that, the fourth suspension
outperformed the other three in reducing the lateral vibrations of the vehicle body.
However, it also generates more vibrations in bogie than the other three suspensions. It
is reasonable since the damper forces to car body and to bogie are a pair of action and

reaction. A decrease in car body vibrations would cause an increase in bogie vibrations.

The introduction of the emulated dynamics would largely simplify the control
implementation. In other words, the developed semi-active suspension was controlled to
essentially vary its system characteristics, e.g. stiffness, according to the feedback

within the vehicle system.
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