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Abstract 

The objective of this project is twofold. One is to understand the features and 

mechanism of the instability phenomena of the duct with flexible wall, and the other 

is to use the tensioned membrane to control noise source with flow such as fan noise 

in the duct.  

In pursuing noise and wave control with minimal aerodynamic or hydrodynamic 

effect, a tensioned membrane backed by a cavity, namely the drum-like silencer, is 

used to partly line on the rigid duct wall. The membrane segment vibrates in 

response to the grazing incident sound and the vibration of the membrane acts as 

reflector to reflect the sound towards the noise source. The reflection of sound can 

be maximized at low-to-medium frequency range when the axial tensile force on the 

membrane is high to support the dominance of the first and second modes of 

vibration. The device has been tested successfully to achieve a good performance of 

transmission loss without flow and with mean flow at very low speeds. The effect of 

the flow on this device in practical usage has not been extensively investigated. In 

case of high flow speeds, tensile force on the membrane is highly increased in order 

to compensate and maintain the same amount of sound radiated energy. As a result, 

flow induced vibration is also observed at moderately high flow speeds and the 

unstable vibration of the membrane also generates much noise itself. Firstly, to 
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characterize the instability of vibration, direct measurement of the wall pressure 

fluctuation in the boundary layer is conducted as a preliminary to evaluate the 

characteristic and distribution of both aerodynamic and acoustic loadings on the 

membrane by using two-microphone with multiple measurement points. The 

experimental results revealed that the vibration of the membrane depends on the 

aerodynamic fluid loading rather than the acoustic loading. In order to allow for the 

free vibration at the lateral edge of the membrane in drum-like silencer for achieving 

effective sound radiation, there is an extremely small gap along the lateral edge 

which leads to the flow leakage through the gap. This is very crucial to the 

occurrence of vibration instability. In this regard, the aerodynamic effect on the 

vibration instability is investigated in details in case of the axial-flow and cross-flow 

directions. The instability phenomenon is found at the moderately high flow speed 

and it tends to disappear as the axial tensile force on the membrane is increased. 

Through a series of experiments, it is found that the vibration mode of membrane 

under the cross-flow condition will experience a three-stage process at different flow 

speeds: 1st mode of vibration at low flow speed, 1st and 2nd coupled modes of 

vibration at critical flow speed, and higher order modes of vibration at high 

supercritical flow speed. These findings are beneficial for the design of the 

membrane typed device and the method of clamping membrane in case of flow 

practically such as drum-like silencer so that the instability of the vibration can be 
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avoided. 

On the other hand, the configuration of the membrane with cavity can be used to 

reduce the strength of noise source directly instead of sound propagating path. This 

may share the same features of drum-like silencer but the working principle is 

different. The noise source is preferred to be dipole in nature and it can be an axial 

fan which is commonly used in the duct system. The noise suppression of it was 

successfully demonstrated both numerically and experimentally. The axial fan put at 

the middle of the membrane along the axial direction is regarded as the dipole 

source, which can induce the second mode of vibration of the membrane. The 

radiated sound from the membrane propagates towards upstream and downstream 

and is cancelled with the dipole source due to the full couplings between the 

vibration of the membrane and acoustic field inside the cavity. The two-dimensional 

simulation model is constructed to explore the sound and structure coupling as well 

as to understand the mechanism of the sound propagations, sound cancellation and 

the response of the membrane. The effects of several controlling parameters on the 

performance such as membrane length, the structure to air mass ratio and the tensile 

forces on the membrane are also investigated. From the view point of practical usage 

and installation of the fan, the performance of using membrane with cavity to cancel 

the axial flow fan noise is explored in a comprehensive three-dimensional 

simulation model. Optimization is conducted in searching the optimal shape of 
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cavity for a given volume and for the optimal structural properties of the membrane. 

It is found that the optimal insertion loss can achieve more than 20dB over the 

frequency range of interest when the tension applied is low. It is much better than 

that by using expansion chamber with the same expansion ratio to control the dipole 

source. Besides, the experimental result agrees fairly well with the numerical 

prediction, showing the effectiveness and reliability of the numerical model. Apart 

from the effective control of noise source, the membrane lined on the wall can 

eliminate the pressure drop in the flow through duct and hence no extra power 

consumption of the engine is required and energy can be saved. 
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Chapter 1 Introduction 

1.1 Review of the noise reduction methods in acoustics  

The ventilation and air-conditioning systems play a significant role in providing 

comfortable environments, but there is a problem of noise, especially at the low 

frequencies. The low frequency component is very difficult to control. The noise can 

be propagated into the working area through the duct from the air handling unit. To 

control the noise effectively, there are three key elements to attenuate noise 

transmitted to the receiver and thus reduce the annoyance. The first element is to 

control the source which is the most effective solution. The second one is to control 

the sound in the propagating paths so that the noise can be prevented from being 

propagated and the last one is to reduce the noise at the receiver such as ear muff. 

The methods in controlling the noise in the sound propagating paths can be 

generally categorized into passive and active. The former method can be further 

classified as dissipative and reactive noise control methods according to their 

physical perspective. 

The dissipative silencer in which there is sound absorption material is frequently 

utilized in the intake and exhaust ducts of gas turbines and ventilation ducts 

connected with industrial fans or cooling-tower installations. The noise is reduced 

through the dissipation of sound energy into heat by the relative friction motion 
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between the air and the absorbing materials resulting from the oscillations of the 

acting sound pressure, the air molecules and their random thermal motion in the 

interstices of a porous material, such as carpet, draperies, spray-applied cellulose, 

aerated plaster, fibrous mineral wool and glass fibre, open-cell foam, and felted or 

cast porous ceiling tile. However, this type of silencer is usually bulky, costly, and 

ineffective at low frequencies. Besides, they usually have an allowable pressure and 

momentum loss and there are also environmental problems as fibres are exposed to 

flow trap dusts. On the other hand, active noise control (ANC), which is good at 

controlling low frequencies, produces sounds with same amplitude and anti-phase 

through electronic technique to interfere with the original sound so that the noise 

will be cancelled. Nevertheless, it remains difficult to implement such as the 

requirement for extra power and robustness in a given range of operating conditions. 

The reactive means is used to control noise by sound reflection such as expansion 

chambers that remains attractive in noise control. These can be achieved by either 

the abrupt expansion/contraction of the cross-sectional area or a by-pass resonating 

chamber which consists of a cavity-backed opening and a panel for sound radiation 

at resonance. However, they are usually limited to narrowband and are ineffective at 

low frequencies. In order to widen the stop-band, Yi (1986) investigated a series of 

expansion chambers with a side inlet and outlet theoretically and experimentally. He 

also demonstrated the effect of high-order modes on the performance of the 
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side-in/side-out type of a chamber with consideration of the offset inlet/outlet 

locations. Xu(2003) examined the performance of a finite-length cylindrical 

dissipative expansion chambers. The results showed that the performance is a 

function of the radius, sound-absorbing properties such as thickness and flow 

resistivity of the fibre. Besides, the increment of fibre thickness and area ratio of the 

inlet radius to the silencer radius at the junction would improve the performance at 

the high frequencies. 

Helmholtz resonator is another classical device, where the air layer moves back and 

forth as vibration. The resonance frequency is determined by the speed of sound, the 

neck cross-section area, the neck length and the resonator volume. The transmission 

coefficient is zero which means reflection is totally baffled when resonating at the 

single frequency, so the efficiency is fairly high but with a narrow frequency band. 

Until now, Helmholtz Resonator still attracts many scholars to investigate and 

improve it in new ways; many adaptive techniques have been developed. Griffin 

(2001) computed the transmission loss (TL) of coupled Helmholtz Resonators. His 

works demonstrated that the TL was increased at the resonance frequency if the 

resonators had the same geometry but the overall performance was still limited to a 

narrow bandwidth. The combination of several Helmholtz Resonators with different 

sizes could widen the stop-band effectively. Afterwards, Kim (2005,2006) developed 

a novel silencer by serial and parallel arrangements of Helmholtz Resonators in the 
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absence of mean flow both theoretically and experimentally based on mutual 

radiation impedance and reflection of the incidence acoustic energy and attenuation 

in the resonator’s neck. It indicated that the amplitude of TL could be increased by 

the serial arrangement while the bandwidth of TL could be widened by parallel 

arrangement. To obtain maximum TL, the distance between the resonators should be 

equal to a quarter of its wavelength. This meant that the silencer with multiple 

resonators should be very long to reduce low frequency noise. Selamet (2004) 

investigated the acoustic performance of a concentric circular Helmholtz resonator 

lined with fibrous materials. The effects of the density and thickness of this material 

on the resonator behaviour were examined. The results showed that the resonance 

frequency and the peak value of the TL were decreased with increasing the thickness 

of fibrous material.      

It is known that pressure/momentum loss always leads to the requirement for higher 

power consumption and higher cost, and the higher power also leads to extra noises 

from the flow driving system. Therefore, side-mounting silencer without insertion of 

any splitter in the middle of the main duct would be an ideal configuration for noise 

control device. To eliminate the sudden change of cross sectional area in the duct, 

Fuchs (1988) developed the membrane absorber which consists of the vibrating 

metal membrane and a lightweight metal honeycomb structure to absorb noise at 

resonance. Afterwards, Frommhold (1994) investigated the physical mechanism of 
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such membrane absorber in detail and the influence factor on its performance. The 

membrane absorber was actually a combination of an array of Helmholtz Resonators 

which were covered by panels. There were two obvious peaks in TL spectrum. The 

two peaks were attributed to the resonance of Helmholtz resonator and vibrating 

plate. Fuchs further developed the patented device called ‘membrane absorber box’, 

which had a broadband performance in the low to medium frequency range. It is 

made by a host of combined Helmholtz and panel resonators in a honeycomb 

structure. A typical resonator unit consists of a rectangular cavity covered by a 

perforated membrane. Another impervious thin membrane was placed in front of the 

perforated membrane to form a narrow channel between the two sheets. The system 

of perforated panel with cavity resonates at a frequency about twice the resonant 

frequency of the Helmholtz system formed by the cavity and the aperture. The two 

resonance peaks are only weakly coupled. This device to control noise is by 

dissipation. Compared with the dissipative mechanism, the reactive mechanism of 

sound reflection is more effective in achieving a desirable TL in a duct system 

constructed mainly by membrane. Recently, Huang (2002) proposed such a wave 

reflection device in which flexible membranes were used to form part of the duct 

wall and the structure to air mass ratio was small. This is called drum-like silencer. 

As shown in Figure 1.1, it consists of a tensioned thin membrane backed by a 

slender cavity with a depth equalling to the duct height. When an incident sound 
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wave propagates from the upstream-side of the duct and passes over the membrane, 

it will induce the membrane to vibrate. As a result, with a subtle coupling of the 

whole system, part of the acoustic waves is reflected back to the upstream-side due 

to the sound radiation from the membrane and the strength of acoustic wave 

propagating to the downstream side will be reduced.    

 

Figure 1.1  Schematic of the drum like silencer configuration (Huang, 2002) 

The optimal results showed that the membrane with a length of five times the duct 

height can achieve a good performance from low to medium frequencies over an 

octave band. However, the optimal tension required to achieve good performance is 

high and it is difficult to be implemented practically. To minimize the sideway space, 

the cavity of the drum silencer was filled with helium gas and it was investigated 

through mathematical analysis, physical explanation, and experimental study by 

Choy (2005). Significant enhancement of noise reduction at low frequencies was 

observed when it was used with very shallow cavities. The light helium gas can 
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release the massive fluid loading on the second in vacuo mode of the membrane and 

thus it helps to increase the noise reduction at low frequencies. But there will be 

many problems on the injection of helium gas practically. 

In order to solve the problem of implementation, plate with high bending stiffness 

can replace the tensioned membrane. Huang (2006) proposed to adopt a plate with 

high bending stiffness and very low density which was used as a side-branch wave 

reflector to replace the tensioned membrane. The eigen frequency of the second in 

vacuo mode for plate vibration was changed to four times as much as that of first 

mode compared with twice for the tensioned membrane. For a given cavity volume, 

the widest stop-band for the configuration of using long plates with two free lateral 

edges parallel to with the duct axis has been found. Wang (2007) optimized it with 

the boundary condition of clamped support, which was easier to implement in 

practice. The results revealed that such a plate silencer could function effectively as 

a low frequency wave reflector over a broad frequency band, and a stop-band above 

one octave was achieved when the plate-to-air mass ratio was less than 3.5. The 

performance of the clamped plate silencer could be further enhanced by using plates 

with softer ends. This can be done by using non-uniform plate with different 

bending stiffness in different region. Optimization studies showed that, with a proper 

distribution of the bending stiffness along the plate, the widest stop-band of the 

clamped plate silencer might be up to 
2 1
/ 6.0f f =  for a mass ratio of m=1, which 
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was even wider than that of a simply supported plate silencer. 

Furthermore, modification on the properties of the plate was made in order to 

provide better performance. For instance, the plate can be made of perforated 

surface. The acoustic behaviour of perforated facings was analyzed by Bolt (1947), 

the acoustics wave interaction between the holes of the facings will become 

significant if the spacing between holes was less than diameter of each hole. In this 

regard, micro-perforated structures were designed and developed for room acoustics 

by Maa (1975).  Many new ideas such as non-fibrous, non-abrasive materials with 

non-polluting, almost closed and optically attractive surfaces had evolved from the 

pioneer work. With resource to the breakthrough of the innovative technology, now 

there are many improvements, for example micro-perforated panels (MPA), double 

layer MPA, mixed MPA with fibrous materials. Kang (1999) explored the 

combination of MPA and membrane based on the theories for both the membrane 

absorber, namely a limp lightweight tensioned membrane backed by an air space, 

and the micro-perforated absorber, namely a cavity backed plate with low aperture 

ratio but many apertures of sub-millimetre size, such as a glass-fibre textile or a 

micro-perforated membrane mounted over an airtight cavity. The effectiveness of 

one element relies on its relative impedance to the other. In other words, if the 

acoustic impedance of the apertures is much greater than that of the membrane, the 

absorption of the structure depends mainly on the characteristics of the membrane. 
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The apertures play a dominant role if their acoustic impedance is much less than that 

of the membrane. In order to improve the absorption capability, the acoustic 

impedance of the structure can be adjusted by varying the appropriate parameters of 

the membrane and apertures.  

The proposed noise reduction technology in the duct is normally investigated in case 

of no flow. In reality, almost all the silencer should be used in case of flow such as 

air conditioning and ventilation system. Usually, the effect of flow is divided into 

two parts in the current study. The first is the effect of a uniform flow on the 

performance of silencer including the sound reflection capability. In other words, the 

physics behind the coupling between the fluid dynamics, acoustic waves and 

membrane becomes more complicated because of the extra fluid loading on 

membrane due to the moving fluid. The second is the effect of turbulence on the 

plate vibration. If the sound energy radiated from the turbulence is comparable to or 

even larger than the incident sound, the performance of the silencer greatly 

deteriorates, and this problem may be important in the air conditioning system with 

branches, tuning points and elbows.  

For these two aspects, the effects of a mean flow and turbulent flow excitation on 

the performance of aforementioned drum-like silencer were examined by Choy 

(2005). For the flow speeds less than 15m/s in ventilation system, there was no 
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flow-induced instability of vibration. Besides, the quantitative effect of flow on the 

silencing performance obtained both theoretically and experimentally was mainly 

the smoothing and the shifting of the peaks, especially the second peaks in the 

transmission loss spectrum. For the flow-induced vibration of the two dimensional 

membranes, both vibration and flow measurements were also carried out by Choy 

(2007). Several parameters were studied to find out the region for the occurrence of 

instability such as the tension and the upstream flow speed. The results revealed that 

there was no flow-induced vibration when the flow speed was either too low or too 

high. The phenomenon is described as below. For a given tension value, the 

flow-induced vibration occurred when the flow speed increased, however, it was 

interesting that the linear growth of the membrane responses will be observed when 

the flow speed is lower than 12m/s or higher than 18m/s. As shown in Figure 1.2, 

the exponential growth of the amplitude with respect to time is observed when flow 

speed varies from 12m/s to 18m/s. Otherwise, the vibration growth tends to be stable 

concerning the linear transition. Furthermore, the rigid-walled cavity which is 

beneath the membrane and outside the duct significantly influences the flow-induced 

vibration by shifting the velocity ranges of the instability. 

 



 

Figure 1.2 Time trace of the amplitude growth of the vibration at different flow 

velocities (Choy,

Although there are several 

only some of possible mechanisms for the flow induced vibration 

Additionally, the vibration and noise in structures excited by turbulent boundary 

layer (TBL) flow on flex

as pipe systems, aircraft structures and car manufacture. 
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Time trace of the amplitude growth of the vibration at different flow 

velocities (Choy, 2007) 

there are several aerodynamic phenomena observed in the

possible mechanisms for the flow induced vibration 
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as pipe systems, aircraft structures and car manufacture. Duct walls in the air 
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1.2 Motivations and objectives of current work  

The objectives of the current project comprise two aspects. The first objective is to 

investigate the instability phenomenon occurred on the drum-like silencer. For the 

drum silencer in ventilation system, the combination of both the fluid and the 

acoustical loadings will influence the vibration of the membrane. To clarify this, the 

first task is to distinguish the pressure components of both acoustical and fluid 

loadings exerting on the membrane. Therefore, the characteristics of the wall 

pressure are investigated to determine the main controlling factor on the vibration of 

the membrane. Another proposed task for the further study is to understand the 

features of the vibration such as the influence parameters and its coupling effect of 

those parameters. It is believed that the vibration instability can be diminished and 

precluded with some modifications on the present configuration. The full 

understanding of the physical phenomenon serves as a fundamental research and 

will facilitate the design and modification in the practical application. 

On the other hand, the second objective of the thesis, which is the most important 

part in the project, is to develop the noise reduction of a dipole source by using the 

silencer with tensioned membranes. Although it can be regarded as the extension 

work on the drum silencer in respect that it shares the same features of the silencer, 

the principal concept and methodology is quite innovative and independent. In more 
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details, the configuration of the membrane with cavity can be used to reduce the 

noise source directly instead of sound propagating path. In fact, the noise source is 

preferred to be dipole in nature and it can be an axial fan which is commonly used in 

the duct system. By doing so, there are two specific steps throughout the study 

regarding the performance and mechanism of the dipole noise control by tensioned 

membranes. The first step is to establish the computation and simulation method of 

calculating the dipole noise abatement by the silencer with tensioned membranes in 

two-dimensional (2D) configuration. The optimization procedure on the 

performance is carried out to search for the optimal physical parameters of the 

structure and aerodynamic properties. The second step is to examine the 

performance of such kind of silencer in a three dimensional (3D) model, which is to 

be validated by the realistic experiment. The axial flow fan is employed as the dipole 

noise source. The numerical calculation results of the noise reduction are 

experimentally verified with the aid of the realization of the prototype silencers. 

1.3 Review of wall pressure features in fluids and the instability of 

flow past the flexible panel 

The pressure developed beneath a boundary layer on the hard wall is called the 

blocked pressure. The response of flexible panel excited by the wall pressure 

fluctuations arising from the boundary layer turbulence depends on both the 



Chapter 1 Introduction 

14 

 

temporal and spatial characteristics. Turbulence is an intrinsically nonlinear process, 

which can only be expressed in statistical terms and is generally described by some 

semi-empirical models.  

To quantify the properties of the fluctuation pressure on a planar wall, previous 

theoretical works focused on understanding how turbulent velocity fluctuations 

induced wall pressure fluctuations and many experimental efforts were put on 

obtaining the wave number-frequency spectrum of the wall pressure field. This 

spectrum represents the distribution of the energy of these pressure fluctuations in 

frequency and wave number. Mathematically, it is the Fourier transform of the 

space-time correlation of the wall pressure. Howe (1987) firstly performed a 

theoretical investigation of the wave number frequency spectrum of wall pressure 

fluctuations induced by turbulent boundary layer flows of low Mach number. The 

findings indicated the existence of a spectral peak at wave numbers in the vicinity of 

the acoustic wave number. This peak was of infinite amplitude for an ideal 

homogeneous boundary layer on an infinite plane wall, but was finite in practice 

because properties of the flow generally had little or no impact on the structure of 

the pressure spectrum at other wave numbers. Howe (1991) also summarized the 

empirical models of the turbulent boundary layer wall pressure spectrum and 

radiated sound. A very useful model was proposed by Chase (1980), in which there 

were several adjustable coefficients and the values were confined in both the 
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convective and low wave number regions. However, this theoretical study was 

restricted to isentropic boundary layers at low Mach numbers without a mean 

pressure gradient. And the understanding of the properties of the sub-convective and 

acoustic domain is still insufficient. Chase (1987) then extrapolated his empirical 

model related to the acoustical parameters but the result had not been validated 

experimentally. Chase (1991) also reviewed the properties of the wave 

vector-frequency spectrum of fluctuating pressure on a smooth planar wall in 

turbulent boundary layer flow at low Mach number. He pointed out that in the range 

of low wavenumbers, the amplitude in the spectrum would be expected to depend on 

the square of the wave number; in a higher sub-convective range, most pertinent 

experiments showed that the spectrum became wave number-white. Both Howe and 

Chase asserted that the reliability of the various models had remained controversial 

and the model was totally invalidated by experiment in the acoustic domain although 

those formulae representing wall pressure in the flow convective region could 

probably be used.  

Numerous experimental studies of the fully developed turbulent boundary layer and 

wall pressure spectra were conducted by Karvelis (1975), Bull and Norton (1981), 

Sherman (1990) and Farabee (1991). Typically, the studies include that the air flows 

over a surface , called external flow and the air flows flow through a tube/pipe, 

called internal flow. The measurements were basically similar. Two-point 
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measurements were used to infer the wave number frequency characteristics of the 

wall pressure from the cross spectrum analysis. Those results were very useful in the 

theoretical modelling but the variation of the pressure along the wall was still 

unknown because there was no spatial analysis for the wall pressure. Then arrays of 

pressure transducers were adopted to obtain wave number spectrum. Direct 

measurements of turbulent boundary layer wall pressure fluctuations in streamwise  

direction were conducted by Abraham (1998) in an acoustically quiet water tunnel. 

The results showed that the highest energy is observed along the convective ridge. 

Many physical parameters of the boundary layer such as mean wall shear stress, 

boundary layer thickness, displacement thickness and momentum thickness were 

derived to normalize with the time and length scales. And the scaling provided an 

excellent collapse of the spectrum over all resolved wave numbers for the Reynolds 

number range covered in the experiment (8100＜Re＜16700). For the drum-like 

silencer, an important character of the wall pressure spectra is that both the 

aerodynamic and acoustic components should be considered at the same time. To 

quantify and separate these two excited loadings, Auguillat (2005) developed a 

rotative array method to measure the complete map of cross-power spectral densities 

over a large area. Through analysis of the spectra, acoustic energy inside the 

boundary layer was about 5% of the aerodynamic energy. This measurement was 

also used to find out the surface pressure fluctuations in case of turbulence flow such 
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as the separated and reattaching flows over a forward/backward-facing step or by an 

unsteady wake (Lee and Sung, 1999, 2001, 2002, Chun, 2004, Hudy, 2003, Camussi, 

2008, Josser 1990, Park, 2008). Apart from studying the spectrum of the pressure 

variation in the external flows, there are some studies on the characteristics of the 

pressure fluctuation inside the duct which is also to be investigated in the current 

project. Gerald (1987) investigated the turbulent boundary layer wall pressure 

fluctuations inside a pipe with fully developed turbulent flow of glycerine by the 

signal processing method. The non-dimensional spectra measured in that study 

agreed quite well with those measured under a turbulent boundary layer on a flat 

plate in air. Lai et al(1992) presented the turbulence wave number spectra were in 

fully-developed smooth pipe flow for a range of Reynolds number from 6900 to 

26800. The most intense waves were characterized by the spectral peaks and found 

to convect approximately at the local mean fluid velocity. Agarwal (1992) compared 

the wall pressure fluctuations under the undisturbed flow condition in fully 

developed turbulent pipe with that under disturbed flow condition due to the existing 

of an orifice plate. It was revealed that the power spectral density for the wall 

pressure in undisturbed flow was much higher than that in the disturbed flow. Such 

huge difference was attributed to propagating acoustic waves generated by the flow 

disturbance. Additionally, the acoustic component obtained by subtracting the 

hydrodynamic component from the total wall pressure fluctuations was dominant in 
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the nominally undisturbed flow at the upstream-side of the orifice as well as the 

reattaching and recovering flow at the downstream-side of the orifice.  

Some of the prediction models for the turbulent boundary layer wall pressure were 

examined by many researchers. Choi (1990) predicted the wall pressure by using 

numerical simulation of turbulence in the channel. It was shown that the similarity 

pattern of the pressure spectra for all models can be obtained at high frequencies and 

high wave numbers. Capone (1995) made a great effort on studying the effects of the 

transducer spatial averaging. When a comprehensive set of new empirical constants 

were provided based on the experimental findings, the results exhibited that the 

Chase model(1987) gave the best method for predicting the turbulent boundary layer 

wall pressure spectra at convective and sub-convective wave numbers for the low 

and medium frequency range (below 1000Hz). Lysak (2006) developed a stochastic 

model based on the Poisson pressure equation to predict the wall pressure inside the 

pipe. When the parameters such as the turbulent mixing length and Reynolds stress 

are known, the model could be very accurate to predict the wall pressure over a large 

range of Reynolds number. 

Apart from the wall pressure distribution along the wall of the pipe, another 

important issue is to see whether there is instability of the flexible structure of the 

duct wall in the axial flow. Generally, the instability for the flexible panels exposed 
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to fluid flows could be classified into three types. The first type is 

Tollmien-Schlichting instability (TSI) which is mainly concerned at the early stages 

of flow transition from laminar to turbulent in the boundary layer. The energy was 

transferred from mean flow to the perturbation by the enforcement of the wall 

friction layer. The second type was the travelling wave flutter and the energy was 

transferred within the gradient of vorticity at the critical layer where the mean flow 

speed was the same as the wave speed generated by wind (Miles, 1957). The third 

type is the static divergence and Kelvin-Helmholtz instability which is regarded as 

class C instabilities (Landahl, 1962). It was observed that the destabilizing effect 

was determined by the structural damping. In principle, the main causes to the three 

distinct instabilities were, respectively, fluid viscosity, vorticity gradient and fluid 

inertia. The flutter could be caused by self-induced structural vibration due to linear 

disturbances. For the axial flow past the flexible panel, different types of instability 

on various boundary conditions at the leading and trailing edges will be observed 

(Guo and Paidoussis, 2000). The understanding of the phenomena for the flow 

induced vibration on the tensioned flexible wall is still not enough based on the 

existing literatures. Huang (1997) pointed out that two physical parameters were 

required to be considered in the wall pressure perturbation. One is the wall 

displacement and the other is the velocity of the wall motion. The first component 

was the only one leading to destabilize for potential flow while the second 
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component produced a wave drag and irreversible transfer of energy from the flow 

to waves. These were considered to be the possible mechanisms for the self-excited 

oscillation. Afterwards, Huang (2001) studied the coupling between Poiseuille flow 

and a tensioned membrane of finite length. The results showed that there are crucial 

effects on the characteristics of the membrane instability at the upstream-side and 

downstream-side of the channel. Furthermore, the elastic waves over a finite 

membrane had a standing wave pattern which could be decomposed into up- and 

downstream-travelling waves. And the downstream travelling wave was responsible 

for the energy transfer from the fluid to the wall. Stewart et. al. (2009) explored the 

instability of the laminar flow past the flexible wall which is made of a massless 

membrane under a longitudinal tension at high Reynolds number. Two particular 

classes of oscillatory instability were considered in his study. One of them is the 

instability due to the high wall tension at uniform flow condition while the other is 

the non-uniform flow condition. It was found that the former disturbances could 

extract energy from the mean flow in a different manner to the latter one that 

emerged from a non uniform base state. In short, several assumptions such as the 

velocity profile and the external pressure distribution were often made to execute the 

numerical analysis. As far as the author's knowledge, the experimental investigation 

was not seen in precedent work. The current research mainly focuses on the 

vibration measurement of the membrane under a real flow condition. It is expected 
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to describe the characteristics of the instability and the flutter vibration through a 

systematic parameter study. 

1.4 Review of the reduction of fan noise 

The aerodynamic noise generated from the fan contains a combination of discrete 

frequency noises, which are related to the blade passing frequency (BPF), its 

harmonics, and broadband noise. In general, the basic physical mechanism was put 

forward by Gutin, who revealed the sound radiation by the rotation of the steady 

loading in his pioneer study (1936). Later, Lighthill(1952) developed the well 

known acoustic analogy as the general theory of the aerodynamic sound. And in an 

extensional work by Ffowcs Williams and Hawkings (1969), their famous equation 

was widely used for considering the effect of all solid boundaries in arbitrary motion. 

Concerning the broadband noise, Sharland (1964) pointed out that the possible 

sound sources arose from the unsteady surface pressure by the separation of the 

boundary layers at the trailing edges, and random inlet flow turbulence. More 

recently, the source characteristics of the computer cooling fan were briefly 

reviewed by Wang (2004), the main mechanism of fan noise consists of five aspects: 

the tip leakage flow, the non uniform inlet flow condition, turbulent and separated 

flow condition on a rotor, trailing edge noise and the rotor-stator interaction. 

Afterwards, Huang (2005) succeeded in quantifying the important noise sources 
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from the inlet flow distortion that was attributed to the incomplete bell mouth and 

the interaction of rotor blades with the downstream struts.  

As for the typical fan operating in the duct or mounted within a cylinder shroud in 

the ventilation system and aircraft applications, the sound waves inside the duct are 

confined by the duct walls and the number of propagating duct modes can be 

diminished. The unsteady fluid loading inside the duct comprises two components. 

The first one is the thrust force along the duct in the plane wave mode and the 

second one is the drag force in the circumferential direction which would not 

propagate below the first cut on frequency of the duct. The importance of the ducted 

fan is that, however, it is more efficient in producing thrust than a conventional 

propeller, especially at higher rotational speed by reducing the blade tip losses and 

directing its thrust towards the back only. Due to the complexity of the mechanism 

involved in the generation and propagation of fan noise, the problem can be tackled 

by dividing it into a sound source and a propagation aspect. In the current study, the 

abatement of sound radiation and propagation at the duct exits is the main concern, 

which is different from traditional methods. The fan noise is totally modelled as a 

distributed dipole source, and the effect of non compactness is considered to be very 

small because of near zero spinning pressure mode of the leading radiation (Huang, 

2005). Thus the advantage of such strategy lies in the little requirement of source 

prediction because it is regarded as an internal one. 
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Before introducing the current methodology on fan noise control, the major 

techniques of the fan noise reduction were reviewed herein. Basically, there are two 

major techniques on reducing the fan noise: passive and active methods. In terms of 

the passive control, although the acoustical duct liner such as porous sheet or metal 

foams can be used to increase the acoustic treatment area over the tip of the rotor 

and absorb the radiated noise, it suffers from inherent limitations, such as size, 

weight, hygiene problem and harsh environment. Besides, it becomes less effective 

with increasing engine bypass ratio and a reduction of the nacelle thickness, thus a 

decrease of the liner depth. The state of the art of reactive techniques that mainly 

rely on the design experience of the fan may be otherwise another promising 

replacement. Edmane (2001) reviewed some developments in the low noise fan 

stage design, for instance, swept and leaned outlet guide vanes, fan flow 

management and scarfed inlet. Recently, an overview of the major accomplishments 

from NASA research programs was conducted by Dennis (2007). The findings 

indicated that the reduction of fan noise could be obtained by delaying the onset of 

multiple pure tones with forward swept fan, by increasing the phase changes from 

hub to tip of the unsteady aerodynamic with the swept stators, or by controlling the 

incidence angle of flow near the rotor and stator with variable area nozzles.  

Other than the design consideration of the noise source, some researchers focus on 

the reduction of sound propagation in the duct. Nijhof (2004) investigated the fan 
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noise reduction by means of circular side-resonators both theoretically and 

experimentally. Two typical kinds of tube geometries including the prismatic tube 

and a cylinder air layer were modeled and integrated in the duct to cause an 

impedance change, and acted as an acoustic mirror reflecting the noise back to the 

fan. Nevertheless, the performance shares the features of other resonators and can 

only achieve a narrow band insertion loss of high magnitude when the dimensions 

and location of the resonator were properly chosen. Moreover, the two and three 

coupled circular resonators of developed configurations have been validated with 

experiments.  

The active noise control method to abate the sound radiation from the source is 

similar to traditional active control method in which a given acoustic field is 

cancelled by a secondary sound source with same amplitude but opposite phase from 

the reference signal. The array of actuators to produce the cancelling field was used 

and these array actuators generally composed of an arrangement of microphones 

(Koopmann et al, 1988, Gerhold, 1997), or resonant type drivers (Walker, 1999) or 

conventional electromagnetic drivers (Lauchle et al, 1997). Wang and Huang (2005, 

2006) investigated the reduction of both drag noise and tonal noise from a small 

axial flow fan by virtue of active control scheme consecutively. A mini electret 

microphone was used to measure the rotational acoustic sound field and an ordinary 

loudspeaker was used as cancelling source. The experimental results showed that the 
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globally integrated sound power was reduced by about 13 dB for the drag noise and 

by 11dB for the radiated tonal noise, respectively. Nevertheless, one important point 

in the reported studies is the application of the baffle in the rotational plane of the 

fan to simplify the acoustic field. Consequently, the acoustic directivity pattern 

cannot be quantified owing to interference among different components in the global 

field. The acoustic directivity shows a tilted pattern as a result of the interference 

among various radiated waves, which means that there is the partial cancellation of 

sound (Gerard, 2005, Huang and Wang, 2005). Furthermore, the assessment 

regarding the practical application of the active noise control remains in question 

due to the stability of the whole system. Some hybrid systems that integrate the 

acoustic treatment are also explored. Wong (2003) investigated the attenuation 

effectiveness of the combination of passive and active method. He used thick wool 

blanket to reduce fan noise and active noise method with the aid of an infra red 

device as a reference signal source to reduce the low frequency discrete noise with 

high amplitude. Such combination can produce an overall attenuation of about 6dB 

of the A weighted sound pressure level.  

Although much effort was spent on fan noise reduction, the   discussions and 

understandings lacked of concerning the control of the noise source itself, especially 

in a broadband frequency range, in literature. Note that the noise source was usually 

regarded as a monopole, while the fan is more like a dipole in nature, particularly 
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placed in the duct. Huang (2010) proposed a reactive method to control the dipole 

noise source by using expansion chamber to enclose the dipole source. Two aspects 

in the noise reduction mechanism in this design are considered: (a) the length and 

expansion ratio of the expansion chamber and (b) the acoustical interference 

between the noise radiation and the reflection at the duct junctions due to the 

impedance mismatch. The results show a desirable performance of an octave over 10 

dB insertion loss in the frequency range below the cut on frequency. It is quite 

effective to control noise radiation from the source at low frequency towards zero 

frequency. Such kind of configuration with sudden change of cross sectional area 

will cause the back pressure problem in case of flow. In order to avoid it, membrane 

is used to line along the inner tube of the chamber segment. In principle, this may 

share the same features of drum-like silencer but the working principle is different. 

There are several potential advantages of thin membrane to line along the expansion 

chamber. (a) Pressure drop can be eliminated in case of flow condition and (b) It is 

expected that there will be high noise reduction on the broadband frequency noise 

near the BPF of the fan and its harmonics when the membrane vibration is fully 

coupled with the acoustical field. Such broadband abatement can be more pragmatic 

and sustainable even though the fan speed varied. 
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1.5 Outline of the current work 

The study involves both theoretical and experimental efforts. The objective of the 

current study lies in two main aspects. One is to understand the occurrence of 

vibration instability on the tensioned membrane in case of different flow speeds, and 

the other is to investigate the application of the expansion chamber with tensioned 

membrane on the noise source control of the axial flow fan. The background and 

objectives of the current project including the overview of the relevant works are 

introduced in Chapter 1. 

Direct measurement of the wall pressure fluctuation in the boundary layer of the 

rigid wall is conducted by using two-microphone with multiple measurement points 

and the analysis is described in Chapter 2. The characteristic and distribution of both 

aerodynamic and acoustic loading on the membrane have been evaluated in terms of 

the wave number frequency spectrum analysis. The response of the flexible panel 

can be qualified by the pressure field near the surface of the panel. The pressure 

field can be measured by the electret microphones and analyzed by the correlation 

and coherence with the panel vibrations.  

In Chapter 3, the flow effect on the unstable vibration of the membrane lined along 

the duct is to be investigated experimentally. The flow behaviour is divided into the 

axial-flow and cross-flow, separately. Two kinds of new configurations are 
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fabricated for investigating the instability of the tensioned membrane with different 

flow speeds in the axial-flow and cross-flow respectively. The modal pattern and 

deformation of the membrane vibration in case of instability are measured by 

scanning the whole surface with a scanning laser vibrometer. Meanwhile, the critical 

velocity of the occurrence of instability vibration of the membrane and the affecting 

physical parameters are to be found through a series of experiments. 

The feasibility of the control of the dipole noise source by using an expansion 

chamber with tensioned membranes is to be studied in Chapter 4. The feature is 

similar to drum like silencer but the mechanism is different. The performance of 

such a kind of silencer controlling the noise source is investigated by using the 

numerical simulation in 2D configurations. The optimization is also performed in 

order to obtain the maximum noise reduction in a specific frequency range. The 

insertion loss of 10 dB everywhere over a frequency range more than an octave for 

an infinite duct can be achieved. In addition, the physics behind is to be explained in 

detail by using the modal analysis and impedance explanation. 

The validation of the performance of the theoretical model with experiment is to be 

described in Chapter 5. For the accurate prediction, the performance of the silencer 

with tensioned membrane will be investigated by using finite element method in 3D 

configuration with a finite rectangular duct and a backed cylindrical cavity. In the 
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experiment, both the loudspeaker and the axial flow fan are modelled as the dipole 

source, and the acoustic pressure is measured at the open end of the duct. The 

insertion loss spectrum obtained from the measurement is to be compared with that 

predicted from the calculations. Conclusions and the main findings in the instability 

vibration measurement of flow past over the membrane and the dipole noise 

controlled by the silencer with tensioned membranes are to be summarized in Chapter 

6.      
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Chapter 2 Measurement of the pressure wave number 

frequency spectrum on the rigid wall 

2.1 Introduction 

This Chapter describes the wall pressure characteristics on the rigid wall in terms of 

the wave number frequency spectrum through a series of measurements. The 

pressure loading on the flexible wall can be qualified based on the pressure spectrum 

analysis on the rigid wall.  

Generally, for flow passing through the duct in any configuration and noise control 

device, the wall of the duct suffers the combination of the aerodynamic and acoustic 

loadings. Such loadings may cause the instable vibration of the flexible wall. To 

clarify the relation between the loadings and the instable features, the phenomenon 

of the instable vibration occurred in the drum like silencer was summarized in two 

aspects as below. First, the critical flow velocity of the instability increases with the 

increment of the tension. The velocity range from 7m/s to 15 m/s and the tension 

range from 100N to 900N were considered in the previous experiment (Choy, et al 

2007). Second, the dynamic response of the membrane is mainly dominant at low 

frequency range of 100Hz to 200Hz. 

For the rigid duct, wall pressure under the different flow velocities is measured 
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experimentally by two-point method. The two components of the pressure loading 

such as aerodynamic and acoustic loadings beneath the boundary layer are analyzed 

based on the correlation of the pressure at different measuring points. There are flow 

convection and sound propagation inside the duct simultaneously and their 

propagating speeds are quite different. These two different wave speeds can be 

found out through the time space analysis. The wave number frequency spectrum 

can be obtained from the Fourier Transform of the time space results. It represents 

the energy distribution of these pressure fluctuations with respect to the frequency 

and wave number. From the result of wave number frequency spectrum, two lobes 

with different slopes will be observed which stand for the flow and the sound parts 

respectively. Mathematically, the slopes signify the wave speeds in the spectrum. 

The pressure distributions along the duct are to be studied and the results are 

expressed in the power spectrum, correlation map. According to the energy 

distribution over the spectrum in frequency domain and amplitude, the aerodynamic 

and the acoustical loadings due to the flow can be quantified. The relevance of the 

peak frequency of the vibrating membrane to the pressure distribution is to be 

analyzed in order to find out the dominant factor to induce the instability of the 

membrane vibration.  
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 2.2 Experimental setup 

The experiment set-up including the test rig, equipments, instrument calibrators and 

the measuring procedures are to be introduced. The data post-processing and 

analysis are also to be described. 

2.2.1 Acoustical wind tunnel and test rig 

The experiment is conducted in the specially designed acoustical wind tunnel in 

which the noise of the fan driving the closed-loop flow is absorbed by the acoustic 

linings.  A schematic diagram of the wind tunnel is shown in Figure 2.1. 

 

Figure 2.1 Acoustical wind tunnel facility schematic 
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This acoustic wind tunnel comprised six main sections such as the settling chamber, 

the nozzle (contraction cone), the guide, the testing section, the diffuser, and the fan 

housing with a variable speed fan motor. The speed is controlled by a fluid clutch, 

and the centerline stream wise mean velocity can be varied up to 50m/s. The 

velocity is measured by the anemometer with the Pitot tube located at the upstream 

of whole test section. The mini CTA 54N81 and Probe P11 hotwire system from 

Dantec Dynamics® is also used to measure the fluctuation of the velocity and 

turbulence intensity. 

The test section of the wind tunnel is 100mm by 100mm in cross section and 1.8m 

in length. To ensure the uniformity of the flow, the turbulence intensity and the flow 

velocity are checked by traversing the hotwire across the working section with an 

interval of 5mm. The turbulence intensity is less than 1% on average.   

2.2.2 Microphone performance 

The pressure-type microphone (151-series product from Tibbetts® industries) with a 

diameter d of 2.56mm was used to measure the fluctuating pressure on the surface of 

the wall. The pressure response at different frequencies is shown in Figure 2.2 and 

there is no any obvious change of amplitude in the frequency range of 200 Hz to 

6000 Hz. For frequencies below 100Hz, although there is roll-off at 3 dB per octave, 

it is still in an acceptable range. 
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Figure 2.2 Frequency response of 151-Series miniature microphone 

With reference to the measuring approach used by Farabee and Geib (1991) and 

Manoha (1991, 1996), an array sensors were mounted in the center line of the 

bottom wall of the testing section with spanwise direction to measure the wall 

pressure distribution. In the current study, two-point measurements with two sensors 

by moving the positions were adopted because of high price of the good quality of 

the electret microphones.  

Figure 2.3 shows the layout of the measuring position which is similar to that of the 

array sensors used by Manoha (1991, 1996). In order to increase the spatial 

resolution, the measuring positions on the bottom of the duct surface are equally 

spaced in the streamwise direction with an increment, ∆x, of 10mm. The total 

measured length is 500mm, which equals the membrane length and the position of 

the holes are referred to locations of the membrane in the previous study of (Choy 
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2005, 2007). The resolved wave number is / /x k xπ π− ∆ < < ∆ ( 2 xλ > ∆ ) 

according to the Nyquist–Shannon sampling theorem. Generally, the sensor spacing 

is always larger than the sensor diameter. To avoid the pressure drop and leakage, all 

the holes are plugged with a cylinder bar except the two measuring points. 

Theoretically, the membrane type silencer is investigated in two dimensions. The 

loading on the membrane is along the streamwise direction. For the characteristics 

of the wave number frequency spectra in the spanwise direction, it is basically a 

symmetric distribution with respect to the center in similar tests(J Kim and HJ 

Sung,2005; Ronald L Panton,1998). And this reveals a two-dimensional structure of 

wall pressure fluctuations.  

 

Figure 2.3 Layout of the measuring point position 

2.2.3 Microphone calibration 

Basically, two microphones have different frequency response upon excitation even 

if they are the same model. The extent of the mismatches in amplitudes and phases 

will depend on the frequency of excitation. Thus, a correction or calibration is 

needed for accurate measurement. One calibration method is to put two microphones 
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at the same rigid end of the duct (Sullivan and Crocker, 1978) and the amplitude 

ratio and phase difference can be obtained. However, the microphone holder used in 

the experiment should also be considered as well. On the other hand, the calibration 

can be done by flush mounting two microphones in the wall of the duct (ISO 

10534_2:1998, Choy 2003) and swapping their position in order to gain their 

transfer function. Figure 2.4 displays the set-up for calibration of microphones with 

the duct which is filled with absorption materials at the end.  

 

Figure 2.4 Set-up for the calibration of the microphones 

For the two electret microphones used in the present experiment with microphone 1 

and 2 located at the distance L1 and L2 from the surface of sound absorption material 

respectively. 
21
J  is defined as the transfer function between the microphone 1 and 

2, then we will obtain the following relationship: 

1 1 2 2

2 2 1 1
' '

J A J A

J A J A
= ,                                                  (2.1) 

Finally the 
21
J  can be found and can be expressed as 
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1 2 2
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e
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J A A

θ= = = .                                    (2.2) 

Figure 2.5 shows the amplitude and phase of the calibration factor and a regression 

curve with polynomial n order of 9. In general, the amplitude ratio curve is very 

smooth and remains constant above 250Hz. The time lead by microphone 2 over 

microphone 1 is 10.887 sµ according to the results of phase difference (in radian) 

and the equivalent sound travelling distance is 3.7361mm, which is about 1.6 

percent of 0.2267m wavelength corresponding to the 1500Hz. The value is very 

small which shows that these two microphones are well matched. 

 

Figure 2.5 Calibration results of the microphones 
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2.2.4 Data acquisition system 

Two-point measurements were used in the present experiment. Therefore, we use 

one microphone kept at the fixed position at point 1 as the reference which is the 

same in the calibration process. The microphone 2 will be moved to the other holes 

along the streamwise direction one by one for each measurement. Figure 2.6 shows 

the flow chart for the whole data acquisition system. The microphones are supported 

by a B&K’s Nexus four channel condition Amplifier (type 2691). To minimize 

tunnel noise influences and prevent aliasing in the frequency domain, the noise 

components associated with planar wave propagation through the duct were 

removed using a low pass filter YE3760 set at Fs/10, which is connected with the 

preamplifier. The signals are acquired through the National Instrumental conversion 

card DAQCard-6062E with a sample frequency at 10000Hz for 10 seconds. A 

MATLAB code is also written for the data acquisition on the terminal laptop. 

 

Figure 2.6  Flow chart for the data acquisition system 

Before doing the experiment, the electric current noise was checked and evaluated to 

find whether it will affect the results. Two tests were done. One of them was the no 
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load test which is used to find out noise of the electrical signal and the other was the 

measurement with harmonic exciting by the fluid loading at the velocity of 10m/s. 

The results in the spectrum showed that the energy at 50Hz was much lower than 

other signals at very low voltage, the signal to noise level is higher than 20dBand the 

influence on the target signal by electrical noise is very small. 

2.2.5 Post processing 

The transformation of the space-time data into the wave number frequency spectra is 

described in this section. Since the response of the flexible wall excited by fluid 

loading inside the boundary layer depends on both temporal and spatial 

characteristics of the pressure fluctuations, cross correlation between those 

measuring points along the duct to find out the characteristics of the fluid loading is 

required. 

Let ( ,t)P x  be the wall pressure fluctuation where x is the measuring location along 

the streamwise direction, t is the ergodic time. Then the cross correlation function of 

pressure fluctuations: 

    
1 1

( , ) ( , ) ( , )R x P x t P x x tτ τ=< + + > ,                               (2.3) 

where the angle brackets < > denote an ensemble average and x1 is location of the 

first hole in the coordinate as seen in Figure 2.3. In order to find out the convection 
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velocity, the method of finding the maximum correlation coefficient at each 

separation point is used (Abraham,1998). According to his method, the correlation 

coefficient of each point at different time with the respect to the reference point can 

be plotted in the space time contour map. And the points with maximum correlation 

for a given separation distance can be located on this contour map. A regression line 

will also be plotted based on those points with maximum correlation coefficient and 

hence the slope of this line is used to estimate averaged convection velocity. Note 

that the slope value can be positive or negative in actual processing, this is 

determined by the relationship of the measured points with the reference point. In 

other words, the time can be regarded as delayed or advanced depending on the 

location of the reference point. 

By using the 2D Fourier transform of the space-time data (the cross correlation 

result), the power density function  

( )

2

1
( , ) ( , )

(2 )

i kx
P k R x e dxd

ωτω τ τ
π

+∞ +∞ − −

−∞ −∞
= ∫ ∫ ,                        (2.4) 

where k is the wave number and ω  is the radian frequency. However, in practice, it 

is impossible to obtain the measurement for the infinite distance and time. Hence, 

the actual computation of power density function will be expressed as  
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2

1
( , ) ( , )

(2 )

i kx
P k R x e x

ωτω τ τ
π

− −= ∆ ∆∑∑ .                         (2.5) 

Additionally, one may note that the cross correlation can also be obtained by the 

inverse Fourier transform of ( , )P k ω . In the wave-number frequency spectrum, the 

Fourier amplitude coefficients are displayed to represent the space time field by a 

sum of waves with frequency and wave number. In the real experiment, the energy 

distribution at different frequencies can be observed and the relationship of the 

maximum amplitudes at those frequencies is usually estimated by linear regression. 

The convective velocity can be calculated with the slope fitting and the 

characteristic wavelength at a particular wave-number is calculated as 2 / kλ π=  

based on the travelling wave analogy. In order to validate the implementation of the 

post processing, the analysis is to be done by measuring wall pressure along the duct 

wall with the harmonic sound wave excitation. As shown in Figure 2.7, for the 

harmonic wave excitation at 300Hz, the highest energy level (maximum amplitude) 

appears at the coordinate f=300Hz and the corresponding / 2k π = 0.84 m
-1

, which 

is very close to the theoretical value / 2k π  =0.87 m
-1

 when the travelling wave is 

at the speed of sound. Therefore, the current method is capable for post-processing 

the real experimental data correctly.      
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Figure 2.7 Wave number frequency spectrum benchmark for the harmonic wave 

2.3 Results and discussions  

2.3.1 Auto power spectrum 

The auto power spectra for each measurement point were examined in order to 

characterise the energy distribution of the wall pressure and to identify the frequency 

peaks where most energy was centralized. Before this, a curve smoothing method 

with 5 point average is used to pre-process the data. The five point average method 

is used to smooth the curve and minimize the noise level before the data processing 

because there is fluctuation of the measured data. The method is to average the 

values of five close points with certain weighting function(Sun,2007). To do the 
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analysis from the spectrum more accurately, a Welch method of averaged 

periodogram Fourier transform was often used (Welch, 1967; Oppenheim and 

Schafer, 1975). Meanwhile, Burg (1967) developed the maximum entropy spectral 

analysis technique to improve the frequency resolution. For the analysis of the auto 

power spectrum in the current project, Welch method and Burg method as well as 

the direct calculation for the averaged periodogram were used. The results show 

similar patterns, but for clear illustration only one result is displayed below. 

Figures 2.8 shows the auto power spectrum at every fifth microphone location for 

different flow speeds which are in the range of the vibration instability of the 

membrane investigated by Choy (2007). For the occurrence of membrane vibration, 

there is the linear growth of vibration response when the flow speed is lower than 

9m/s or that is higher than 30m/s under their corresponding tension. Generally, the 

spectrum curves typically have a broadband character in frequency with a collapse 

slope with the increment of frequency. As the flow velocity increases, both the 

magnitude and the bandwidth of the pressure fluctuations increase. This is consistent 

with the measured results of Willmarth and Wooldridge (1962), Bradshaw (1967). 

For the auto-spectrum at low flow speeds in Figures 2.8(a) to 2.8(b), there is a peak 

of about 60Hz at all the measured locations along the streamwise direction. When 

the flow speed increases to 27.5m/s, the second peak which is at about 180Hz can be 

observed as shown in Figures 2.8(c) to 2.8(e). The amplitude of the peak at the 
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Figure 2.8 Auto power spectrum of the wall pressure at different longitudinal 

locations for various upstream flow speeds (a)
 
U =6.5m/s∞

 (b) U =14m/s∞

(c)U =21m/s∞  (d)U =27.5m/s∞  (e)U =35m/s∞
 (f) U =41m/s∞  

upstream location is higher than that at the downstream locations at high frequencies. 

Similarly, as the flow speed increases to 41m/s as shown in Figures 2.8(f), although 

a lot of peaks at different frequencies can be observed because of the turbulent 

intensity and background noise coming from the high flow energy, the peak at 60Hz 

can be generally considered to be  dominant in the whole spectra along the stream 

wise centre line under moderate high flow speeds. In addition, the energy at the 

higher frequencies also becomes relatively very low at any measuring locations from 

upstream to downstream. Such small amplitude at high frequency is attributed to the 
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high amount of energy dissipation at the high frequency for both the acoustical and 

aerodynamic loading. Nevertheless, these two loadings cannot be separated in this 

preliminary analysis. 

2.3.2 Cross correlation analysis  

To globally observe the air flow pattern in the stream wise direction, the 

cross-correlation coefficients obtained from all the measured positions with the first 

microphone were calculated with a 0.2s delay. 

Figures 2.9 to 2.14 show the colour-scale contour maps of the cross-correlation 

coefficient of the signals against both the stream wise location and the delay time. It 

is evident from this plot that the high cross correlation region lies in two ridges or 

lobes: one inclined ridge or lobe at positive angles and the other horizontal lobe. The 

locus of the peaks along the lobes represents the time delay at which the cross 

correlation is a maximum for different stream wise direction locations. Furthermore, 

the peak correlation at each measuring location with respect to the first point can be 

found by using the time delay signal recorded with delay time τ . This delay time 

τ stands for the average time needed for the air flow passing over the structure and 

from upstream to farther downstream. Therefore, when the slopes of the lobes have 

been found, the average convective velocity of the dominant flow structure can be 

deduced. 
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Concerning the features of air flow, convective velocity is a very important indicator 

to characterize the translational speed of fluid within the boundary layer. A 

commonly used definition of the convective velocity is the ratio of the stream wise 

separation to the temporal separation which will maximize the cross correlation 

coefficient. Typically, the ratio is about 0.5 to 0.8  in both experiment and 

numerical simulations in the literature (Chase, 1980; Choi, 1990), depending on the 

upstream flow disturbance condition, model geometry, location of measurement and 

measuring technique.  

The presence of horizontal lobe in the Figure 2.9 to Figure 2.14 might be attributed 

to the acoustic mode, which attains a near zero time delay because of the high speed 

compared with the short measured length. The correlation coefficient of the acoustic 

mode becomes lower and lower as the flow speed increases and that of the 

aerodynamic loading becomes more and more dominant. Similar trend can be found 

in the wave number frequency spectrum below. 

Another feature in the contour map is that the negative cross correlation coefficient 

ridge is also observed in the vicinity of the positive cross correlation peak. 

Theoretically, both negative and positive coefficient peaks can be used to estimate 

the slopes and the convective velocity. Those slopes to predict the flow convective 

velocity in all the contour maps were found by plotting the positive peak locus of the 

U∞
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lobes with a linear regression line. Table 2.1 lists the result of the slopes of the 

regression line at the different measured flow velocities. The strong convective 

nature of the pressure field gives a convective velocity of about 0.77 to 0.82  

which is very close to the typical value in the previous studies (Bull,1996; 

Leclercq,2002).  

For the acoustic ridges, although the slopes can be predicted for the decomposition 

of sound wave speed and the flow speed, there is no obvious change on the result 

since the sound speed is much higher than the flow speed. And at the near zero time, 

the slope predicted based on the linear regression line is not accurate. 

Table 2.1 Result of the flow convective velocities 

(m/s) 6.5 14 21 27.5 35 41 

C
U

(m/s) 5 11.5 16.5 22.5 27 33 

/
C
U U ∞  0.7692 0.8214 0.7857 0.8182 0.7714 0.8049 

 

U∞ U∞

U∞
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Figure 2.9 Cross correlation coefficient colour contour map( =6.5m/s) 

 

Figure 2.10 Cross correlation coefficient colour contour map( =14m/s) 
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Figure 2.11 Cross correlation coefficient colour contour map( =21m/s) 

 

Figure 2.12 Cross correlation coefficient colour contour map( =27.5m/s) 
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Figure 2.13 Cross correlation coefficient colour contour map( =35m/s) 

 

Figure 2.14 Cross correlation coefficient colour contour map( =41m/s) 
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2.3.3 Wall pressure coherence 

The effectiveness of the Corcos exponential decay model is to be taken to examine 

the coherence for the measuring points. In this model, the loss of coherence between 

two separated points is expected to be equal to the loss of the coherence in the 

stream wise direction multiplied by the loss of the coherence in the span wise 

direction. 

1
( ) Uc Uc

e e

ξ ξα ω α ω
ξ ξ ωΓ

1 2

1 2
(- ) (- )

2, , = ,                                 (2.6) 

where 
1

α  and 
2

α denote the empirically determined decay constants in 

streamwise and spanwise direction, respectively. In the experiment of the current 

project, however, the model can be simplified in the application of stream wise 

direction only. One of the air flow condition that is flow speed at 27.5m/s is to be 

examined. 

The coherences in the stream wise as a function of frequency are plotted in Figure 

2.15. The coherence decreases exponentially with both increasing frequency and 

distance for frequency above a certain threshold value. On the other hand, below this 

threshold, the coherence is stronger with increasing frequency. One important 

observation is that the threshold frequency decreases when the distance increases. 

The observation is consistent with the findings in the references (Lee, 2001;  
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Farabee, 1991). At high frequencies, the turbulent structures generating high 

frequency pressure fluctuations are rapidly destroyed as they are convected to the 

downstream. On the contrary, at low frequencies size of the turbulence structures are 

large and the movement is very slow. The large turbulence structures can probably 

be destructed by the shear stress beneath the boundary layer, therefore a tradeoff 

symbolized as the maximum coherence at certain frequency can be observed in the 

figure. The coherence as a function of separated distance at fixed frequencies is 

shown in Figure 2.16. The results show that the wall pressure at two measuring 

points becomes uncorrelated and Corcos model gives a reference of the collapse 

behavior with 
1

0.2α =
 

for a coherence level of 0.1. 

 

Figure 2.15 Streamwise coherence measured between two points   
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Figure 2.16 Streamwise coherence versus distance 

2.3.4 Wave number frequency spectrum 

To further understand the air flow characteristics beneath the turbulent boundary 

layer, we now consider the wall pressure fluctuations in terms of the wave number 

frequency spectra, which will be examined as shown in Figures 2.17 to 2.22. Data 

below 20Hz are filtered out because of the limitation of the response of microphone. 

Several noticeable features can be found from the figures. The acoustic noise is 

limited to a wave number band near zero as the horizontal ridge. There are two  
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Figure 2.17 Measured wave number frequency spectrum at =6.5m/s 

 

Figure 2.18 Measured wave number frequency spectrum at =14m/s 
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Figure 2.19 Measured wave number frequency spectrum at =21m/s 

 

Figure 2.20 Measured wave number frequency spectrum at =27.5m/s 

U∞

U∞



Chapter 2 Measurement of the pressure wave number frequency spectrum on the rigid wall 

56 

 

 

Figure 2.21 Measured wave number frequency spectrum at =35m/s 

 

Figure 2.22  Measured wave number frequency spectrum at =41m/s 
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peaks with highest energy level along this ridge. The peaks are located at 60Hz and 

175Hz, respectively. At the near zero time delay, the corresponding ridges can also 

be found and the corresponding frequency band is between 110 to 160Hz at all the 

velocities. For this frequency range, there is no acoustic loading.   

The wave number spectrum reaches a local maximum at a particular frequency and 

disperses in all wave numbers, which is in agreement with previous studies (Lee, 

2001). This frequency is identical to the acoustic peak frequency as mentioned in the 

first feature. As the flow speed increases, the peak frequency has been shifted from 

60Hz towards 175Hz, which means low frequency noise becomes less and less 

dominant.  

The flow convective ridge is more and more obvious with the increment of the flow 

speed except at the lowest speed. This may be attributed to the low energy 

contribution from the flow convection such that it is difficult to discern at the very 

low speed. According to the correlation map which shows the slopes of the ridges 

and the convective velocity, the decreasing slope indicates increasing velocity.  

Besides, most of the energy along the ridge will shift to high frequency at the high 

flow speed. This means that there is less energy at the low frequency range below 

100Hz at very low flow speed, so we can conclude that the effect of flow on this 

frequency range is significant only at medium flow speed. 
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2.3.5 The analysis on the phase and convective components 

In order to determine the convection velocities associated with individual 

frequencies, phase angle in the stream wise development was investigated at 

arbitrarily selected flow velocity. From cross spectrum ϕ ξ ω（ ， ）shown in Figures 

2.17 to 2.22, the convective velocity 
c
U can be found as

2
-

( , )
c

f
U

π ξ
ϕ ξ ω

＝ , where 

ϕ ξ ω
ξ

（ ， ）
 can be obtained from linear regression line. Figure 2.23 and Figure 2.24 

show the phase angle as a function of the stream wise location for 120 Hz and 50Hz 

respectively at the flow velocity of 27.5 m/s. These two frequencies were chosen 

because the maximum and minimum of the correlation are observed in the wave 

number frequency spectrum. The convective velocities can be deduced from the 

linear fitting slopes, the result shows that the velocities for the frequencies of 50Hz 

and 120Hz are listed in Table 2.2. It is found that the air flow convective velocity is 

22.5m/s while the acoustic convective velocity is 349m/s. Figure 2.24 shows the 

phase angle oscillations with the distance. This is due to the existence of standing 

waves formed from the combination of reflection waves at the downstream of the 

wind tunnel, the wave speed deduced is not very accurate according to the present 

method. It can be regarded as the reference value.  
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Figure 2.23 Phase angle against the distance for f=120Hz and =27.5m/s 

 

Figure 2.24 Phase angle against distance for f=50Hz and =27.5m/s 
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Table 2.2 Convective velocities for two frequencies 

Frequency(Hz) Convective velocity(m/s) 

120 22.5 

50 349 

 

2.4. Conclusions 

Direct measurements of the wave number frequency spectrum of the wall pressure 

fluctuation in a rigid duct were conducted to evaluate the distribution characteristics 

of both aerodynamic and acoustic loadings with the Reynolds number from 4×10
4
 to 

2.8×10
5 

based on the height of the test section (equivalent diameter) in the 

closed-circuit wind tunnel. Several conclusions can be drawn from the primary 

measurements:  

(1) Generally, the acoustic energy overweighs the aerodynamic energy at frequency 

range lower than 60Hz, while the aerodynamic pressure dominates at higher 

frequencies. 

(2) The acoustic pressure is dominant when the air flow velocity is low while 

aerodynamic pressure becomes dominant at high Reynolds number. As the Reynolds 

number increases, the frequency range at which the power of the fluid loading is 
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very high and shifts from low frequency to high frequency.  

(3) The acoustic loading is not significant in the frequency range of 110Hz to 160Hz. 

Convective velocity or the phase can be computed by cross-spectrum and the 

condition for such computation is that there are expected to be about 80% of the 

free-stream velocity.  

(4) When referring to the dominant vibrating frequency range of 100 Hz to 200Hz , 

the response of the membrane is determined by the aerodynamic fluid loading rather 

than the acoustic loading because of the acoustic limited frequency Besides, the 

relative influence of acoustic loading and aerodynamic loading is estimated by 

comparing the amplitude of the correlation. The result also indicated that in the 

frequency range of 120Hz to 170Hz, the correlation of the acoustic loading is 

basically less than 50% of that of the aerodynamic loading. Thus, the instable 

vibration can be attributed to the aerodynamic loading. 
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Chapter 3 Vibration measurement on the instability of flow 

past a tensioned membrane 

3.1 Introduction 

Based on the findings in Chapter 2, the flow effect is significantly important in 

controlling stability of the vibration on the innovative tensioned membrane silencer 

such as drum-like silencer, which consists of a tensioned membrane backed by a 

cavity and thereby achieves a broadband noise reduction in the air ventilation system 

(Huang in 2002). The duct silencer with moderate flow condition to simulate the 

realistic situation is to be explored in this chapter. Choy (2007) reported that there is 

flow-induced vibration when the flow speed increases. The exponential growth of 

vibration and flutter were observed. The occurrence of the instability of the 

membrane vibration inside the drum like silencer with different aerodynamic 

conditions is to be investigated in detail in this chapter. The characteristics of the 

flow-induced vibration are also to be studied.  

For the design of drum silencer, in order to simulate the two-dimensional 

configuration from the three dimensional model and allow for  the free vibration at 

the edges, there is small gap membrane edges and duct walls as shown in Figure 

3.1(a). The sound leakage in this deliberate design has been proved to be very small. 

However, there is flow leakage through this gap which may induce the instability 
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vibration of the membrane. Thus, there exist the multi-flow loadings on the 

membrane. Besides, with the cavity covered by the membrane, critical velocity 

which is defined as the starting velocity of the air flow for the occurrence of instability 

of the membrane vibration has been shifted because of the acoustic loading change on 

the membrane when the cavity is added. 

To elaborate the complication of multi-flow effects, the characteristics of air passing 

over the membrane will ultimately be divided into two typical aspects. The first kind 

of flow condition is the so called parallel flow which means that main air flow is in 

axial direction and parallel to the gap shown as Figure 3.1(b). The second condition 

is the so called cross flow which means that the air can leak through the gap 

perpendicularly to the main flow direction as shown in Figure 3.1(c). For preventing 

the sound leakage, the width of the membrane is wider than the height of the duct and 

this will cause the air flow leakage through the gap between the lateral edges of the 

membrane and the duct wall as displayed in Figure 3.1(c). This is a crucial point to 

induce the instable vibration. 

  

 

(a) Cross section  (b)  Parallel-flow (c) Cross-flow  

Figure 3.1 Two conditions of the flow effect on the drum like silencer 
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These two typical phenomena can be commonly seen in the industrial applications in 

the manufacturing processes of thin materials such as paper and photographic film. 

During the operation, the membrane is under tension in one direction and transported 

over rollers and guides. In addition, the air flow is parallel to lateral free edges. For 

the current study, the membrane is flush mounted on the duct wall. One side of the 

membrane surfaces will be excited by the combination of the aerodynamic and 

acoustic loading when air passes over it while the other side will have no air passing 

by. Concerning the study of the instability vibration of the membrane inside the 

different configuration of the duct, few authors have hitherto investigated the 

instability phenomenon of a tensioned membrane in the flow direction as a flexible 

wall. Huang (2001) studied the effect of the Poiseuille flow passing over a tensioned 

membrane of finite length by using an eigen-value approach and analysis. The 

boundary condition at both upstream and downstream of the duct was found to be 

very crucial on the instability characteristics. Stewart et. al. (2009) developed a 

one-dimensional model of flow in a long flexible walled channel with the 

consideration of an integral approximation of the unsteady boundary layer equations. 

However, the Reynolds number is assumed to be small that means the laminar flow 

condition is considered in both simulations. Besides, there is still no experimental 

validation for those numerical results. Apart from this, turbulence flow is commonly 

seen in the realistic situation instead of laminar flow condition.  
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A large number of studies have been conducted into the flow-induced vibration 

vibrations especially for the case of fluttering due to the cross-flow on the stationary 

tensioned paper. Y B Chang (1992) devoted much effort to this topic with the 

considerations both analytically and experimentally. The cross-flow on the membrane 

is very similar to the flag flutter except for the existence of the in-plane tension. The 

major difference between the previous literatures and existing project lies in the 

boundary conditions of the four edges. Previous models frequently emphasized the 

dynamics of cantilevered plates that are clamped at the leading edge and free on other 

three edges (Huang, 1995; Tang et al, 2009; Howell et al, 2009). Most of their results 

succeeded in capturing the transient response of the plate vibration. However, there 

was a controversy on the corresponding mechanism such as the wake effect and the 

single/coupled mode flutter. The current study attempts to explore the flow-induced 

vibration of the tensioned membrane installed in the silencer with the consideration 

of the structural properties and aerodynamic condition. The aerodynamic conditions 

are categorized as axial (stream-wise) and cross (span-wise) flow condition. Three 

inter-related parameters are to be studied: membrane tension, the critical speed and 

the vibration mode shape. The experimental set-up, testing modal configuration and 

measurement procedure are to be discussed in Section 3.2. The experimental results 

are to be discussed in Section 3.3, which mainly focuses on both the axial flow and 

cross flow effects in terms of the spectra and mode of the vibration through the 
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experiments. Finally, several conclusions are drawn based on the analysis in Section 

3.4. 

3.2 Experimental setup 

The experiment is undertaken in a closed circuit wind tunnel with the cross sectional 

area of 100mm by 100mm that was introduced in Chapter 2. The maximum flow 

speed is 50m/s, which is sufficiently high for inducing the instability of the membrane 

vibration in the current test. The parallel flow and cross flow past over one membrane 

which is flush mounted on the rigid duct wall are shown in Figure 3.2(a) and Figure 

3.2(b) respectively. To study the parallel flow as shown in Figure 3.2(a), the 

membrane with a length of 300mm and simply supported at both ends is mounted on 

the tensile machine and the lateral edges of the membrane are free. To eliminate the 

extra friction between the lateral edges and the duct and ensure the free vibration 

there, the width of the membrane 99mm which can give 1mm gap. To study the 

cross-flow, the membrane with a length of 100mm and a width of 100mm is flush 

mounted on the duct and three edges are fixed. The trailing edge of the membrane is 

free to vibrate and there is small gap (1mm) between the trailing edge of the 

membrane and duct wall. But the tension direction is perpendicar to the flow 

direction.  
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(a) Streamwise tensile force (b) Spanwise tensile force 

Figure 3.2 Schematics of experimental configuration 

The membrane used is made of stainless steel with density of 7.8g/cm
3
, thickness of 

0.025mm, Young’s modulus of 193GPa. The tension can be applied by a tension 

machine, which is successfully used previously for the performance test of the drum 

like silencer (Choy, 2002), and the value is read with the aid of the strain gauge 

(FLA-3-11-1LT) which involves the temperature compensation and a strain gauge 

indicator by the stress force equation, T AEε= , where A  is the cross section area 

of the membrane given by the multiplication of the width and the thickness, E is the 

Young’s modulus and ε is the strain obtained by the indicator.  

The mean flow speed range in the acoustic wind tunnel for the current project can be 

varied from 5m/s to 45m/s with a turbulence intensity of less than 1%. In order to 

incorporate with a realistic ventilation system with open inlet and discharge condition, 

two holes with an area of 50mm x 50mm at the upstream and downstream of the 

membrane were made as shown in Figure 3.2(a). Note that the upstream hole in 

Figure 3.2(b) is not shown for clear illustration of the membrane. Therefore, constant 

atmospheric pressure is imposed at both entrance and exit of the membrane so as to 



Chapter 3 Vibration measurement on the instability of flow past a tensioned membrane  

68 

 

obtain the initial static balance. In order to guarantee the uniformity of the flow the 

velocity profile is measured by the mini CTA 54N81 and Probe P11 hotwire system 

from Dantec Dynamics® at the inlet of the duct. Figure 3.3 describes a typical 

velocity profile in the boundary layer with thickness of about 11mm. There are two 

observations: (1) the boundary layer becomes thinner as the flow speed increases. 

And (2) it is also thicker on the wall opposite to the membrane owing to the larger 

flow separation at the edges of holes as shown in Figure 3.2.  

The velocity signal of the membrane vibration is firstly recorded at one given point by 

the Polytec® single channel laser Vibrometer OFV-512 and OFV-3001. The critical 

velocity of the instability is found by calculating the growth of the root mean square of 

the vibration velocity at the centre point of the membrane as a function of the flow 

speed. Then, the vibration and its mode of the whole membrane are measured by 

Polytec® Scanning Vibrometer PSV-400, which is more powerful and capable to 

acquire the vibration signal of the whole membrane automatically in a short time. A 

low pass filter of 500Hz is used during the final data acquisition since the dominant 

frequency of the instable vibration measured both by Choy(2007) indicated that the 

frequency located in the range of 100Hz to 200Hz. The sampling frequency is 

5000Hz. The reference signal is the vibration output of one selected point on the 

membrane surface ,in which there is an obvious vibration level，measured by the 

single channel Laser Vibrometer (OFV-512 and OFV-3001). The averaged spectrum 
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of the vibration and the deformation and mode shape of the membrane will be 

analyzed in the post-processing procedure. 

 

Figure 3.3 Velocity profiles at the inlet of the duct, the velocity is normalized by the 

upstream flow speed 

 

3.3 Results and discussions 

3.3.1 Onset of instability 

The loss of stable vibration for the membrane is examined in this section. There are 

several concerns on the definition of a critical velocity to cause the instable vibration 
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(Chen, 1989). The flow velocity range below and above the critical velocity are 

called sub-critical and post-critical regions, respectively. It may be found out by time 

history of the vibration signal and frequency spectrum in the function of flow speed. 

Among these two methods, the most effective and convenient way in the real situation 

is to study the increment of the vibration amplitude with increasing wind speed.  

The strength of the response of the vibration is quite different in the sub-critical and 

post-critical regions, and this method is very straightforward in practice. An example 

is indicated in Figure 3.4 which shows the variation of the vibration velocity of the 

membrane with the increases of the flow speed. The response of the membrane is 

monotonically increasing with the flow speed generally. From the flow speed of 5m/s 

to 15m/s, there is a linear relationship between the response of the membrane and the 

flow speed. The slope of the straight line depicted in the solid line is relatively gentle. 

From the flow speed of 15m/s to 20m/s, there is substantial change of the response of 

the membrane with the flow speed and thus the linear regression line has relatively 

steep slope. The critical velocity can be determined by the intersection of these two 

lines with the occurrence between the small oscillation and the start of violent 

vibration. In the range of supercritical range in which the flow speed is beyond 20m/s, 

the slope cannot be determined with some non-linear effect. In addition, a logarithmic 

scale for such plotting is seen to give better results in several works (Axisa et al., 

1984), but it is not often used. 
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Figure 3.4  Root mean square of the vibration amplitude 
rms
V  versus wind velocity 

U , the experimental data of is labeled as the open circle, while the two 

straight lines indicate the fitting results in the postcritical and subcritcial 

regions   

3.3.2 Instability of flow past a tensioned membrane 

3.3.2.1 Instability boundary  

The structural property of the membrane such as tension is considered in this section. 

Figure 3.5 shows the variation of the vibration velocity of the membrane with the flow 

speed under different tensions. When the membrane is applied at the tension of 40N 

and 80N, the response of the membrane is increased gently with the flow speed when 

the flow speed is in the range of 5m/s and 15m/s, and then is increased rapidly with 

the flow speed when the flow speed is beyond 15m/s. When the tension is 120N, the 
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response of the membrane no longer increases with the flow speed when the flow 

speed is above 20m/s. This shows that the vibration is suppressed significantly by 

high tension. In this case, the critical speed can be marginally found by the method of 

interception of two linear lines. In nature, the response of the membrane is fully 

coupled with the fluid loading and the structural properties of the membrane such as 

tensile force and dimension. The magnitude and frequency response of the membrane 

when the instability occurs depend on aerodynamic fluid loading, mass and tension of 

the membrane as well as the damping. The boundary conditions of the membrane also 

play a significant role in the divergence and flutter types (Guo CQ, Paidoussis, 2000). 

 

Figure 3.5 Comparison of amplitude growth process for different tensions 
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3.3.2.2 Spectrum analysis and vibration mode shape 

The influence of velocity and tension on the resonant frequency is described in Figure 

3.6 which shows the spectrum of the vibration velocity at the center point on the 

membrane. It is conspicuous that the dominant frequency around 100Hz increases 

with the increment of both velocity and tension. The resonant frequency of the in 

vacuo membrane is related to the length and mass of the membrane as well as the 

tension. Roughly speaking, according to Figure 3.6(b), the resonance frequency is 

shifted to the high-side when the tension is increased. With reference to the Figure 

3.6(a), the amplitude of the membrane vibration tends to increase with the flow 

velocity. The tangential aerodynamic force will be increased with the flow velocity. 

This will increase the in-plane membrane tension due to the unbalance force between 

the aerodynamic force in the wind tunnel and atmospheric pressure. Therefore the 

resonance frequency is also increased. In addition, the amplitude of the response of 

the membrane is obviously decreased when the tension is increased. This confirms 

that high tension will stabilize the vibration of the membrane.                                                                                                        
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Figure 3.6  Effect of velocity and tension on the vibration frequency (a) The effect of 

the flow speeds at T=40N (b) The spectra comparison of the vibration 

velocities for various tensions at U=13m/s 

Figure 3.7 shows the averaged spectrum of the membrane vibration at higher flow 

velocity. There are two observations: (a) the peaks are generally shifted to higher 

frequencies when the flow velocity is increased and this is consistent with previous 

analysis in Figure 3.6 and (b) several peaks in the spectrum can be seen. In order to 

have further understanding of the physics behind on the flow-induced vibration, 

modal analysis is to be carried out. The distribution of the membrane vibration of 

whole surface of the membrane under a tension of 40N at different flow speeds of 

17m/s and 35m/s is shown in Figures 3.8(a), (b) and Figure 3.9 (a), (b) respectively. In 

Figure 3.8(c), there are two sharp peaks at low frequencies. The corresponding 
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distribution of the membrane vibration at these two frequencies shows that the first 

mode is dominant. The displacement is considerably reduced at the lateral free edges. 

This may be attributed to the added mass on the membrane due to the air flow. 

Vaughan (2010) explored the coupling effect of flow on the free edges of a uniaxially 

tensioned web, which easily deflect under flow. The effective mass of the membrane 

is increased owing to the surrounding air. Consequently, the fluid inertia has a more 

prominent effect at the edges than at the center of the membrane. 

As the flow speed is increased to 35m/s in the supercritical range, three peaks at the 

frequency of 90Hz, 150Hz and 202Hz can be found in Figure 3.9(d). There is some 

difference on the deformation of the membrane between low flow speed and high 

flow speed conditions. The first in vacuo mode of vibration is only observed at the 

first peak of 90 Hz which is shown in the subfigure 3.9(a). On the other hand, the 

second in vacuo mode shape becomes dominant at the second and third peaks of 

frequency 150Hz and 202Hz as shown in Figures 3.9(b) and (c). The modal vibration 

of the membrane at these three peaks can be referred to frequency clustering (Tzou et 

al.,1998) on condition that the ratio of bending stiffness to tension is as small as the 

order of magnitude of 
5

10
−

. The ratio can be calculated by 
3 2

/ (12 (1 ) )h E a Tµ− , 

where E  is the Young's modulus, h is the membrane thickness, a is the width, µ is 

the Poisson's ratio, and T it the tensile loading. In the current study, the value is the 

order of magnitude of
4

10
−

and can be considered to be very low.   
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Figure 3.7 Averaged spectra comparison of the whole membrane surface at T=40N 

under different flow velocities 

It is very important that the second in vacuo mode of vibration only appears at very 

high flow speeds. In other words, higher order modes can be observed at high 

frequencies when the flow speed is sufficiently high. Such vibration behavior of a 

structure with the effect of flow was previously seen (Vaughan, 2010), however, 

higher order mode excitation is not that obvious in the current investigation compared 

with previous works.   
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Figure 3.8 Frequency response of the membrane at T=40N, U=17m/s (a) The 

vibration velocity distribution of the membrane at the first peak of 

f=44Hz (b) The velocity distribution at the second peak of f=70Hz (c) 

The averaged spectrum of the vibration of the whole surface  

 

Figure 3.9 Frequency response of the membrane at T=40N, U=35m/s (a) The 

vibration velocity distribution of the membrane at the first peak of 

f=90Hz (b) The velocity distribution at the second peak of f=150Hz (c) 

The velocity distribution at the third peak of f=202Hz (d) The averaged 

spectrum of the vibration of the whole surface  
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3.3.3 Instability of cross flow past a tensioned membrane 

3.3.3.1 Critical velocity 

In what follows, the vibration features of a tensioned membrane undergoing the cross- 

flow condition are discussed in this section. The growth of the vibration amplitude of 

the membrane in the fluttering under different tension is shown in Figure 3.10(a). 

Basically, such response of the membrane in the cross-flow is similar to that of the 

membrane in stream wise flow configuration. Similarly, the vibration is suppressed by 

the increment of tension. Figure 3.10(b) depicts the variation of critical velocity 

against the tension. In order to validate the experimental result, a simplified analytical 

model based on the potential flow theory (YB Chang 2002) is used to predict the 

critical velocity. The analytical model is reviewed briefly herein and the modification 

on this theory based on the current investigation will also be made and described in 

this section.  

In this model, the air flow is assumed to be two dimensional, and the aerodynamic 

pressure is expressed by the in viscid flow equation given by 

air z=0
=- [ +U ]

t y
p

φ φρ± ±
∂ ∂
∂ ∂

      ,                                       (3.1) 

where φ is the velocity potential. 
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Notice that p− is set to be zero because there is no air flow on the outside surface of 

the membrane.  

The governing equation of the out of plane motion of the membrane is described as 

2 2 4 4 4 2 2 2

2 4 2 2 4 2 2
( ) ( ) ( ) 0

x xy y x xy y

w w w w w w w
m D D D T T T p

t x x y y x x y y

∂ ∂ ∂ ∂ ∂ ∂ ∂+ + + − + + + =
∂ ∂ ∂ ∂ ∂ ∂ ∂ ∂ ∂

     (3.2) 

where the bending stiffness  
33 3EE

, ,
12(1 ) 12(1 ) 6

yx

x y xy x y

x y x y

hh Gh
D D D D ν

ν ν ν ν
= = = +

− −
 ，m is the 

mass per unit area of the membrane, w is the displacement in the out plane direction, t 

is the time, T is the tension. 

The deflection of the membrane is assumed to be expressed as a travelling wave: 

( )sin( ) i t kyx
w w e

L

ωπ −= )

 ,                                               (3.3)  

The boundary conditions for the membrane are shown as follows. The vertical 

velocity of the membrane is  

0

, 0
air

z

w w
U x L

z t y

φ
= ±

∂ ∂ ∂= + < <
∂ ∂ ∂

,                     (3.4) 

The velocity at the leading and trailing edges of the membrane is zero, then 

0   for [0, ]x L
x

φ∂ = ∈
∂

                         (3.5)
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Figure 3.10 (a) Vibration velocity of the membrane at different flow speeds and (b) 

Variation of the critical velocity under different tensions 

By using the traditional methods of the separation of variable, the solution of the 

characteristic equation can be obtained and the critical velocity can be determined 

from the following relationship according to the eigen-value analysis. 

2
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sMπ
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+
                                                        (3.6) 

In all the results, parameters are normalized based on the mass ratio m, membrane 

length L and speed of sound
0
c . By doing so, the dimensionless parameters are 

expressed as follows: 

0 5 10 15 20 25 30 35 40 45
0

100

200

300

150

250

50

U(m/s)

V
r
m
s
(m

m
/s
)

 

 

(a) T=0N

T=50N

T=100N

T=150N

T=200N

0 50 100 150 200 250
10

20

30

40

Tension(N)

U
c
(m

/s
)

 

 

(b)

Predicted Experimental



Chapter 3 Vibration measurement on the instability of flow past a tensioned membrane  

81 

 

 
2

2

0 2

x
D

c
mL

π= , 
0

c

c

c

= ,
2L

λΛ = , 2
M

L

m

ρ
π

= , and 
2

2

9 4

s
−

= Λ +
+ Λ

.  

The critical velocity under different tensions predicted from Eq. (3.6) is plotted with 

solid line in Figure 3.10(b).  Compared with the experimental results (open circle 

point), roughly speaking, there is a good agreement between experimental data and 

prediction. Moreover, the critical velocity seems to be more sensitive at low tension 

since the slope of the predicted curve is relatively steep at low tension region.  

3.3.3.2 Spectrum and vibration mode 

The averaged vibration spectrum of the whole membrane surface at different flow 

velocities under the cross-flow condition is shown in Figure 3.11. Similar to the 

parallel flow condition, the amplitude of the membrane response is increased with the 

flow speed. There are several peaks and the modal vibration is to be discussed in the 

following section.  

Figure. 3.12 shows the oscillation of the vibration of the membrane in the time 

domain. Figures. 3.12 (a), 3.12(b) and 3.12(c) shows the vibration pattern for flow 

speed of 15m/s, 25m/s and 35m/s respectively. From the observation of these three 

figures, the evolution of the vibration of the membrane in the span-wise center line 

can be divided into three typical stages in terms of the flow speed. (a) the 1st mode 

vibration dominates at low velocity, (b) coupled 1st and 2nd mode is observed near 

the critical velocity and (c) the higher order mode of vibration is observed at the 
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velocity higher than the critical velocity. The modal coefficient contribution can be 

decomposed approximately using the Fourier analysis and the vibration velocity of 

the membrane can be expressed as  

1

V= ( )
j j

j

V xφ
∞

=
∑

,                                                         (3.7) 

and 
1

0

V =2 ( )
j j

V x dxφ∫                                                      (3.8) 

where ( ) (cos cosh ) (sin sinh )
j

x x x x
x

L L L L

λ λ λ λφ β= − + −  is the modal shape function 

for a cantilevered-free beam.  And for the first four modal coefficients λ  

 

Figure 3.11 Averaged spectrum comparisons under different cross flow velocities 
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and β are considered and they are given as  

1.8751, 4.6941, 7.854757, 10.99554λ = ,  
cos( )+cosh( )

sin( )-sinh( )

λ λβ
λ λ

= .       (3.9) 

Higher order modes than the fourth mode were omitted since they have much 

smaller amplitudes. The vibration of the membrane can be modeled as the 

cantilevered beam motion and the strength from fluid loading is referred to the 

previous findings. Note that the whole surface of the membrane may not be fully 

excited at low flow speeds because of the fixed edges. During the modal 

decomposition, the leading edge of the excited membrane is not constant and it is 

approximated at the point where the amplitude is ten times as that of the leading edge 

point at the lowest flow velocity measured when the flow speed is lower than 30 m/s 

in the current study. The approximated point is labeled as an open square in Figures 

3.12(a) and (b). The contribution of the modal amplitude of each mode in percentage 

is listed in Table 3.1. At the low speed, the contribution by the first mode of vibration 

to the overall membrane vibration is very high which is about 80%. When the flow 

speed is increased to about 35m/s, the contribution by the first mode part becomes less 

and even decreased by nearly 40%.  The higher order mode portion becomes more 

and more obvious and such pattern can be seen in Figure 3.12(c).  
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Figure 3.12 The evolution of the streamwise envelope of the membrane for T=50N 

Table 3. 1 Distribution of the vibration mode component for three velocities 

    1
st
 

mode 

2
nd

 mode 3
rd

 mode 4
th

 mode 

U=15m/s 80% 9% 9% 1% 

U=25m/s 74% 20% 3% 2% 

U=35m/s 44% 29% 16% 10% 
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3.4 Conclusions 

The fluid loading on the membrane is found to be very important to influence the 

occurrence of the instable vibration on the tensioned membrane in the drum-like 

silencer. Two directions of the flow passing over the gap of the membrane have been 

investigated. One is axial flow and the other is cross flow. The characteristics of the 

unstable vibration due to two kinds of flow past over a tensioned membrane wall have 

been investigated experimentally. Based on the findings in the current chapter, 

several conclusions have been drawn as follows:  

(1)  The critical flow speed for the occurrence of the vibration instability of the 

membrane due to the flow past over membrane in the axial or tangential direction 

has been found. There is close agreement between the experimental data and 

prediction from the modified theoretical model based on potential theory. The peak 

frequency of the vibration increases with the increment of both loading tension and 

the flow speeds. 

(2)  For the axial flow past over the membrane, at low flow speeds, the first mode is 

dominant at all peaks in the frequency spectrum while at high supercritical flow speed, 

the first mode remains dominant only at the first two peaks in the spectrum and the 

second mode becomes prominent at other peak frequencies. This is similar to the 

findings (Raman, 2001) that clustering phenomenon is determined by the ratio of the 
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bending stiffness to the tension.  

(3)  For the tensioned membrane with a uniform cross flow, there are three kinds of 

modal combinations for the vibration of the tensioned membrane in the instability 

phenomenon. At low flow speed, the first mode of vibration is dominant. And at 

critical flow speed, the first and second modes of vibration are coupled together and 

the coupling becomes dominant. At high supercritical flow speed, the higher order 

mode becomes more and more obvious.  
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Chapter 4 Numerical studies on the noise control of a dipole 

source by the silencer with tensioned membranes  

4.1 Introduction 

Having investigated the instability phenomenon of the membrane in Chapter 3, the 

use of the tensioned membrane on the control of the dipole noise source is going to be 

studied in the ventilation system practically. In order to avoid the occurrence of flow 

induced vibration, two main considerations are reviewed here for the new design 

based on the findings in Chapter 3: 

1) The instable vibration destroys the performance of the silencer, but it can be 

suppressed by the increment of the tension, which means the tension can compensate 

for the drop of the noise reduction. The application of the silencer or any modification 

on it is focused on the optimized performance at a lower tension without flow. So, in 

the presence of flow, the probable unstable vibration will be prohibited by slightly 

increasing the tension.   

2) As far as the instability of the tensioned membrane is concerned, the cross flow 

effect attributed to the air leakage through the gap is more crucial than that under the 

condition of the axial flow. Thus, factors that may induce cross flow should be 

eliminated in the future design. 
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The use of the tensioned membrane has been extensively studied (Huang, 2002, Choy 

and Huang, 2009) to control the plane incident sound waves at the propagation path. 

However, the design concept can be quite different when a dipole noise source is put 

just inside the silencer. In this situation, the noise radiation is expected to be reduced 

by the control of the source rather than through the propagation path. The motivation 

originates from the innovative idea of employing the reactive method to suppress the 

sound radiation from an axial flow fan proposed by Huang (2010). The radiated noise 

is abated by putting the noise source, e.g., the fan, at the center of an expansion 

chamber, in which the fan can be regarded as a pure dipole source. The numerical 

procedure for the simulation of a simplified ducted fan noise radiation with casing 

treatment has been conducted by virtue of the spectral method of Chebyshev 

collocation. Preliminary experiments have been conducted to verify the numerical 

findings. In general, the experimental results are in good agreement with the 

numerical predictions. The noise reduction derives from two mechanisms, one being 

the reduction of sound intensity by the confined duct, the other being the wave 

reverberation effect in the chamber by the junctions. However, one drawback of the 

design in practice is change of the fan induced flow in the case of the expansion 

chamber. The flow drawn through the duct is much smaller due to the obvious 

pressure losses at the two junctions. To keep the same flow condition, the inner 

segment of the expansion chamber is covered by a thin PVS membrane. The 
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membrane is considered to be acoustically transparent but can confine the flow. As 

the flow speed of the fan increases, however, the stress force is introduced on the 

membrane and the large deformation of the membrane appears due to the pressure 

difference induced by the flow. The deformation brings the undesirable interference 

with the acoustic field and flow field which is excluded in previous study. 

An alternative method is proposed here by applying the tension on the membrane to 

overcome the deformation. Logically, the enclosing dipole by the tensioned 

membrane shares the same configuration of the drum like silencer. But, several 

questions may arise when the silencer with tensioned membranes is employed in the 

dipole source control: (a) does the tensioned membrane destroy the effect on the noise 

attenuation? (b) what is the coupling relationship between the membrane’s vibration 

and the reflection in the cavity? (c) what is the difference between the mechanism of 

the noise abatement in the control of the monopole and dipole sources? In this chapter, 

the performance of dipole noise reduction by the silencer with tensioned membranes 

is investigated numerically based on a simplified 2D model. And the analysis aims at 

answering the above problems and the physics behind. Further studies with a realistic 

3D model and the experimental validation on the noise reduction of the axial flow fan 

will be presented in the next chapter.  

In what follows, the numerical methodology and model are described firstly in detail 
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to explain the theoretical background. With the numerical model established, the 

optimization procedure is carried out and the optimal results are also presented in 

terms of the mass ratio and the tension of the membrane. Finally, the mechanism 

behind to explain the performance of the silencer is discussed and the discrepancies 

with the noise control of a monopole source as well. 

4.2 Numerical method  

A finite element modeling procedure is established to investigate the performance of 

the noise control for a dipole source by the silencer with tensioned membranes. 

Although a theoretical formulation has already been established in (Huang, 2010) to 

simulate the fan noise control in a circular duct for linear interaction between sound 

and structure, its direct application to the current study is inappropriate for reasons 

given below. In Huang (2010), the spectral method of Chebyshev collocation with 

domain decomposition is employed. The advantage of that method lies in the rapid 

convergence and great accuracy compared with other methods such as the fourth 

order finite difference method (Huang, 2008). However, in the current design, the 

coupling between the membrane vibration and the acoustic field plays a significant 

role. Although it is possible to extend the existing theoretical formulation to cover the 

full structural-acoustics couplings, it can be too complicated to be feasible in practice. 

Besides, to calculate the radiation contribution from the dipole source, the results 
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should undergo Fourier transform in circumferential direction, which limits the 

application of this method to circular configurations only. It is hard to extend the said 

theoretical formulations to a real three dimensional (3D) silencer design which may 

involve complicated geometrical configurations. Due to versatility of the finite 

element method in modeling the complex geometries and multi-physics problems, a 

finite element model is more suitable and feasible for the current study.  

4.2.1 The theoretical model 

Figure 4.1 shows the two dimensional (2D) configuration of the dipole source control 

by the silencer with two pieces of tensioned membranes. It consists of three main 

parts, including the upstream and downstream duct, and a cavity-backed membrane in 

the middle segment. The loudspeaker or the fan, which can be considered as the 

dipole source, is located at the center of the cavity-backed membrane. The duct and 

the backed cavity have a height of 
*

h  and *

c
h , respectively. The length of the three 

parts of the duct from left to right is symbolized as 
*

up
L , *

c
L  and *

d
L  . The asterisks 

denote dimensional variables while the corresponding dimensionless ones are shortly 

introduced without asterisks. The leading edge and trailing edge of the membrane are 

simply supported at 
* *

2
c

x L= , and the tension is loaded in the axial direction 
*
x . 

The flexible membrane has a mass per unit length 
*
m , and the tensile force 

*
T .  
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Figure 4.1 2D simulation model of the dipole noise control by the silencer with 

tensioned membranes 

The governing equation for the lower membrane vibration is 

2 * 2 *

* * * *

* 2 * 2
( ) 0

( ) ( )
m T p p

t x

η η
+ −

∂ ∂− + − =
∂ ∂

 ,                                      (4.1) 

where 
*η  is the membrane displacement, and * *

( )p p+ −−  is the fluid loading on the 

membrane located at 
* *

/ 2y h= − . Positive loading means a net force acting 

downwards, and positive modal impedance, which is introduced later, refers to 

positive loading induced by an upward membrane vibration velocity. Structural 

damping in such a thin membrane is normally very small and is excluded. 

To simplify the derivation, all the variables are firstly nondimensionalized as follows 

by three basic quantities *

0
ρ , 

*
h  and *

0
c .   

*
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*
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*
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*

* * * 2

0 0
( )

T
T

h cρ
= , 

*

* * 2

0 0
( )

p
p

cρ
= ,                                             (4.2) 

where m is the mass ratio of the membrane to the air and T is the dimensionless 

tensile force. In reality, T  is calculated by dividing the total force applied on the 

membrane by * * 2 *

0 0 0
( )c Aρ , where *

0
A  is the cross section of a rectangular duct. Based 

on such a normalization scheme, the first cut on frequency of the rigid walled duct is

0.5f = . Besides, the dimensionless angular frequency ω  is equal to the 

dimensionless wave number 
0
k  and they are interchangeable. 

Through the dimensionless process, Eq. (4.1) becomes: 

2 2

2 2
( ) 0m T p p

t x

η η
+ −

∂ ∂− + − =
∂ ∂

                                              (4.3) 

On the other hand, the acoustical field of the entire domain satisfies the in 

homogeneous Helmholtz equation: 

2
( ( ))p q k p Q∇⋅ − ∇ − − = .                                                 (4.4) 

In the above dimensionless form, q and Q  respectively refer to the dipole source 

and monopole source, which are optional. In the present study, the dipole source of 

the loudspeaker or the fan noise is treated as an entirety. At the low frequency limit, 

0f → , the dipole radiation is rapidly turned into plane waves. Thus the normal 

vibration of the membrane is subjected to the plane wave excitation.  
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The boundary condition on the hard walls is well known, 

0
p

n

∂ =
∂

,                                                                  (4.5) 

where n  is the local outward normal direction .The rigid boundary is one where the 

normal component of the particle velocity vanishes and it is of a homogeneous 

Neumann type. 

As for the boundary with the impedance, it is the generalization of both hard and soft 

boundaries as expressed in the frequency domain by the following formula: 

( ) 0
i p

n p q
Z

ω⋅ ∇ − + =   .                                                 (4.6) 

Where Z  is the acoustic input impedance of the external domain. From a physical 

point of view, the acoustic input impedance is the ratio between the sound pressure 

and the normal particle velocity. The impedance boundary can be approximately 

regarded as a locally reacting surface, that is, a surface for which the normal velocity 

at any point depends only on the pressure at that exact point. 

The outgoing wave can be simply described as  

0
0

p
ik p

n

∂+ =
∂

.                                                           (4.7) 

The outgoing wave condition for a plane wave is applied for the exits at the two ends 

of the duct in this chapter. The impedance for open end condition is to be considered 
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in next chapter for the experimental verification in practice. Concerning Eqs. (4.6) 

and (4.7), the impedance Z  is unity for the outgoing wave.  

For harmonic wave, the vibration velocity of the membrane can be expressed as  

V i
t

η ωη∂= =
∂

,                                                            (4.8) 

As shown in Eq. (4.3), the vibration is fully coupled with the acoustical loading from 

the dipole source. The vibrating velocity of the membrane V can be expanded as a 

series of in vacuo modes with modal amplitude
j
V , for the simply supported 

boundary at the leading and trailing edges, 

1

sin( )
j

j

V V jπξ
∞

=

=∑ ,                                                       (4.9) 

Here 
j
V is the 

th
j complex modal amplitude of membrane's vibration and 

/ 1/ 2
c

x Lξ = +  is the local axial coordinate.  

After the expansion ofV , the Eq. (4.3) then becomes 

1

0

2 ( ) sin( ) 0
j j

L V p p j dπξ ξ+ −+ − =∫ ,
                                     (4.10) 

where 

2
[ ( ) ] 1,2,3,...

j

T j
L mi j

i L

πω
ω

= + =, .                                   (4.11)  



Chapter 4 Numerical studies on the noise control of a dipole source by the silencer with tensioned membranes 

96 

 

And 
j
L is regarded as the structural impedance, which is dependent on the physical 

properties of the membrane such as the mass ratio, tension and so on. 

Further, the pressure loading ( )p p+ −−  on the membrane consists of two components, 

namely the sound radiation in the main duct 
rad

p+  and the pressure inside the cavity 

cav
p which is the combination of the radiation on the lower surface of the membrane

rad
p− and the reflection in the cavity

refp− . As described in the following expression:  

( ) ( )rad rad ref rad cavp p p p p p p+ − + − − +− = − + = −   .                         (4.12) 

The complex amplitude of the radiated sound 
rad
P+ is the sum of contributions made 

by all individual membrane vibration modes, which can be expressed in the following 

equation: 

 
1

rad j j

j

P V R

∞

+
=

=∑ ,                                                         (4.13) 

where 
j
R  is the complex amplitude of the radiated sound by the induced vibration of 

the 
th
j  mode with unit amplitude and the expression for 

j
R is given in Huang 

(2002). The related index 
j

γ is used later to refer to the radiation contribution of 

each single mode, denoted as 
j j
V R , towards the total radiation. Note that 

j j
V R is 

complex and can be represented by a vector, then the interference between two 

different modes can be found by the separation angle of the vectors. 

As for the resultant pressure loading, it contains the source mode of index j  as well 

as of all other induced modes. Suppose ( )
j

p p+ −− is the radiation pressure caused 
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by the modal vibration of unit amplitude, the total modal impedance is defined as,  

1

0

2 ( ) sin( )jl
j

Z p p l dπξ ξ+ −= −∫
,
                                         (4.14) 

where subscript j refers to the source vibration mode while l the resulting pressure 

coefficient. Then 
jlZ can be decomposed in terms of the pressure components with 

the help of Eqs. (4.12) and (4.14) : 

1

0

2 ( ) sin( )jl rad cav rad cav
j

Z p p l d Z Zπξ ξ+ += − = −∫   ,                      (4.15) 

Here 
rad

Z+  and 
cav

Z denote the modal impedance in the duct and cavity, respectively. 

The details of the derivation process for the impedance are given in Huang (2002), 

and the expressions for them are not repeated but are still employed for further 

analysis.  

Last but not the least, three typical noise indicators can be used to show the level of 

noise abatement. These are insertion loss, noise reduction and transmission loss. 

Normally, in order to focus on the performance of the control element, transmission 

loss (TL) is adopted as it is independent of the impedance of both the noise source and 

the downstream condition. And it is easy to predict but somewhat difficult to measure 

in the current situation. It is difficult to have anechoic condition at the end of the duct 

when there is flow. On the other hand, insertion loss which is easy to measure is 

commonly used in the realistic applications. Therefore, the insertion loss (IL) is 
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chosen as the main index to evaluate the performance of the noise reduction. To do 

this, two ducts are established to compute the IL: one being the straight duct with the 

uniform cross section area; the other being the noise source enclosed in the center of 

the silencer. The sound energy at the exits of the duct is obtained by integrating 
2

p  

on the whole boundary area for each duct. The IL is then found as 

2

10 2
10log

Str

Str

Exp

Exp

p ds

IL
p ds

=
∫

∫
    ,                                             (4.16) 

where 'Str' and 'Exp' denote the straight duct and the expansion chamber respectively, 

's' is the exit surface area. 

4.2.2 The finite element modeling and its validation 

The accuracy of the finite element simulation depends mostly on the mesh property, 

size and the solver. To guarantee the reliability of the simulation, it is necessary to 

verify the finite element analysis with a well established method. To solve the coupled 

system numerically, the finite element software package Comsol Multiphysics®, 

which is the extended version of the Partial Differential Equation Toolbox of the 

popular computing language MATLAB®. Based on the previous models reviewed, 

the new problem is principally the combination of two independent but typical 

configurations. They are the dipole control enclosed in the expansion chamber and the 

coupled structure of the well developed drum-like silencer.  



Chapter 4 Numerical studies on the noise control of a dipole source by the silencer with tensioned membranes 

99 

 

In order to build up the simulation model, two acoustic domains are used. One is the 

acoustic domain to describe the sound pressure field with a dipole while another is 

that without sound source. In order to validate such dipole source model by finite 

element method, the simple configuration of a circular expansion chamber with the 

dimensionless length of 9.1 and expansion ratio of 4.6 enclosing a dipole source is to 

be modeled in the first step. When the mesh size is 0.1, the duct and cavity 

geometries have 4424 and 1050 triangle elements, respectively. Further refinement 

of the mesh size from 0.1 to 0.05 gives an improvement of 0.01% on the IL result. 

The deviation is below 0.2dB on average. Figure 4.2(a) compares the IL spectra 

obtained from both the Fourier Chebyshev spectral method and experimental results 

(Huang, 2010) with the Finite element method for the dipole control of noise source 

inside the expansion chamber. The three curves agree well especially at the low 

frequency range of interest. For the high frequencies, small deviation appears but the 

general trend matches each other. Such deviation is caused by the coarse mesh scheme 

for the short wavelength.  

On the other hand, the performance of drum silencer without the sound source in the 

middle has been well investigated both analytically and experimentally (Huang, 2002 

and Choy, 2002). The performance of it is also simulated by the finite element method 

in this study. Figures 4.2(b) shows the comparison of transmission loss (TL) of the 

drum-like silencer predicted by the FEM and Fourier Chebyshev spectral method 
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while Figure 4.2(c) shows the comparison of reflection coefficients predicted by these 

two methods. It can be seen that the results by the two methods match each other very 

well. No obvious deviation can be observed except those at the resonant peaks. In 

light of these results obtained from the simple expansion chamber with dipole source 

and drum silencer without sound source, the finite element model is regarded to be 

sufficiently accurate for the purpose of the study on the drum-like silencer with the 

installation of the dipole in the middle of the duct. 

 

Figure 4.2 Validation of the simulation methods (a) The comparison of the IL control 

by the dipole source using the FEM with Chebyshev collocation method 

and experimental results (Huang, 2010) (b) The verification of the drum 

silencer TL using the simulation with the analytical method  
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4.3 IL spectra and modal interaction  

The main objective of the project is to achieve the best performance of the noise 

reduction in a broad frequency range by the present silencer, especially near the first 

BPF of the axial flow fan which is normally below 500Hz (0.15 after normalized) 

and carries most energy. Note that for such configuration, the cavity depth instead of 

its length is expected to dominate the noise reduction because of the cancellation 

effect inside the cavity. Thus, the default cavity shape used in this study has a length 

of 3
c
L = and a depth of 2

c
h = , respectively. In order to attain the broadband 

reduction, the stop-band which was commonly seen in (Huang, 2002) is adopted here. 

The stop-band is defined as a frequency range between which the IL (or TL) is 

everywhere above or at least equal to a criterion value. Expressed symbolically, 

1 2
[ , ]

| f f f crIL IL∈ ≥  and 
2 1
/

f
r f f=  ,                                         (4.17) 

where 
fr

 is the ratio of frequency limits of the stop-band, or the logarithmic 

bandwidth.  

In the current optimization scheme, the criteria value 
cr

IL  is defined as the 

maximum IL obtained from the performance of the simple expansion chamber with 

the same size of the cavity of the drum-like silencer. With reference to the IL pattern 

of a pure expansion chamber that has been shown in (Huang 2010), it is found that the 
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maximum IL can be observed at the frequency approaching zero (DC frequency). 

Based on the criterion value, the optimization procedure is proceeded in order to find 

out the maximum 
fr

at different mass ratios m and search for the corresponding 

optimal tension. It is expected that the silencer can render the desirable performance 

at the widest stop-band especially in the low frequency region. Such desirable 

stop-band can also cover the frequency range for the fluctuation of the blade passing 

frequency due to the change of the rotational speed of the fan. Now the target 

frequency ratio rf is at least one octave so that the noise abatement can be achieved 

when the axial flow fan is operating at various rotational speeds. 

4.3.1 The optimal spectrum 

The optimal results of the overall spectra are presented here before the discussion and 

analysis of the modal response. In this study, the default cavity shape has a length of

3
c

L = and a depth of 2
c
h = , respectively. We found that the cavity depth is 

expected to dominate the noise reduction because of the cancellation effect in the 

cavity. Figure 4.3 shows the performance of the current silencer with the optimal 

physical parameters for different corresponding the structure-to-air mass ratios.   

Figure 4.3(a) shows the corresponding optimal tension 
opt
T  for different mass ratios 

m based on the maximum stop-band scheme. The 
opt
T  keeps nearly constant when 

0.6m≤  and then decreases sharply to a very low value from m=0.6 to m=0.8. When 



Chapter 4 Numerical studies on the noise control of a dipole source by the silencer with tensioned membranes 

103 

 

m is beyond 0.8, the 
opt
T remains very small value. Figure 4.3 (b) shows the 

variation of the corresponding maximum frequency stop-band ratio 
fr

at different 

mass ratios with the corresponding optimal tension in Figure 4.3(a). When the mass is 

increased, the achievable maximum bandwidth 
2 1
/fr f f=   decreases. The abrupt 

change of 
fr

 occurs when 1m =  and when the mass ratio m  is not greater than 

unit, 
fr

achieves at least 2.15, which is still larger than one octave. We found that the  

 

Figure 4.3 Performance optimization of the silencer for the logarithmic bandwidth 

(a) The variation of the optimal tension 
opt
T with m (b) The variation 

of 
fr

as a function of the mass (c) The dimensionless lower band limit

1
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below the criterion. It is because the membrane is difficult to be excited into the 

vibration when it is too heavy. Figure 4.3 (c) shows the variation of the lower limit 

frequency 
1
f  with the variation of mass ratiom . The lower limit frequency 

1
f  

decreases when mass ratio m  is increased.  Besides,  
1
f  falls strikingly from 

0.06 to a very low level of 0.01 as m  reaches 0.8. Therefore, the drop of 
1
f  

corresponds with the decrease of 
opt
T . Considering the normalized first BPF of a fan 

usually below 0.14, the silencer is only effective at a low mass ratio and the frequency 

band ratio 
fr

 is desirable. With reference to the Figures 4.3(b) and 4.3(c), both 
fr

 

and 
1
f  change little when m  is below 0.4. In general, the optimized result depends 

much on the mass ratio because large mass ratio will degrade the performance 

significantly. However, another important factor is that 
opt
T  should not exceed the 

yield point of material. As a result, the optimal performance is found with two 

requirements of 0.04 0.06
opt
T≤ ≤  and 0.6m≤ . Finally, optimal tension 

0.05
opt
T = and mass ratio  0.4m =  are selected for the discussion in the following 

sections. The corresponding 
fr

 is found to be 2.35 while 
1
f  is 0.062.  

Figure 4.4(a) illustrates the comparison of the performance between the present 

silencer with the optimal tension T=0.05 at the mass ratio of 0.4 (solid line) and 

expansion chamber with the same geometrical size (dotted line). The horizontal 

dashed line is the threshold level of 9.6 dB which is the maximum IL value for the 

expansion chamber. It is evident that the IL spectrum of the expansion chamber has a 

peak performance at the DC frequency, while that of the current silencer experiences a 

zero dB and even negative IL when the frequency is below 0.06. When the frequency 
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is beyond 0.06, the IL tends to be increased and 10dB IL can be maintained 

continuously within certain frequency range. On the other hand, IL of the expansion 

chamber and drum silencer approaches zero at 0.17f =  and high order modes in 

the duct appear beyond 0.2f =  when considering the height of the cavity 2
c
h = . 

The corresponding wavelength of the zero IL at 0.17f =   is 5.9, which is about 

twice of the membrane length. For the present setting, the lower and upper bandwidth 

limits are  
1

0.062f =  and 
2

0.0145f = and the corresponding stop-band 

2.35fr =  is obtained. Such frequency range is the range of interest for current study. 

Three main peaks are observed at 0.07, 0.136, 0.196f =  and labeled as open 

circular point for easy reference, while the two troughs are at 0.044, 0.146f = and 

symbolized as the rectangular point. Figure 4.4(b) displays the corresponding rms

level of the membrane vibration response calculated by 
1

2
2( / 2)

rms jj
V V= ∑ , which 

stands for the response integrated over the whole membrane .The most striking 

feature is the appearance of two peaks marked as the open rectangular at the 

frequencies when the trough point exactly occurs in the IL spectrum. In other words, 

the trough characteristics are directly dependent on the amplitude of the induced 

membrane vibration. The sound radiates efficiently towards the two ends of the duct 

at the two dips so that the noise abatement is extremely weak. As is shown later, the 

acoustic interference of sound radiated by different parts of the membrane is explored 

in terms of the vibration modes. 
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Figure 4.4 Comparison of the IL spectra between the drum silencer at the optimal 

tension and the expansion chamber for the dipole source 

 

4.3.2 Modal radiation 

Figure 4.5 presents the modal response of the first four modes for the default 

membrane at the optimal performance. The IL spectrum is given on the top part of the 

figure to facilitate the related discussion between the peak and trough frequencies 

analyzed in Figure 4.3(a), and the modal response. The four columns below illustrate 

the response from different aspects. The vibration amplitude of each individual mode, 

| |
j
V , is shown on the left column first. The second column shows the amplitude of 

the modal radiation coefficient | |
j
R . The third column is the amplitude of the single 

modal radiation | |
j j
V R . The last column indicates the modal contribution to the total 
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sound radiation 
j

γ at the two ends of the duct. 

The most prominent feature is that the even mode of the membrane response is 

dominant compared with that of odd modes with reference to the amplitude of the 

vibration as shown in Figure 4.5(1a) to (1d). Despite the radiation ability of each 

mode is comparable as shown in Figure 4.5 (2a) to (2d), the total sound radiation 

| |
j j
V R  of the odd modes is still tremendously less than that of the even modes. The 

similar behavior can be observed for the radiation contribution 
j

γ  as indicated in 

the last column. In this regard, the odd mode effect can be neglected and this reflects 

the control characteristics of the dipole source in nature.  

The corresponding resonance frequencies are indicated by the vertical dashed line and 

it will be analyzed first. As shown in Figure 4.5(1b), there are two sharp peaks in the 

second mode amplitude 
2
V  and the corresponding frequencies are 0.044, 0.146 , 

which are also seen in two peaks of the root mean square vibration amplitude shown 

in Figure 4.4(b). Similar relationship can be observed in Figure 4.5 (1d) when

0.146f =  for the fourth mode 
4
V .Actually the peak frequencies which are highly 

dependent on the tension will be shifted. The two trough points in the IL spectrum can 

be related to these peak frequencies. As shown in Figure 4.5(4b), it can be observed 

that there is a positive peak at 0.044f = . The sound radiation towards both 

upstream and downstream mainly results from the sound radiation contribution from 
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the second mode which is controlled by the dipole source. On the other hand, with 

respect to the second trough point at 0.146f = in the IL spectrum, there is a 

negative peak of the modal contribution 
2

γ  as shown in Figure 4.5(4b) and a positive 

peak of modal contribution  
4

γ  as shown in Figure 4.5(4d). 

Therefore, there is the intermodal coupling and cancellation between the second and 

the fourth modes and this results in the trough point of IL pattern. Meanwhile, the 

degree of the intermodal coupling can be found in the first column of Figure 4.5. For 

instance, the amplitude of 
2

| |V  is much larger than that of 
4

| |V  when the 

frequency is below 0.12 as shown in Figure 4.4(1b) and (1d), respectively. Beyond 

0.12f =  , both vibration response of the second and the fourth modes are larger and 

they are comparable. In other words, the coupling effect becomes stronger with 

increasing frequency, and the details of the interference are to be analyzed in the next 

section. Apart from the two trough frequencies, the radiation contribution is nearly 

flat at a very low level close to zero. Thus it is believed that there is little contribution 

of the radiation on the IL performance at these frequencies, in other words, the noise 

radiation towards outside was effectively prohibited.   
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Figure 4.5  Modal radiations. The top figure is the IL spectrum at the optimal tension 

for the purpose of indicating the important frequencies. The first column 

on the left is the modal amplitude | |
j
V , the second column is the modal 

radiation coefficient | |
j
R , the third column is the single modal radiation 

| |
j j
V R  and the last column on the right is the modal contribution

j
γ .  
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discussed in the Sec. 4.3.4. Figure 4.6(a) shows the variation of IL spectrum with the 

increment of tension for the default configuration with the membrane length of 3. The 

horizontal dashed line in each sub-figure is 10dB as the reference value. It is clear that 

the stop-band for IL above the critical value 10dB tends to shift towards high 

frequencies as the tension increases. Meanwhile, the frequency band becomes wider 

when the optimal tension below 0.05T =  and the lower frequency limit also 

increases with T . 

Beyond the optimal tension, the performance of the silencer deteriorates drastically 

and the stop-band for IL over the criterion level tends to be narrow and this is 

undesirable. The optimal IL performances for membrane with their corresponding 

optimal tensions at different lengths are shown in Figure 4.6(b). Although the 

criterion values for different cavity lengths are different, the deviation from 10 dB is 

small. Thus, the criterion of 10 dB is also used. For the length 2
c
L =  as shown in 

Figure 4.6(4b), the second peak of IL spectrum does not exceed 10dB and the valley 

between the first and second peaks is even lower. Besides, the stop-band for IL over 

the criterion level is extremely narrow in this case. From the observation of the IL 

pattern at different lengths from 3
c
L =  to 5

c
L = , we found that the condition to 

achieve acceptable wide stop-band over criterion level is that 
c
L should be larger than 

2. And the lower frequency limit 
1
f  reduces when

c
L increases. However, the most 

remarkable feature is that there exits second peak followed by an immediate trough. 
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Such sharp rise and dip prohibits the further growth of the stop-band 
fr

 , particular 

for the case of  4Lc =  and 5.Lc =  Otherwise, the IL level will be kept to be very 

high everywhere until the third peak. For example, the frequency range of the high 

noise reduction for the membrane with length of 5 is from 0.044f =  to 

0.164f = if the drop point of the second trough around 0.1f = is not considered.  

 

Figure 4.6  Parameter study on the IL performance of the dipole control by the drum 

silencer (a) The IL spectra with the increment of tension at the length of 

3(b) The IL comparison of different membrane length at the optimal 

tension 
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impedance component is calculated by virtue of the decomposition of the fluid 

loading on the membrane with the help of the modal impedance analysis. Figure 4.7 

shows the variation of the structural reactance 
j

L of the second mode when the 

physical properties of the structure changes. The open circle is labeled as the zero 

impedance point for reference. The effects of tension, mass and length of the 

membrane are depicted in Figure 4.7(a), (b) and (c) respectively. Figure 4.7(a) shows 

the imaginary part of 
j

L  for the fixed 0.2m = with the variation of tension. It is 

apparent that there is substantial change of the reactance especially in the very low 

frequency range 0.1f <  when the tension is increased by a small amount. In 

addition, the impedance tends to be negative and even goes to infinite at the 

frequencies near DC when there is tension. For the zero tension, the reactance will be 

positive and becomes zero at DC frequency. Such negative reactance means that the 

membrane becomes rather stiff with the increase of tension at low frequencies. It also 

tends to shift to higher frequencies with the increase of tension. This is the reason why 

the lower limit frequency shown in Figure 4.6(a) also shifts to higher frequencies. 

Because of the high stiffness property of the membrane, the sound cannot penetrate 

through the membrane to the cavity within this low frequency range. Therefore, 

below 
1
f  the sound is radiated to the left side of the duct directly and hence the 

cancellation of the dipole sound radiation within the membrane region is small and it 

results in very low IL value.  
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On the contrary, the effect of the mass ratio on 
j

L is totally different from that of 

tension as displayed in Figure 4.7(b). The effect of mass becomes more significant 

when the frequency is greater than 0.05f = . The massive loading leads the reactance 

to become positive when it is increased. The line with zero mass is presented by solid 

line. Based on Figures 4.7(a) and 4.7(b),  when 0.05f ≤ , the introduction of the 

membrane probably changes the structural impedance mainly due to the tension 

instead of the added mass. The membrane becomes stiff due to the high negative 

value of impedance at very low frequencies and hence the sound radiation from the 

dipole source cannot penetrate the membrane into the cavity and it results in no sound 

cancellation inside the cavity. Therefore, the IL spectrum of the drum silencer with 

small tension is always lower than that of the expansion chamber at such very low 

frequencies and this is unfavorable for the present study.  When 0.05f ≥ , the 

reactance decreases from positive to negative as the tension increases, while it 

increases from negative to positive with the increasing mass ratio. The noise 

reduction can benefit from the tradeoff between the two effects of the reactance, thus 

the IL pattern is close to but higher than that in the simple expansion chamber.    

Finally, the structural impedance of the membrane with various lengths and optimal 

mass ratio is compared in Figure 4.6(c). It is found that the impedance gets close to 

each other except for the deviation of 2
m
L = . With reference to Figure 4.6(4b), the 

stop-band to achieve the criterion level is extremely narrow at this length. The failure 
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of the broadband performance probably results from the limitation length inside the 

cavity for the sound cancellation. As for other lengths, there is small deviation of the 

impedance curves so that the structural impedances of the different membranes at 

the optimal performance nearly coincide. 

 

Figure 4.7 Structure impedance comparison of the membrane at different physical 

properties (a) Structural reactance with the increase of tension (b) 

Structural reactance as a function of mass ratio (c) Structural reactance of 

different membrane lengths with the optimal tension 

4.3.5 The resonance frequency    

The components of total impedance of the second mode Z22 and fourth mode Z44 are 

to be analyzed for decoupling the important features of such a complicated system. 

The components of the reactance composed of radiation, cavity reflection and 

structure are shown in Figures 4.8 (a) and 4.8(b) for the chosen optimal membrane 

with m=0.4 and T=0.05. The total reactance of Z22 and Z44 is shown in Figures 4.8(c) 

and 4.8(d) respectively.  The open circles indicate the zero impedance of the in vacuo 
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membrane modes and the total reactance. The structural contribution vanishes at 

frequencies 0.118 0.236
2

c

j T
f

L m
= = ，  for 2, 4j = . On the other hand, the 

reactance diverges at the cavity modes according to the relationship of the cavity 

length and the wavelength. In the current example, the divergent frequency is about 

1 / 6  for the first two even modes, thus the corresponding wavelength is twice of the 

cavity length.  

At very low frequencies, it is clear that the high stiffness appears because of the 

dominance of the structural impedance (thick dashed line) for both vibration modes in 

Figures 4.8(a) and (b). It is difficult for the membrane to respond and vibrate and for 

the sound to penetrate into the cavity as well. As frequency increases, the radiation 

impedance in the main duct (thin line) is prominent and is possible to cancel out the 

structural contribution. The balance is reached at 0.044f = for the second mode as 

shown in Figure 4.8(c), where the total impedance disappears and the coupled system 

resonates. This also corresponds to the strong vibration of the membrane at the second 

mode as displayed in Figure 4.4(1b). Meanwhile, 
4

| |V  is very small for 0.1f ≤ , 
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Figure 4.8 Reactance of the second and fourth modes and resonant frequencies. (a) 

Shows the component variation of the second mode reactance against 

frequency. The components consist of radiation (solid line), cavity 

reflection (thin dashed line), and the structural properties (thick dashed 

line). (b) Exhibits the fourth mode components in the same way. (c) 

Shows the total reactance of the second mode for which the zero 

reactance is marked by an open circle. (d) Shows the total reactance of the 

fourth mode for which the zero reactance is also marked by an open circle 

 

the cross modal coupling between the second and the fourth modes can be ignored. In 

contrast, the total impedance of the fourth mode approaches zero at 0.13f = , which 

is below the divergence of the cavity mode (thin dashed line). The vibration and the 

contribution towards the sound radiation at both second and fourth modes match in 
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the zero structural impedance of the second mode at 0.118f = , the cross modal 

interaction is regarded to be very strong here and is expected to be responsible for the 

feature of the second peak followed by a trough in the IL spectrum. Besides, the zero 

points of the membrane's impedance at different tensions as indicated in Figure 4.7(a) 

roughly correspond to the peak-trough position in IL spectrum as shown in Figure 

4.5(a). This serves as another proof for the shift of the abrupt drop. 

Beyond the second trough in the IL spectrum, the near zero IL is displayed for both the 

silencer and the expansion chamber at the similar frequency range of 

0.16 ~ 0.18f = as shown in Figure 4.5(a). The reason is mainly due to the 

divergence of the cavity mode as mentioned above. The cavity becomes very stiff to 

prohibit the vibration of the membrane and hence the sound cannot penetrate the 

cavity and no cancellation of the radiated sound from the dipole source.  

 

4.3.6 The peak points 

In this section, the vibration characteristics at the peak points shown in Figure 4.4(a) 

and the decompositions of the vibration velocity are to be analyzed. The interference 

pattern at a frequency point between the two peaks is also selected to illustrate the 

control features by the membrane. Figure 4.9 shows the response of the membrane at 

the first peak of 0.072f = . The amplitudes of 
j
V , 

j
R  and 

j j
R V of the first ten 
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modes are shown in Figure 4.9(a), (b) and (c) respectively. According to Figure 4.9(a), 

the second mode is obviously dominant and it is totally excited by the dipole source, 

which is preferable in the current study. Although its amplitude is much larger than 

that of any other modes，its effectiveness in sound radiation should be lower than that 

of the first mode. Moreover, the radiation contributions by 
2 2
RV and 

4 4
RV  are also 

represented by a vector in the real imaginary space in Figure 4.9(d). The contributions 

from the second and fourth modes are nearly in phase, but the fourth mode is not 

effective in radiating sound when comparing the length of the vector. Therefore, the 

radiation efficiency at this peak only relies on the in vacuo second mode of vibration. 

Figure 4.9(e) shows the membrane vibration distribution over the entire length. An 

almost perfect second mode shape of membrane vibration is observed. Such 

phenomenon is also observed at a higher frequency peak of 0.196f =  .  

Figure 4.10 shows the response of the membrane at the second peak of IL spectrum at  

0.142f = . Basically, the fourth mode of vibration appears to be dominant, but it has 

less radiation capability than the first two modes. With reference of Figure 4.10(d), 

the radiation contribution in terms of the vector from the second and the fourth modes 

is almost equal in magnitude. Besides, the interference between these two modes can 

be observed by virtue of the phase relationship. The vibration shape of the membrane 

in Figure 4.9(e) displays a distorted fourth mode which is coupled with the second 

mode and this makes the amplitude enlarged near the center of the membrane.      
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Figure 4.11 shows the response of the membrane at the peak of IL spectrum at 

0.1f = .  Compared with the vibration at the first two peaks at 0.072f = , the 

contribution of the second mode appears to be diminished while that of the fourth 

mode increases in Figure 4.11(c). At this frequency, the second mode is generally 

dominant. As shown in Figure 4.11(d), the modal contribution for sound radiation of 

fourth mode is comparatively weak. For the resultant response of the membrane, the 

second mode vibration, although distorted, is also found to be dominant when the 

velocity distribution of the whole membrane is examined as shown in Figure 4.11(e).  

 

Figure 4. 9 The response of the membrane at the first peak of f=0.072.  
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Figure 4.10 The response of the membrane at the second peak f=0.14. 

 

Figure 4.11 The response of the membrane at f=0.1 where the IL can be kept higher 

than 10 dB.  
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4.4 Conclusions 

The full coupling between the dipole sound and cavity backed membrane in a two- 

dimensional model have been investigated numerically. Although the feature of using 

the membrane is similar to the previous study (Huang, 2002), the mechanism to 

reduce the noise is totally different. The method of the noise abatement aims at the 

control of the sound source rather than the propagation path of the sound. The 

optimization study is carried out to find the effects of several parameters, such as the 

tension, mass ratio, on the performance of the noise reduction. The fluid loading 

exerting on the membrane and the corresponding vibration response are also 

investigated in order to explain the IL pattern. Conclusions can be drawn as below:   

(1) With an appropriate low tension on the membrane, the IL of the silencer can be 

achieved to be higher than 10dB over a frequency range with a stop-band 2.15fr =  

which is more than one octave. In other words, the noise reduction can outperform 

that of a simple expansion chamber by at least 5dB on average in the frequency range 

of interest for the particular configuration studied here. The response of the membrane 

induced by the dipole source indicates the dependence on the control ability of the 

second mode and fourth mode of the membrane vibration. Thus it can be said that the 

primary feature of the even modes is very crucial on the noise reduction. 

(2) IL values appear to be very low at DC frequencies for the silencer, which is the 
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most important difference compared with that for the expansion chamber. The 

detailed analysis demonstrates that the structure becomes stiffer due to the tension 

when the frequency approaches the DC frequency. Consequently, the deformation of 

the membrane is structurally hard and will not be easily excited to vibrate well by the 

radiated sound from the dipole source. Besides, the stiffness also prohibits the 

penetration of the sound into the cavity. Most of the radiated sound from the source 

propagates towards both upstream and downstream directly; hence the IL is expected 

to be too low.  

(3) The two negative troughs occurred just outside the stop-band region in the IL 

spectrum. It implies that there is the strong sound radiation. However, the induced 

vibration patterns of the membrane therein are not the same. At the low frequency, the 

second mode vibration solely contributes to the sound radiation. In contrast, the cross 

modal interaction between the second and the fourth mode leads to the high radiation 

effectiveness at the second trough. Another important feature is the drastic drop of the 

IL following the second peak in the IL spectrum. This happens since the structural 

impedance vanished immediately followed by the disappearance of the system 

impedance. Beyond the second trough, the near zero IL displays for both the silencer 

and the expansion chamber, which is mainly due to the divergence of the cavity mode. 

(4) In general, the membrane vibration involves the coupling effect of the even modes 



Chapter 4 Numerical studies on the noise control of a dipole source by the silencer with tensioned membranes 

123 

 

gradually between the two IL peaks in the IL spectrum. The dominance of the sound 

radiation seems to be shifted from the contribution of the second mode to the fourth 

mode in the current model. The compromise between the radiation decrease of 
2

γ  

and the increase of 
4

γ  is believed to control and sustain the high IL over the 

frequency range between the two IL peaks.     

 



Chapter 5 Noise abatement of ducted axial flow fan by the dipole control  

124 

 

Chapter 5 Noise abatement of ducted axial flow fan by the 

dipole control  

5.1 Introduction 

The current study mainly seeks to mitigate the sound radiation by the ducted axial 

flow fan. In Chapter 4, the use of the tensioned membrane in the dipole source control 

has been proved to be very promising in the duct system. To do the practical study, 

this chapter will firstly demonstrate that when proper modifications are made, the fan 

noise can be modeled as a distributed source which is very close to the ideal dipole 

source. The effect of non compactness is negligible because of near zero spinning 

pressure mode of the leading radiation (Huang,2005). The advantage of such strategy 

lies in the little requirement of source prediction for the complicated situation of the 

fan.  

As the dipole source by the fan is distributed circumferentially in the fan rotation 

plane, the 2D finite element model in Chapter 4 cannot describe the ducted fan system 

precisely. In this chapter, the numerical modeling is extended to a 3D configuration, 

which represents a realistic ducted axial flow fan system. Experimental studies are 

also conducted to validate the 3D numerical models. The flow speed generated by the 

fan is limited to be low in the ventilation system, say below 20m/s. A 
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specially-designed test rig is constructed to eliminate the lateral gap along the edge of 

the membrane for the cross flow so that the flow induced vibration is avoided.  

In what follows, to do the practical study, Sec. 5.2 will firstly demonstrate that when 

proper modifications are made, the fan noise can be modeled as a distributed source 

which is very close to the ideal dipole source. In Sec. 5.3, the theoretical background 

is introduced very briefly, and the simulation model is established to predict the 

insertion loss of the fan noise in the infinite length duct and a finite duct length with 

the exit boundary condition of the open end, respectively. The optimization of the 

silencer's performance is executed and the numerical results are presented in Sec.5.4 

with the vibration modes of the membrane. Sec. 5.5 describes the experimental 

validation for the insertion loss of the fan noise in the real configuration. This includes 

the performance of both the loudspeaker and fan as the dipole source. Finally, the 

conclusions will be drawn in Sec. 5.6. 

5.2 Dipole characteristics of the sample fan noise 

We focus on reducing tonal noise radiation of a cooling fan at the first blade passing 

frequency (BPF) by using a reactive method of controlling the noise source. Generally 

speaking, the radiated noise by the fan or any machine with moving blades consists of 

monopole from the blade motion, dipole from unsteady forces on blades, and 

quadrupole emanating from the turbulent jets. The dipole component arising from the 
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fluctuations is most important compared with the other two when the fan is at low 

speed. In this regard, the original fan is properly modified to achieve the maximum 

dipole noise by eradicating the other noise components for the experimental 

validation later.  

To analyze the dipole feature of the fan noise, the basic theory and mechanism to 

quantify the noise components is examined herein. The axial flow cooling fan used 

here is very common in the market, and it is comprised of a rotor with B blades and S 

motor struts. The dominant noise source of the fan comes from the unsteady lift force 

on the rotor blades, which consists of two components: thrust force 
fT  in the flow 

direction, drag 
fD  in the circumferential direction against the rotation. The two 

components are usually induced from two kinds of aerodynamic interactions, 

respectively. One is between the rotor blades and downstream struts and the other is 

between the distorted inlet flow by the sharp edges of the incomplete bellmouth and 

the rotor. The unsteady force distribution on the blade surface can be expressed by the 

summation of many isolated point forces with a thrust and drag component. The 

amplitude of the far field acoustic pressure due to the rotation at the frequency of the 

th
m  harmonic of the fundamental BPF is given below (Lowson, 1970): 

2

( ) ( ) ( )

0 0

( cos ) ( sin ),
2
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f
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where B and S are the rotor blade and strut numbers, respectively; 
0

/
s

M r cω=  is the 

rotational March number of point source at radius 
s
r  where the interaction occurs; 

ν  is regarded as the differential of two frequency index, one is the index of BPF 

harmonics 
fm B and the other the index of source frequency, where 

fm
and 

fk  is 

any integer. ( )rotor

kS
T  and ( )rotor

kS
D  are the amplitude of the unsteady force 

components of thrust 
fT  and Drag 

fD  on the rotor blades, 
0
c is the speed of sound 

and φ is the angular position of the first strut relative to the observer on the 

horizontal plane .  

The most important parameter is frequency index differential
f fm B k Sν = −  , or the 

index of spinning pressure mode. Here, the observed noise of frequency index is 

fm B  since other frequency components are cancelled among themselves when all 

the rotor blades radiate sound with a fixed phase relation determined by the rotation. 

The source frequency index is 
fk S  because of the blockage by the struts during 

one cycle of rotation. The amount of sound power radiation and the appearance of the 

acoustic directivity depend highly much on this index value. On one hand, the thrust 

noise radiates rather loudly when the two indices coincide as 0f fm B k Sν = − = . 

Under this condition, the noise radiated by all blade strut interactions simply add up, 

and the resultant becomes a simple dipole in the axial direction. In addition, the drag 

noise will vanish, as can be seen by the numerator ν of the drag term in Eq. (5.1). On 

the other hand, for the mismatch of the two frequency indices 0
f f

m B k Sν = − ≠ , 
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another factor of the motion of the source , namely the Doppler effect , can be utilized 

to characterize the noise pattern by the Bessel function (z)
v
J , where 

z sinfm BM φ= . In fact, the argument of the Bessel function BM  is usually less than 

0.2 for the small cooling fan operating at low speeds. As a consequence, 1z ≤  is 

obtained under moderate high frequency and 
v
J can be approximated through Taylor 

expansions: 

2

0
( ) 1

4

z
J z ≈ − ;

1
( )

2

z
J z ≈ ;

1

1
( ) ( )

22

v
ze

J z
vv

ν π> ≈  .                         (5.2) 

Referring to Eq.(1), it can be seen that in order to obtain the ideal feature of the dipole 

in the axial direction for the ducted fan, the most effective and simplest way is to 

make the frequency index difference to become zero. Then the unsteady force 

component of 
fT  radiates the noise most efficiently and fD  vanishes. The effect of 

non compactness is considered to be very small because of near zero spinning 

pressure mode of the leading radiation (Huang, 2003). Such strategy also facilitates 

the prediction of the dipole source. 

As far as the original commercial fan in the market is concerned, it usually has 7 

blades and 4 struts. The existing fan should be modified with 7 new struts such that 

0ν = (see Figure 5.1(a)) can be obtained. In order to simulate the original 

configuration of fan, the outer frame is also attached shown in Figure 5.1(b) so that the 
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confinement effect of the casing is included. The noise spectra of the modified fan at 

different rotational speeds are measured. As shown in the spectrum in Figure 

5.1(c)-(g), the first BPF is shifted to higher frequency when the rotational speed is 

increased. It is very important that the first BPF mainly lies in the frequency range of 

250Hz to 500 Hz. In this study, we will focus on the fan noise attenuation in this 

specific range, and the total noise reduction in the broadband frequency range of 

interest is the main concern during the simulation model.  

 

Figure 5.1  Noise spectra of the modified commercial cooling fan. (a) The back view 

of the AVC cooling fan with the 7 blades and 7 modified struts (b)The 

front view of the fan with the original casing (c)-(g) The spectra 

comparison of the fan noise in the axial direction for different rotational 

speeds 
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5.3 The 3D finite element modeling 

Figure 5.2 shows the 3D configuration of the fan with the noise control by the four 

membrane silencer. It can be divided into three parts: the main duct, the cavity and the 

membrane. For the duct, there are upstream and downstream sides with the same 

cross section of h h× , and a length of 
upL  and 

d
L , respectively. For the cavity, it 

is in the cylindrical shape with radius R and length 
m
L  , and the inner surfaces are 

covered by four tensioned membranes (only the upper one shown here as the blue 

surface for a clear illustration of the inside). Note that it is very difficult to install four 

individual cavities outside the four membranes for the rectangular duct in reality. 

Therefore, the complicated 3D model is constructed with a circular cavity outside for 

convenience and more accurate calculation. 

 

Figure 5.2 Configuration of the 3D simulation model of axial fan inside an expansion 

chamber covered by four tensioned membranes 
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The axial flow fan is regarded as a pure dipole source and placed at the middle along 

the axial direction. The membranes are simply supported at both the leading and 

trailing edges, and the tension is applied along the axial direction. The two lateral 

edges of each membrane can be kept to be free for vibration. Further numerical study 

indicates that there is little difference on the result of the noise reduction performance 

when the lateral edges are fixed but without tension in the spanwise direction. In the 

current calculation, the fixed lateral edges are adopted since they can prohibit the 

acoustical leakage in the practical configuration. The simulation process is performed 

with the aid of the commercial FEM software Comsol Multiphysics ®, which is an 

extended package of MatLab ® to solve the problems for multiphysics modeling.  

The acoustical field of the entire domain satisfies the inhomogeneous Helmholtz 

equation: 

2
( ( ))p q k p Q∇⋅ − ∇ − − = ,                                                (5.3) 

where q and Q  respectively refer to the dipole source and monopole source, which 

are optional.  

The boundary condition on the hard walls is well known, 

0
p

n

∂ =
∂

,                                                                  (5.4) 
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where n  is the local outward normal direction . 

Generally, the boundary condition of the duct exit with terminating impedance Z  

can be expressed in the following form, 

( ) 0
i p

n p q
Z

ω• ∇ − + = .                                                    (5.5) 

The terminating impedance for the realistic radiation condition is usually complex. 

The real part (radiation resistance) represents the energy radiated away from the open 

end in the form of sound waves, and the imaginary part (radiation reactance) 

represents the mass loading of the air just outside the open end. For unflanged and 

flanged open ends, respectively, the empirical formula of the radiation impedance of 

the circular pipe (Levine,1947; Atig,2004)  is 

2

2

1
( ) 0.61

4

1 8
( )

2 3

ka i ka

Z

ka i ka
π

 += 
 +
  ,                                                   (5.6) 

where a  is the radius of the pipe. When a rectangular duct of cross section h h×  

is used, a is assumed to be /h h π×  based on the area equivalence.  

Specially, for the outgoing wave condition of a plane wave,  

1Z =  .                                                                   (5.7) 
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The governing equation for the lower membrane vibration is 

2 2 2

2 2 2
( ) 0m T p p

t x y

η η η
+ −

∂ ∂ ∂− + + − =
∂ ∂ ∂

（ ）

                                (5.8) 

where η  is the membrane displacement, ( )p p+ −−  is the fluid loading on the 

membrane, m is the mass ratio of the membrane to the air and T is the tensile force. 

For harmonic wave excitation on the membrane, the vibration ( , )V x y  is expanded 

into the in vacuo modes of the simply supported membrane expressed by ( , )jl x yϕ , 

( , ) sin( )sin( )jl

m

j x l y
x y

L h

π πϕ = ,                                            (5.9) 

and the vibration can be stated as 

 
1 1

( , ) ( , )jl jl

j l

V x y V x yϕ
∞ ∞

= =

=∑∑
,

                                             (5.10) 

then the amplitude of the vibration mode (j, l) can be obtained from the following 

expression  

0 0

4
( , ) ( , )

m
h L

jl jl

m

V dy V x y x y dx
L h

ϕ= ∫ ∫ .                                  (5.11) 

The index IL is adopted to assess the performance of the silencer on the fan noise 

reduction. It is defined as the loss power resulting from the insertion of the silencer 
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with tensioned membranes. To obtain the best performance of the silencer, the 

frequency ratio 
2 1
/r f f= has been used to find the widest stop-band performance of 

the silencer in Chapter 4, where 
1
f  and 

2
f  are two consecutive frequencies 

between which IL is above a criterion value. However, the ratio can be fairly large for 

a very low 
1
f , thus it may be invalid if using the large value to stand for the broad 

bandwidth. The total transmission loss 
t
TL  was introduced with a low frequency 

based weighting function as the new cost function (Choy, 2009). Such function 

eliminated the undesirable discontinuity of the attenuation.  

In the present study, we place an emphasis on the noise reduction in a specified 

frequency range of 250 Hz to 500Hz based on the measured spectra of the axial flow 

fan. Thus, the total insertion loss 
t

IL is used during the optimization procedure, but 

the coefficient of the weighting function is omitted for simplification since the 

frequency range is fixed. The 
t

IL , which is greatly dependent on the chosen 

frequency range, is defined as 

2

S

10 2

Exp

10log
tr

t

p f
IL

p f

∆
=

∆
∑
∑

,                                                 (5.12) 

where f∆ is the frequency step and 'Str' and 'Exp' denote the straight duct and the 

silencer consisting of the membrane and expansion chamber, respectively. Note that 

the total sound energy before the silencer is inserted should take account into the noise 
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abatement effect of an open end reflection when the performance of a real 

configuration is predicted. 

In all numerical discussions, the parameters are normalized by three basic quantities, 

the fluid density *

0
ρ , the duct height 

*
h and speed of sound *

0
c .  For the sake of 

comparative study with the experiments, two relevant parameters emerge, 

* *

*

0

f h
f

c
=

, 

*

* * * 2

0 0
( )

T
T

h cρ
=

,                                      (5.13) 

where 
*
f and 

*
T are, respectively, the dimensional frequency and tensile force 

applied. In the real configuration used later, the duct height 
*
h is 0.1m. 

5.4 Silencer performance and its optimization 

The performance of noise reduction on a dipole source by the silencer with tensioned 

membranes is investigated numerically. The default configuration comprises a 

membrane with length 3
m
L =  and a cavity with radius 2R = when the 

dimensionless duct height is unity. The optimal performance of the silencer is 

obtained by searching for the optimal tension when 
t

IL is maximum for a specified 

mass ratio of the membrane. 

In the first part, the main duct with an infinite length is studied. Figure 5.3(a) 

compares the overall IL of the present silencer (thick dash dot line) with a pure 
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expansion chamber, which is calculated from the finite element method(dashed line) 

and a simplified plane wave theory(solid line) , respectively. The approximation from 

the plane wave theory on the IL characteristics due to the insertion of the expansion 

chamber was derived in detail by Huang (2010), and the final expression is given as 

follows.  

2

1

2

, 2

1, (2 1)

(1 ) / 2, (2 1) / 2

m

m

m

kL n

W
kL n

W

kL n

α π
π

α π

 =
= = +
 + = +

, where n is any integer.             (5.14) 

Then the insertion loss can be found by 
10 1

10 log ( / )W W in dB, and the spectrum 

pattern is dependent on the relationship between the chamber length and the 

wavelength.  The peak performance is found at zero frequency (DC frequency) when 

the chamber is exactly a multiple of a full wavelength. No change is found when the 

chamber is an odd multiple of half wavelength. Intermediate results appear when the 

chamber length is any odd multiples of a quarter wavelength.  

For the present configuration, as indicated in Figure 5.3(a), the IL for the expansion 

chamber from the plane wave theory and the finite element method both display the 

peak performance at the DC frequency. The peak value can achieve about 20 dB, 

which is conspicuous for such a small configuration. For the current silencer with 

tensioned membranes, the optimal tension is found to be 0.06T = , the  IL  is near 

zero at the very low frequency. However, for the frequency of interest the noise 
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reduction can reach 10dB everywhere from 
1

245f Hz= to 
2

500f Hz= , with a 

bandwidth over one octave. In particular, the averaged noise reduction in the 

frequency range of 300 Hz to 500Hz is about 30dB, which is 10 dB higher than that 

obtained by the expansion chamber. Another main feature is that all the IL value 

approaches zero at around 570f Hz= , the corresponding wavelength is 0.6 m which 

is twice of the default chamber length. In general, the trend here is similar to the 

results discussed in the two dimensional model. Such phenomenon is elucidated 

mainly by the modal impedance components in the coupled system. At low 

frequencies, apart from the high cavity stiffness, the structural stiffness of the 

membrane is increased tremendously when there is tension. This will prohibit the 

sound from penetrating the membrane to the cavity. As the frequency increases, the 

structural impedance will be changed from negative value to near zero. As a result, 

more radiated sound from the dipole can penetrate the membrane to the cavity and 

the cancellation occurs inside the cavity due to the reverberant effect. The dip near  

570f Hz=  mostly results from the divergence of the cavity modes as indicated in 

2D model. Figure 5.3(b) and Figure 5.3(c) display the variation of the 
opt
T  and 

t
IL  with different mass ratios of the membrane m  during the optimization 

procedure, respectively. It is found that 
opt
T  increases with the increment of m , 

and the maximum 
t

IL is obtained when the mass ratio 0.6m = is achieved. The 

characteristic of the linear increase of 
opt
T is the same as the result analyzed in the 
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2D case, but the maximum 
t

IL  occurs at a different mass ratio. It is known that the 

resonant frequency of a tensioned membrane is shifted towards the low frequency 

with increasing m  but towards high frequency with increment of T . For the 

default configuration, this optimal result reflects a delicate coupling between the 

membrane dynamic and the sound field in the frequency range of interest. 

 

Figure 5.3  Performance optimization of the IL for the fan noise suppression by the 

silencer with tensioned membranes (a) Comparison of the IL 

performance of the present model (thick solid dash curve) with the 

chamber only, the results of the chamber model are calculated by using 

plane wave theory approximation (solid curve ) and 3D FEM 

simulation(dash curve) (b) Dimensionless optimal tension against the 

mass ratio of the membrane  (c) Change of
t

IL  as a function of the mass 

ratio 
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Figure 5.4(a) depicts the insertion loss IL while Figure 5.4(b) shows the 

corresponding root mean square vibration velocity of the membrane Vrms. As shown in 

Figure 5.4(a), the peaks of IL are labeled by open squares while the trough points are 

marked by open circles. The corresponding peak of vibration points are also indicated 

by the same symbols in the spectrum. Two dip frequencies of 157.8f Hz=  and 

548.8f Hz=  in the spectrum are exactly those peaks of the vibration. The 

subfigures in the left column of the lower part in Figure 5.4 show the vibration 

velocity distribution at the peak and trough frequencies individually in the growth 

sequence. Meanwhile, the vibration is decomposed into the first in vacuo ten axial 

modes of 1 ~ 10, 1j l= = , and the amplitude contribution of each mode is illustrated 

in the subfigure in the right hand side of Figure 5.4. It can be observed that (1) the 

amplitudes of the vibration velocity at the trough points in Figures 5.4(c) and (i) are 

much larger than those at the peak frequencies in Figures 5.4(e) and (g). This means 

that the vibration is strong to radiate the sound to upstream and downstream of the 

duct; (2) although the 3D effect is observed at the lateral edges of the membrane 

because of the fixed boundary condition, the first two even modes dominate the 

vibration instead of the odd modes, which is the reflection of the dipole characteristics; 

(3) at low frequency, the amplitude component of vibration mainly consists of the 

second mode pattern. As the frequency increases, the coupling effect of the second 

mode with the fourth mode becomes more dominant. In summary, the performance on  
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Figure 5.4 The response of the cavity backed, side branch membrane with

3, 0.065, 0.6
m

L T m= = =  (a) System IL for reference (b) Membrane 

Vibration Velocity (
rms
V ,relative scale) (c) Velocity distribution on the 

membrane at the first IL trough of 157.8f Hz=  in the spectrum (d) 

Modal decomposition of the instantaneous vibration for the first IL 

trough (e) Velocity distribution at the first IL peak of 384.2f Hz=  (f) 

Modal decomposition for the first peak of IL (g) Velocity distribution at 

the second IL peak of 487.1f Hz=  (h) Modal decomposition for the 

second IL peak (h) Velocity distribution at the second IL trough of 

548.8f Hz=  (i) Modal decomposition for the second IL trough  
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the noise abatement by using the control of the dipole noise source directly depends 

on the sound radiation of the membrane vibration. The analysis of the modal 

radiation contribution demonstrates the strong radiation ability at the vibration peaks. 

The radiation is determined by the interactions between the sound and the membrane 

in terms of the structural properties. In addition, the system resonance is not 

necessarily good for the noise reduction because of the strong radiation ability 

towards outside.  

In the second part, to assess the performance of the silencer in practice, the IL is 

recalculated when the empirical expression (cf. Eq. (5.6)) of the real impedance for 

the unflanged open end of the finite duct is imposed as the boundary conditions of the 

duct exit. The dimensionless length of the upstream and downstream ducts is 6.5, 

which is also to be used in the experiments later. For the membrane with a fixed mass 

ratio of 0.6m = , the variation of the total insertion loss 
t

IL with the tension is 

depicted in Figure 5.5(a). The maximum 
t

IL of 28dB denoted by the open circle is 

achieved at a very low tension. The effect of the tension on the IL spectrum is 

cascaded in Figure 5.5(b), in which the dashed straight line stands for a noise 

reduction of 10dB for reference. With the optimal tension, the desirable IL  can 

reach at least 10 dB in the frequency range of 280 Hz to 520 Hz, which covers the 

different blade passing frequencies in Sec. 5.2. As the tension increases, the 

frequency range in which the considerable noise abatement appears is shifted 
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towards high frequencies. This is attributed to the change of structural impedance at 

different tensions. In addition, the IL patterns at high frequencies for all tensions 

are similar, which means the tension effect is weak at 700f Hz>  . Concerning the 

non existence of the frequency shift therein, the potential reason for such behavior is 

reflection effect at the exit of ducts.   

 

Figure 5.5  Insertion loss of the silencer with a real open end impedance (a)The total 

insertion loss 
t

IL  as a function of T  (b) Comparison of the IL  spectra 

for different tensions  
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5.5 Experimental validation 

The main objective of the experimental study is to verify the simulation model 

established and demonstrate the feasibility of the axial flow fan noise reduction in 

practice. Two steps are carried out in the current configuration. Firstly, a small 

loudspeaker of 75 mm in diameter is utilized to simulate the dipole sound radiation. 

Secondly, a commercially available axial flow cooling fan is adopted for checking its 

feasibility in the real application. The effect of the impedance at the exit is also 

considered. The open end condition is applied in the current situation. As shown 

below, the description of the experimental configuration is based on the latter test 

since it is simply a replacement of the fan by the loudspeaker. 

5.5.1 Experimental rig 

The experimental set up is illustrated in Figure 5.6. The rectangular duct wall is made 

of 15 mm thick acrylic and is considered to be acoustically rigid. The cross section of 

the main duct is100 100mm mm× . The first cut on frequency in the rigid duct is about 

1700 Hz which is much higher than the upper limit of the measured frequency range. 

The outside circular cavity has a radius of 200mm and the length was 300mm, which 

is the same as the membrane length. When the chamber is sandwiched in the middle 

of the whole duct, the upstream and downstream segments are 650mm long. The 

inner surfaces of the cavity are covered by four membranes tensioned along the axial 
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direction. The membrane is made of stainless steel from Precision Brand®, and has a 

dimension of 300mm long, 100mm wide and 0.025mm thick. The density is 

3
7.8 /g cm  and the Young's modulus is 193GPa .   

The leading edge of the membrane is simply fixed and the trailing edge is stretched 

and attached to a moveable tensile machine, for which the design details are given in 

(Choy and Huang, 2002). The tensile force applied is calculated as *
T A Eε= , 

where 
*
T  is the dimensional tension, A is the cross section of the membrane , 

E  is the Young's modulus and the strain ε  is measured by virtue of a strain 

gauge glued to the surface of the membrane. The strain gauge type is FLA-3-11-1Lt, 

which can compensate the temperature change of the membrane during the vibration. 

The mass ratio of membrane is approximated as * * *

0
/ ( ) 1.4m M hρ= = , and used in 

the numerical prediction. 

To eliminate the flow and acoustic leakage, the lateral edges of every two 

membranes are covered with a small flat plate of L shape so that the effective width of 

the membrane becomes 98mm. Then, the lateral edges are entirely glued to the small 

plates of L shape without any stress in the span-wise direction. It is believed that such 

little reduction in width has little influence on the performance in the experiment. In 

addition, the flow velocity measured by traversing a hot wire probe across the inlet 

section of the duct suggests that the average flow velocity generated is lower than 
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6m/s. Therefore, both acoustic and cross flow leakage through the gaps is very weak.   

As shown in Figure 5.6, the radiated noise is measured both at 20cm upstream and 

downstream of the open end symmetrically, and the microphone position is offset by 

3cm from the center line with a deviated angle of 30θ = °  from the near-side duct 

opening plane . The offset distance is far enough to satisfy the inverse square law . 

One pair of 1/2-in. microphones of B&K type 4189 are used and supported by Nexus 

Conditioning Amplifier type 2693. The maximum flow speed generated by the fan is 

5.6m/s in the duct and 2.5m/s at the exit measurement point of the microphone. 

When using windscreen, such small effect of the noise can be neglected. The 

windscreen effect was investigated by T.D. et al(2005) and Frede(1966)，the results 

indicated that when the flow speed is below 9m/s for B&K microphones , good 

signal to noise level is obtained. Besides, the angle of 30° can eliminate the flange 

effect and reduce the flow effect. The noise radiation of sinusoidal signal is simulated 

by a loudspeaker connected to the Function Generator Hioki 7075 via a power 

amplifier (B&K Type 2716C), while the fan is controlled by a regulated power supply. 

Windscreen is also used during the fan noise measurement for the sake of the flow 

effect. The signals from the microphones are acquired through AD converter (NI 

DAQ Card 6062E). The process is controlled by a Matlab® program and the 

measured frequency ranges from 110Hz to 1500Hz with an increment of 10Hz for the 

loudspeaker test.    
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The difficulty and concept of the modification for the simulation of a perfect dipole 

source by the real fan in the axial direction (as shown in Figure 5.1) is revealed in 

Section 5.2. The fan rotor has a diameter of 82.5mm and the outside frame has a 

dimension of 92 92 38mm mm mm× × . The fan assembly is held as a cantilever by a 

very rigid cylinder, as shown in Figure 5.1(a), the position of the fan is adjustable 

along the axial direction and the other end of the cylinder is clamped. The sound 

radiation from the source placed at the center of the straight duct (or silencer) is 

measured at the exits of both the upstream and downstream as
up

p and 
dn
p by two 

microphones at the given points outside the duct symmetrically. Besides, the sound 

radiated from one near open end of the duct can reach the microphone located on the 

other far side, but such cross influence is assumed to be very small.  

 

Figure 5.6  The experimental configuration with two microphones at the two exits of 

the duct 
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5.5.2 Signal processing  

In the experiment, the main index  IL  to quantify the performance of the silencer 

is defined as the difference of the sound pressure levels measured at the fixed points 

between the two configurations of the straight duct and drum like silencer, 

respectively. In reality, the radiation from the loudspeaker and the fan is not an ideal 

dipole. It is evitable to extract the dipole part of the noise source from the real source 

during the signal processing. The radiated sound approaching the two openings is 

plane wave when the duct is long enough. Reflected sound is also scattered by the fan 

blades and the junctions, and combined with the radiation from the induced vibration 

of the membrane. Technically, it is very difficult to decompose all wave components 

in such a complex environment for the coupled system. Nevertheless, it is probable to 

model the whole coupled configuration of the cavity backed membrane and the fan as 

an equivalent source. We follow the decomposition procedure in (Huang, 2010), the 

radiation of the source is then considered to consist of two parts, one dipole with 

anti-phase relation in the upstream and downstream regions, and the other monopole 

with in-phase relation. The pressure component is a function of the reflection 

coefficient of the open ends, and the pressure ratio between the two 

microphones(pup/pdn). The expressions are applied here, two kinds of IL are 

employed for the experiment, one for the raw data 
up

p directly at upstream 

measurement point and the other for the dipole radiation 
d

p  after decomposition, 
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written as 

10 10
20log , 20log

up dstr str
up d

dup membmemb

p p
IL IL

pp
= =

,                         (5.15) 

where 'str' and 'memb' denote the data measured with the straight duct and the 

membrane type silencer, respectively.  

5.5.3 Experimental results and discussions 

In the first step, a small loudspeaker is used to simulate the dipole source instead of 

the fan. Roughly speaking, the comparisons between the predicted and the 

experimental result show a satisfactory agreement except for the very low frequency 

range of 100Hz to 250Hz and this confirms the validation of the numerical 

simulation. The curves seem to be smoother than those of the real fan as shown in 

Figures 5.7 and 5.8. This may be due to the pure sinusoidal signal by the generator 

compared with the noise components from the fan. Besides, there exist some 

fluctuations in the insertion loss spectrum at the low frequency range. The main 

reason possibly comes from 1) the damping at the lateral edges in the real 

configuration; 2) the minor difference of the tension on the four membranes and 3) 

the low frequency limit of the loudspeaker performance, which is too small to produce 

a good frequency response at low frequencies. The tension may not be the optimal 

value but for the purpose of the comparison only. The dashed straight line denotes a 
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noise reduction of 20dB as a reference IL value. 

Focusing now on the experimental data for the loudspeaker test, it can be noted in 

Figure 5.7(a) that the sound pressure level of the extracted dipole radiation for the 

straight duct configuration (dashed line) is mostly higher than that for the silencer 

with tensioned membranes (solid line), especially within the frequency range below 

900Hz. The upper frequency limit is given as 1500Hz, which is slightly lower than the 

first high order cut on frequency of 1700Hz but at least covers the first three orders of 

the blade passing frequencies of the fan in the current study.  The raw IL measured at 

the upstream point, 
up

IL , shown in Figure 5.7(b) as the solid line, is compared with 

the prediction for the pure dipole model as indicated in dashed line. By and large, the 

experimental data agrees well with the calculation although some deviations occur at 

very low frequencies, especially at the first two trough points. Such difference may 

be attributed to the damping ratio in reality because the sound radiation is reduced 

by the damping, particularly at the lateral edges, and thereby IL increases. When the 

dipole extraction scheme is adopted, the IL of the dipole component, 
d

IL  , is 

exhibited as the solid line in Figure 5.7(c). It is obvious that the new curve is much 

closer to the numerical prediction in terms of the overall IL level and the spectral 

pattern except near f=300Hz. Such discrepancy also exists in the ducted fan 

measurement, and it is attributed to the whole system resonance. The noise 

abatement can reach an averaged value of 30 dB in the frequency range of 320Hz to 
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420Hz at a tension of T=0.15 (dimensional tension:220N).    

 

Figure 5.7 Comparison between the prediction and the experimental result for the 

loudspeaker as the dipole source (a) Spectra of the dipole sound radiation 

at the exits of both straight duct and the chamber duct (b) Comparison of 

the measured insertion loss at the upstream exit of the duct with the 

numerical prediction (c) Comparison of the same measured insertion loss 

after decomposition by the plane wave theory with the numerical 

prediction 

Correspondingly, the experimental results for the fan test at the same tensile loading 

on the membrane are shown in Figure 5.8, which is presented similarly as Figure 5.7. 

The most prominent difference is the sharp peaks, which are the multiples of 400Hz in 

the present example, due to the blade passing events. The great difference appears at 

the first two blade passing frequencies of the fan in the sound pressure level spectrum   
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Figure 5.8  Experimental validation of radiated noise control of the real axial flow 

fan as the dipole source (a) Spectra of the fan noise radiation at the exits 

of both straight duct and the chamber duct (b) Comparison of the 

measured IL at the upstream exit of the duct with the numerical result (c) 

Comparison of the same measured IL after decomposition by the plane 

wave theory with the numerical prediction 

in Figure 5.8(a), in which the noise is expected to be reduced. The raw IL for the 

upstream measurement point is compared against the prediction as shown in Figure 

5.8(b). There is a broad agreement of the basic trend between the two but one 

difference occurs just below 400Hz. It is believed that such disagreement is mainly 

caused by the discrepancy between the simulation model of the dipole radiation and 

the real fan. This is further proved by Figure 5.8(c), where the dipole extraction 

procedure is executed. The experimental IL curve has much closer agreement with the 
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prediction with regard to the overall level and the spectral pattern has been improved a 

lot. It is apparent that the fan noise can be suppressed successfully and significantly by 

40 dB at the first BPF of 400 Hz, meanwhile by 20 dB at the second BPF of 800Hz as 

well.   

5.6 Conclusion  

This chapter emphasized on the experimental validation for the numerical simulations 

of the fan noise reduction by the silencer with tensioned membranes from a dipole 

point of view. The numerical methodology is briefly described in a 3D model, and the 

performance of the noise abatement is discussed for the acoustic configuration of both 

finite and infinite ducts. The experiment conducted in the real duct comprises two 

individual tests of different dipole sources, one being the loudspeaker and the other 

being the radiated noise from the axial flow fan. The following conclusions are 

derived from the results and the analysis. 

(1) Based on the measured noise spectra of a real axial flow fan, the optimal 

performance of the noise reduction is investigated in the frequency range covering the 

blade passing frequencies with various rotational speeds. The numerical results imply 

that, for the current silencer with infinite length duct, the IL in the frequency range of 

interest achieves 10dB higher on average than that obtained by a pure expansion 

chamber.   
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(2) The good performance of the silencer directly results from the sound radiation 

control of the membrane by the dipole source. The radiation contribution towards 

outside is mainly determined by even modes of the induced membrane vibration, 

which reflects the dipole characteristic of the noise source. Such interactions between 

the sound and the membrane are related to the structural properties. . 

(3)  As for the real duct, it is finite with both ends open to the environment, thus the 

standing waves form at the upstream and downstream ducts due to the end impedance. 

The reflection has a pronounced effect on the IL pattern at high frequencies. As to 

the first real duct experiment, the result by using the loudspeaker as the dipole source 

has a good agreement with the predictions when the boundary condition of a real 

impedance is installed. Therefore, the numerical method is verified. 

(4)  For the practical application of the noise reduction on the axial fan, although 

the raw IL implies that the dipole characteristic of the fan noise is not ideal, the IL 

pattern is generally consistent with the predictions. Further, the agreement is 

considerably improved when the dipole component of the fan noise radiation is 

extracted from the raw data. It is found that the noise reduction can achieve about 40 

dB and 20dB for the first and second blade passing frequencies, respectively. Besides, 

the optimal tension is found to be low so that it is easier to achieve and implement in 

practice.   
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Chapter 6 Conclusions and recommendations 

6.1 Conclusions 

The features and mechanism of the flow-induced vibration of the tensioned 

membrane in the duct has been studied extensively. In addition, the feasibility of 

developing a silencer with the tensioned membrane to control noise source with flow 

has also been investigated. The configuration shares the feature of drum-silencer but 

the working principle to reduce noise and its usage are totally different. It is proved 

that such tensioned membrane can abate the axial fan noise radiation in the duct 

effectively. The axial fan is considered as the dipole sound source. The coupling 

between the dipole source, acoustic loading attributed to the backed cavity and the 

membrane has been investigated. The performance of such silencer has been studied 

numerically and experimentally. 

In order to describe the phenomena of flow induced vibration, the characteristics of 

the wall pressure is examined to distinguish the aerodynamic and acoustic loadings 

under flow. These two components are resolved through the analysis of the correlation 

of the pressure fluctuation of any two points of the wall surface. By comparing the 

frequency range of the energy distribution of these two components in the pressure 

wave number frequency spectrum, it is found that the dominant excitation force on the 

membrane is aerodynamic and it becomes more obvious as the flow speed increases.  
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The flow-induced vibration of the tensioned membrane is characterized in terms of 

the critical flow velocity and the modes of vibration. In order to render the free 

boundary condition of the membrane, there is a very thin gap between two edges of 

the membrane and the surface of the duct walls. In this regard, there are two different 

aerodynamic excitation mechanisms. The air passing by the membrane in the axial 

direction is called axial-flow, and the flow leakage through the gap tangentially is 

named cross-flow. The occurrence of instable vibration was found when the flow 

speed exceeds a critical value. The critical flow speed was found experimentally for 

both air flow effect on the tensioned membrane. In particular, for the cross flow model, 

the experimental results of the critical velocities agree well with the modified 

predictions from the potential theory.  

The modal vibration of the membrane was measured quantitatively. For the 

membrane with axial-flow, several peak frequencies can be observed obviously in the 

spectrum in case of flow-induced vibration. The peaks are attributed to the dominance 

of first and second mode of vibration. For the membrane with cross-flow, the higher 

order modes of vibration are found to be more obvious when the flow speed increases. 

In addition, the peak frequency will be higher when the tensile force in axial direction 

or the flow speed increases. Findings from the study of the flow-induced vibration 

provide guidelines on the design of membrane-type silencer.  
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On the other hand, the two-dimensional numerical model has been performed on the 

application of the silencer with tensioned membranes to dipole noise source control, 

in which the noise source is located at the center of the silencer along the axial 

direction. The optimization procedure aims to obtain the maximum stop-band of the 

noise reduction in the low frequency range below 500Hz. The frequency range is 

specified with the reference to the BPF of a real axial flow fan. The IL spectrum for an 

infinite length duct has been investigated, and at the optimal tension the noise 

reduction of 10 dB is reached over an octave band which covers the frequency of 

interest. The noise abatement of 10 dB refers to the maximum noise reduction 

obtained by the pure expansion chamber with the same cavity size as the silencer. The 

good performance results from the cancellation effect of the dipole controlled noise 

inside the cavity, while the sound penetration into the cavity is dependent on the 

structural impedance of the membrane. In contrast, no noise reduction occurs under 

the condition of strong radiation ability of the membrane vibration.   

Finally, the experiments have been conducted on a real configuration of the axial flow 

fan with a cylindrical cavity covered by four tensioned membranes. A 3D numerical 

model has also been constructed for the accurate prediction. The simulation on the 

original fan has been modified to achieve the best dipole feature based on the theory. 

The total noise reduction in a specific frequency range has been optimized. And the 

frequency of interest is referred to the first BPF of the axial flow fan under different 
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rotating speeds, e.g.250Hz to 500Hz. For the low frequency range, the noise reduction 

of the silencer outperforms that of the pure expansion chamber obviously by as much 

as 10 dB. Special designs at the lateral edges of the membrane have been considered 

concerning the instability findings. The experimental results from both loudspeaker 

and the fan noise as the dipole source show a satisfying agreement with the numerical 

predictions.  

6.2 Suggestions for future studies 

For the main work in this thesis, the first part focuses on the instable vibration of a 

flexible wall subjected to flow, which is essentially a fluid structure interaction 

problem. And the second part develops the application of the expansion chamber with 

tensioned membranes to a dipole noise source control. On the basis of the current 

study, future work can be carried out in the following areas to fully understand the 

mechanism of the vibration instability of a flexible panel under flow and to extend the 

control application of the dipole noise source in the duct system. 

(1) As far as the instability of the flow past the flexible panel is concerned, the 

boundary conditions at leading and trailing edges of the panel play a vital role in the 

critical velocity results and vibration modes. The prediction of the critical velocity for 

the flow past a tensioned membrane is scarcely seen in the literature, particularly for a 

real flow condition. The theoretical model is expected to be of great help to illustrate 
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the complicated coupling among the flow, the structure vibration and even the sound.  

(2) As for the cross flow past the membrane, it resembles the classical model of flow 

past the cantilevered free flexible panel to some extent. From the fluid point of view, 

the flow perturbation from the upstream will dramatically affect the critical velocity, 

such as a sharp leading edge. Disturbances from various upstream flow conditions 

consequently become important concerns that can be developed for the future 

studies. 

(3) Although at least two cavity backed membranes are commonly used in parallel for 

the real configuration, the distance between the two panels may control the instability 

in the coupled system, in particular for a small distance where the flow is confined. 

When the two membranes have an angle deviation from each other, the confined flow 

may be limited in a tapered type. 

(4) For the dipole noise control by the silencer with tensioned membranes, the sound 

source is located at the center of the configuration, and the sound propagation is 

controlled in a symmetric way. However, the interest can be focused on the location 

of the source since the noise reduction mainly results from the sound reflection and 

cancellation. The cancellation is dependent on the phase relationship of the 

propagated waves towards the upstream and downstream, while the phase 

relationship is determined by the change of the location. Therefore, a detailed study is 
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needed to illuminate the cancellation process with regard to the phase relationship. 

(5) To facilitate the sound penetration into the cavity,  helium will be filled inside the 

cavity. Helium gas does not only reduce the cavity mass and the tension but also 

greatly diminishes the cavity volume. This acoustical advantage is also expected to be 

effective in the new application.  

(6) Similar to the development of the plate silencer, the replacement of the tensioned 

membrane by the plate can be adopted for further study on the control of the dipole 

noise source. The sound cancellation is expected to be very effective with the optimal 

structural impedance of the plate. The bending stiffness of the plate may not be very 

high according to the result of the low tension on the drum silencer. The pressure loss 

can also be eliminated by the uniform cross section of the duct. 
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